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Abstract____________________^______________________[I

Abstract

Continuous design and improvements in performance of roller bearings have resulted in an 
increased power transmission whilst size and spatial requirements have been reduced. 
Radial cylindrical roller bearings have followed this trend and due to their high performance 
characteristics (such as high loading capacity and high rotational speed capabilities), they 
have obtained a firm place as high performance machine elements. An essential 
characteristic of a radial cylindrical roller bearing is the minimisation of frictional torque for 
particular operating conditions.
In spite of these improvements in design and operation the bearing frictional torque is still 
usually calculated according to the Palmgren method first published in 1957. However, as a 
result of the increased performance of radial cylindrical roller bearings and a corresponding 
wider range of application this Palmgren method is insufficiently accurate for the prediction of 
frictional torques in modern bearings. Whilst the literature review in this thesis identified a 
variety of bearing frictional torque calculation methods, most of these methods are based on 
various ball bearing designs and are not necessarily applicable to cylindrical roller bearings 
types. As a result an accurate frictional torque prediction method is required for radial 
cylindrical roller bearings because of customer's demands.

Consequently, the current project is combined with the development of a method of 
frictional torque prediction (FTP - Method), which enables the frictional torque of purely 
radially and radially and axially loaded radial cylindrical roller bearings to be calculated 
accurately. The FTP - Method is based on the physical effects producing the frictional torque 
in a bearing, such as the EHL - theory and a contact analysis to determine raceway rolling 
resistance, and in addition takes into account the frictional forces of the rib / rolling element 
end face rolling and sliding contact. Comprehensive experimental tests have been 
undertaken on different radial cylindrical roller bearing designs (including cage guided and 
full complement types) for a minimum of three different sizes to validate the derived 

equations.
Good agreement was obtained between the predictions according to the FTP - Method 

and the measured test data for the frictional torqye of both radially and combined loaded 
bearings. Moreover, the thermal reference speed and the thermal limiting speed of a radial 
cylindrical roller bearing can be readily calculated for any operating condition using an 

explicit equation in the radial part of the FTP - Method.
The thesis also presents a calculation program to illustrate a method of bearing design 

based on the thermal balance within a bearing. The bearing is initially pre-selected according 
to its life time requirements using a life time calculation. After the lubrication method has 

been defined a thermal balance can be used to design the bearing.
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Notation VII

0 Notation

Symbol

A

A*

AL....A6

AIR

AOR

As

Anb

Aribj

B

B 

Ci ..... C4

Ci ..... Cio, CR

c
Co

D

Do

D,

Drace

E

E

E'

F

F

FEHL

Unit

—

-

-

m2 , mm2

m2 , mm2

m2, mm2

m2 , mm2

m2 , mm2

m, mm

-

-

N

N

m, mm

m, mm

m, mm

m, mm

m, mm

N/mm2

N/mm2

m

N

N

Explanation

factor dependent on bearing design

factor of the viscosity temperature equation

experimental determined factors according t 
Clark's frictional torque equation

contact surface at the inner ring rib

contact surface at the outer ring rib

bearing seating surface

rib contact surface

rib contact surface of rolling element no j

width of the bearing

operating parameter 

factors according to the calculation program
on the FTP - method

coefficients according to Jarchow and Liang

basic dynamic load rating

basic static load rating

outer ring diameter

bearing raceway diameter

outer ring rib diameter

bearing raceway diameter

outer ring raceway diameter according to IN 
catalogue

Young's modulus

equivalent Young's modulus

inner ring raceway diameter

load on a bearing

frictional force due to EHL shear stress

0

based

A



Notation VIII

Symbol

F,R

FOR

FL

FN

Fa

Fai

F3Ri

Famax

•"aperm

r asp

Fa;
F,

F,

Fmr

Fr

Fr*

Fr,a

Fres

Fr,iso

Fro

Fr, EHL

Fr,IR,iso

Unit

N

N

N

N

N

N

N

N

N

N

g
N

N

N

N

g
N

N

N

N

N

N

Explanation

friction force between rolling element and 
ring

friction force between rolling element and 
ring

resultant bearing load

resultant reaction force

axial load

inner

outer

force acting between bearing rib and rolling 
element end face

frictional force acting against rolling direction 
caused by the force Fai

limiting axial load

permissible axial load

frictional force due to asperity contact of a 
element

resultant axial bearing load

centrifugal force

inner load of a bearing

force vector

radial load

resultant radial bearing load

frictional force due to the asperity contact 
rolling element

resultant bearing load

isothermal resistance force

rolling resistance force

rolling

fora

traction force due to EHL lubricant shear stress

inner ring rolling resistance force of isothermal

pr,IR,j 

Fr,OR,iso

N 

N

EHL line contact

friction force of the inner ring raceway due to 
rolling element no j

outer ring rolling resistance force of isothermal 
EHL line contact



Notation

Symbol

Fr.ORj

Frib

Fs

FS.IR

FS.OR

FS.OI FSi j

F,

G

Gi, G2

G L

Ir

K

KI, K2

K*

Ka

Kc

Kop

Krad

U

L

M,MD

Mo

M 1

M2

Unit

N

N

N

N

N

N

N

—

-

N/mm2

N

-

-

-

-

-

-

—

-

H-m

Nm

Nm

Nm

Nm

IX

Explanation

friction force of the outer ring raceway due to 
rolling element no j

frictional force of rib/rolling element end face 
contact

friction force due to sliding

friction force due to sliding and asperity contact of
inner ring raceway

friction force due to sliding and asperity contact of 
outer ring raceway

friction forces due to sliding and asperity contact of 
the raceways

tangential force

dimensionless material parameter

bearing design parameter according to the Timken 
catalogue

limiting elastic shear modulus

radial integral

bearing design factor according to the Timken 
catalogue

factors for reference speed calculation according 
to the Palmgren method

thermal conductivity of lubricant

axial bearing factor for radial cylindrical roller 
bearings

factor of correlation

Ubbelohde factor

radial bearing factor for cylindrical roller bearings

thermal loading parameter

absolute value of the negative clearance

driving torque

frictional torque of an unloaded bearing dependent 
on the speed and viscosity

frictional torque dependent on the radial load

frictional torque dependent on the axial load



Notation

Symbol

MA*

MBS

Mcz

Mra

MEZ

MIR

MOR

MR

MR1

MR2

MR ,a

MR|Calc

Mfl.meas

Mp.rad

MR,rad,curr

MR,stact

MR.tot

MT

Moons

Mcup

Mrace

Mr

Unit

Nm

Nm

Nm

Nm

Nm

Nm

Nm

Nm

Nm

Nm

Nm

Nm

Nm

Nm

Nm

Nm

Nm

mg.mm

Nm

Nm

Nm

Nm

Explanation

irreversible deformation work of the balls

rolling friction between the bearing rings and the 
balls

drilling friction between the bearing rings and the 
balls

sliding friction between the bearing rings and the 
cage

sliding friction between the balls and the cage

frictional torque acting from the inner ring to the 
balls

frictional torque acting from the outer ring to the 
balls

total frictional torque

total frictional torque according to the measured 
point 1

total frictional torque according to the measured 
point 2

axial frictional torque according to the FTP - 
method

calculated frictional torque according to the FTP - 
method

measured frictional torque

radial frictional torque according to the FTP - 
method

radial frictional torque according to the FTP - 
method based on the current operating viscosity

total starting frictional torque

total frictional torque of a radially and axially 
loaded radial cylindrical roller bearing

running frictional torque

bearing frictional torque from the cone contact

bearing frictional torque from the cup contact

bearing frictional torque from the raceway contact

friction moment due to the approximate elliptical
area of rib/rolling element end face contact



Notation XI

Symbol

Ma,statt

Mr,start

Mnb

M,ot

N

N,n

NOR

NR

Na

Njnput

Noutpul

Nnb

Ny

Oa

Orad

P

P

PIR

POH

PHZ

Po

Po

PMR

Pf.OR

Px

Pxl

Unit

Nm

Nm

Nm

Nm

N

N

N

W

N

W

W

N

N

—

—

-

-

N

N

N/mm2

N

N/mm2

N

N

N

N

Explanation

axial load dependent starting frictional torque

radial load dependent starting frictional torque

frictional torque due to rib/rolling element end face 
contact

total frictional torque of a tapered bearing

total normal load

normal force acting on the inner ring raceway 
contact

normal force acting on the outer ring raceway 
contact

power according to frictional losses

load supported by asperity contact

input power

output power

normal force of rib/rolling element end face contact

resultant force in y - direction

axial operating index

radial operating index

contacting surface according to the Hertzian 
pressure distribution

equation (6-51)

resultant force acting on the inner ring raceway

resultant force acting on the outer ring raceway

Hertzian contact pressure

static equivalent load of the bearing

yield pressure of the metal

pressure force of inner ring contact along rolling 
direction

pressure force of outer ring contact along rolling 
direction

summation of resultant forces in x - direction

resultant force in x - direction at contact 1



Notation XII

Symbol

Px2

Q

Qi

Qa

Qai

Qr

Q

Qc

QL

QS

RI> Ra> RS

RC.OR

RC.IR

R,

Ro

RR
R'

Ra

Re

Re,i

Re,o

Rrib

S

SL

Sa

Unit

N

N

N

N

N

N

W

W

W

W

m, mm

m, mm

m, mm

m, mm

m, mm

m, mm

m, mm
-

m, mm

m, mm

m, mm

m, mm

—

m, mm

_

Explanation

resultant force in x - direction at contact 2

single radial load of a rolling element

single radial load of the rolling element no i

single axial load of a rolling element

single axial rolling element end face force of rolling 
element no j

single radial load of a rolling element

total heat flow

convective heat transfer

heat dissipated by the lubricant

mean heat flow through the bearing seating 
surface area

contacting radii

outer ring cage radius

inner ring cage radius

reduced curved radius inner ring raceway/rolling 
element contact

reduced curved radius outer ring raceway/rolling 
element contact

radius of a rolling element

reduced curved radius raceway/rolling element

composite surface roughness

effective curvature radius in the direction of 
lubricant flow

equivalent radius of the cone rolling element 
contact

equivalent radius of the cup rolling element contact

radius of rib/rolling element end face contact

ratio of sliding to rolling velocity

operating bearing clearance

safety factor



Notation XIII

Symbol

Sa 

Sr

Unit

So

u
VL

w
Ws

a

a

a

b

b

bo, b! , b2 , b3

betf

c

CR

d

di

dM

dR

SIR

e

©OR

N/mm2

—

l/min

—

W/K

m, mm

m, mm

-

m, mm

-

-

m, mm

-

N/mm

m, mm

m, mm

m, mm

m, mm

m, mm

m, mm

m, mm

Explanation

size dependence function of axial starting frictional 
torque

size dependence function of radial starting 
frictional torque

critical shear stress for the metal 

dimensionless speed parameter 

oil flow rate

dimensionless load parameter

heat transfer

centre distance

large half axis of the Hertzian pressure surface

factor for radial frictional torque prediction

factor for radial frictional torque prediction based 
on the constant exponent b = 0.7

small half axis of the Hertzian pressure surface

exponent for radial frictional torque prediction 
determined by experiments

exponents for frictional torque prediction 

effective sliding surface width 

bearing design dependent exponent 

spring rate of a rolling element 

bearing bore diameter 

inner ring rib diameter 

mean bearing diameter 

rolling element diameter

offset of centroid of pressure distribution of inner 
ring contact

offset of load acting point

offset of centroid of pressure distribution of outer 
ring contact

factor dependent on the curvature radii



Notation XIV

Symbol

fo

fo*

fl

Unit

fa 

fb

w

ilribjso

IC.OR

IC.IR

ID.OR

N

m, mm

h

h

hpern,

hc

hnom

hrib

m,

m,

m,

m,

m,

m,

mm

mm

mm

mm

mm

mm

m, mm

Explanation

bearing factor for frictional torque calculation 
dependent on the speed and viscosity

bearing factor for frictional torque calculation 
dependent on the lubrication and the bearing type

bearing factor for frictional torque calculation 
dependent on the radial load

bearing factor for frictional torque calculation 
dependent on the axial load

axial load dependent frictional coefficient 
according to the FTP - method

0,0048 for cage guided cylindrical roller bearings

0,0061 for full complement cylindrical roller 
bearings

unit vector of the frictional force

factor for covering the bearing clearance

displacement of contact point within the rolling 
contact

bearing factor dependent on the load direction

gap width between cage and ball

oil level

permitted oil level at the oil input side

centre film thickness of rib / rolling element end 
face EHL contact

nominal height of a lubricant

central lubricant film thickness within an EHL line 
contact

isothermal central lubricant film thickness within an 
EHL line contact

number of rolling element rows

transmission ratio of a relative speed between 
cage and outer ring

transmission ratio of a relative speed between 
cage and inner ring

transmission ratio between drilling speed and 
bearing outer ring speed



Notation XV

Symbol

ID.IR

JR

Unit

k 

k 

k

i, k2 ,

kv

Rq

I
IR

left

m 

ma

ma

m r

n

n

nB

nc

W/(m • K)

W/(mm2 K)

m, mm 

m, mm 

m, mm

nIR, min

rpm 

rpm 

rpm 

rpm 

rpm 

rpm

Explanation

transmission ratio between drilling speed and 
bearing inner ring speed

transmission ratio between the rolling elements 
and bearing rotation axis

exponent dependent on the bearing size for the 
axial frictional torque prediction according to the 
FTP - method

heat conduction coefficient

bearing type factor

exponent dependent on the bearing size

bearing calculation factors

bearing size factor

bearing lubrication factor

coefficient dependent on the amount of oil

coefficient of heat transition in the bearing surface 
area

length of the outer ring raceway 

length of a rolling element 

effective length of a rolling element

bearing factor dependent on the axial flooding 
surface

relative hydrodynamic rolling torque according to 
Snare

factor of axial starting frictional torque calculation

factor of radial starting frictional torque calculation

number of single measurements

rotational speed

bearing reference speed

cage rotational speed or rolling element set speed

bearing limiting speed

rotational speed of the inner ring

minimal rotational speed of the inner ring



Notation XVI

Symbol

nR 

na

Unit

rpm

Explanation

rotational speed of a rolling element 

exponent of axial starting frictional torque

nr

P 

P

P 

Pi

Pi

Pmax 

Poll

q
q

s 

s

Sax 

Sc 

srad 

t

t

N 

N/mm2

N/mm2 

N/mm2 

N/mm2

m, mm 

m, mm 

m, mm 

m, mm

m, mm

m, mm 

m, mm 

m, mm

calculation

exponent of radial starting frictional torque 
calculation

unit vector of direction

difference between atmospheric pressure and 
vapour pressure

factor for axial frictional torque prediction 
according to the FTP - method

factor for axial frictional torque prediction 
according to the FTP - method based on the 
constant exponent r = -0.2

pressure calculated from Reynolds equation 

maximum hydrodynamic pressure 

lubricant pressure 

exponent of spring suspension

bearing size exponent of radial frictional torque 
prediction

exponent for axial frictional torque prediction 
determined by experiments

radius of the rolling element 

mean bearing radius 

relative bearing radius

radius of rib contact point to rotating bearing 
centre

bearing clearance 

standard deviation 

bearing axial clearance 

height of the cage 

bearing radial clearance 

factor t - distribution 

running time
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Symbol

tlub

U

U

Ui

U2

Ui

U2

Um

U r

Urib

UR,end

V

Vi

V2

Vm

Vi

V2

vc

VIR

VOR

VR

W

W

WT

Unit
°C

m/s

m/s

m/s

m/s

m/s

m/s

m/s

m/s

m/s

m/s

m/s

m/s

m/s

m/s

m/s

m/s

m/s

m/s

m/s

m/s

N/m

m/s

m/s

Explanation

temperature of lubricant

effective hydrodynamic sliding speed

velocity component in x - direction

velocity component of contact partner 1 in x - 
direction

velocity component of contact partner 2 in x - 
direction

circumferential speed at the inner ring raceway

circumferential speed at the rolling element

middle circumferential speed

rolling velocity

bearing rib speed

speed of the rolling element end face relative to 
the contact centre

velocity component in y - direction

velocity component of contact partner 1 in y - 
direction

velocity component of contact partner 2 in y - 
direction

displacement flow speed

displacement flow speed in rolling element 
direction

displacement flow speed in inner ring direction

circumferential cage velocity

circumferential inner ring velocity

circumferential outer ring velocity

circumferential velocity of a rolling element

load per unit width of line contact

velocity component in z - direction

velocity component of contact partner 1 in z - 
direction

W2 m/s velocity component of contact partner 2 in z - 
direction
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Symbol Unit Explanation

x, y, z - exponents of Gafitanu's equation

x - arithmetic mean

yb rn, mm meniscus distance

z - number of rolling elements

za - axial load dependent bearing type factor

zr - radial load dependent bearing type factor

AFa N inaccuracy of the axial load

AFr N inaccuracy of the radial load

AKop - inaccuracy of Ubbelohde factor

AOraci - inaccuracy of radial operating index

AMR Nm inaccuracy of the frictional torque

AR m radial deformation of the cage caused by
	centrifugal forces

AT K temperature difference

AV Vmm inaccuracy of the oil flow rate

Af - inaccuracy of radial frictional coefficient

An rpm inaccuracy of the rotational speed

Ax - Confidence interval of measurements

Ai>A K difference between outer ring and ambient
	temperature

A^in K inaccuracy of the oil input temperature

A$0p K inaccuracy of the operating temperature

A$out K inaccuracy of the oil output temperature

Avop mm2/s inaccuracy of the operating viscosity

a grad angular contact angle

a rad middle stress angle according to Steinert

a* 1/K viscosity/temperature coefficient

cip mm2/N pressure/viscosity coefficient

So, 81f 82 - dimensionless correction factors
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Symbol

8

8

8a 

8r 

8r

"max

e

Unit

m, mm

K 

Y

Ha

vop 

VOP 1

VOP2

P 

T

XL 

IT

m, mm 

m, mm

Ns/m2 

Ns/m2

rad

mm2/s 

mm2/s 

mm2/s

mm2/s

kg/cm3 

N/mm2 

N/mm2 

N/mm2

Explanation

total elastic deformation between rolling element, 
outer ring and inner ring

oil flow rate exponent

axial exponent

radial exponent

deflection of bearing rings

maximum deflection of bearing rings

load influencing factor

dynamic viscosity of lubricant

dynamic viscosity of lubricant at atmospheric 
pressure

angular position of the measured rolling element

viscosity ratio

angular position of the resultant bearing load

friction coefficient

friction coefficient due to the asperity contact

coefficient of rolling friction

drilling friction coefficient

frictional coefficient dependent on the load and 
bearing design

required kinematic viscosity of lubricant 

kinematic operating viscosity of lubricant

kinematic operating viscosity of lubricant according 
to measured point 1

kinematic operating viscosity of lubricant according 
to measured point 2

density of lubricant 

shear stress 

limiting shear stress 

summation of shear stresses
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Symbol Unit Explanation

az - composite surface roughness of rib and rolling
element end faces

co 1/s angular velocity

COR 1/s angular velocity of rolling element

coc 1/s angular velocity of cage

COOR 1/s outer ring angular velocity

1/s Inner ring angular velocity

cops 1/s relative angular velocity of planetary gear to the
	stud

coso 1/s angular velocity of the sun gear

£ - elliptical ratio

£j ° tilting angle about the centre of the rolling element

7 - shear rate

Oc - constant of surface lubricant film

OT - EHL thermal reduction factor

Or.rib - EHL thermal reduction factor of rib contact

^ — correction value due to non isothermal lubrication
	gap for rolling element No. j

r N equivalent load of the bearing

3.. - partial differential

°C outer ring temperature

°C oil bath temperature

d|n °C oil input temperature

$out °C oil output temperature

drib °C bearing rib temperature

flsupp °C outer ring temperature of supporting bearings

°

°
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Introduction

1 Introduction

1.1 Historical overview

After the invention of the wheel, it became obvious that less effort was required to move 
objects on rollers than by sliding. Even after the discovery of lubrication, which reduces the 
effort required in sliding, rolling motion was still less difficult. It was therefore to be expected 
that bearings based on rolling motion would eventually be developed for use in machine 
mechanisms. Figure 1 -1 depicts, in a rather simplistic way, the evolution of rolling bearings.

Rollers used by the Assyrians to move stones in 1100 BC ...

Later, with crude cart wheels, man strived to overcome frictional drag

The simple ball bearing for the 19th century bicycles 

Fig. 1-1: The evolution of rolling bearings (courtesy of SKF)
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The purpose of a bearing is to provide relative positioning and rotational freedom while 
transmitting a load between two structures, usually a shaft and a housing. The basics and 
the concept of rolling bearings are simple. If loads are to be transmitted between surfaces in 
relative motion in a machine, the action can be facilitated in a most effective way if rolling 
elements are interposed between the sliding parts. The frictional resistance encountered in 
sliding bodies is then largely replaced by the much smaller frictional resistance associated 
with rolling, although the arrangement inevitably results in high stresses in the restricted 
regions of effective load transmission. The precision roller bearing of the twentieth century is 
a product of exacting technology and sophisticated science. The simple design, form and 
concept is extremely effective in reducing frictional torque and wear in a wide range of 
machinery. The development of numerous designs and forms of rolling bearings in the 
twentieth century is well known and a complete historical development of rolling bearings is 
given in Hamrock and Dowson [1], Hamrock [2] and Harris [3]. Therefore, only a brief 
overview is presented here. The concept of rolling bearings emerged in simple forms in 
Roman times, faded from the scene during the Middle Ages, was revived during the 
Renaissance and was developed steadily in the seventeenth and eighteenth centuries for 
various applications, and was established for individual road carriage bearings during the 
Industrial Revolution. Towards the end of the nineteenth century, the use of ball bearings for 
bicycles resulted in the manufacture of accurate steel balls. Initially, these balls were turned 
from bars on special lathes by general machine manufacturing companies and this laid the 
foundations of a great industry. The advent of precision grinding techniques and the 
availability of improved materials than led to improvements. The essential features of most 
designs of rolling bearing were therefore established by the second half of the nineteenth 
century. It was the formation of specialist bearing manufacturing companies in the early 
years of the twentieth century that finally established the rolling bearing as a valuable, high 
quality and readily available machine component. The availability of ball and roller bearings 
in standard sizes has had a tremendous impact on machine design. Rolling bearings still 
provide a challenging field for further development and research, and many engineers and 
scientists are currently engaged in existing and demanding research projects in this area. In 
many cases, new materials and manufacturing processes and improved design concepts 
have extended the life and the range of application of rolling bearings. Although much 

remains to be done in explaining the operating characteristics of bearings.
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The acceptance of rolling bearings by designers was, at first, impeded by the inability of 
manufacturers to supply bearings that could compete in life time characteristics with 
hydrodynamic sliding bearings. This situation, however, has been completely altered 
particularly within the last four decades by development of superior steels for rolling bearings 
and by constant improvement in manufacturing processes which provide accurate bearing 
assemblies with a long operating life. Initially, this development was influenced by the 
bearing requirements for high speed and high load applications. The competition for 
worldwide markets increased substantially during the 1970s, and this has served to provide 
standard bearings of high performance at relatively low cost to the customer for a wide range 
of applications.

Markowski [4, 5] described the advantages of applying cylindrical roller bearings in gear 
boxes. Figure 1-2 illustrates an example of a full complement cylindrical roller bearing 
application in a standard gear box.

Fig. 1-2: Application of full complement cylindrical roller bearings in 
a standard gear box
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Further investigation led to the use of cage guided cylindrical roller bearings in order to 
reduce bearing frictional torque and to improve the limiting speed of the bearing. Figure 1-3, 
a twin - screw - extruder, illustrates an application for a wide range of bearings.

Fig. 1-3: Application of bearings in a twin - screw - extruder

An improved knowledge of the features and qualities of a machine component are essential 
foundations for its successful operation. The availability of high grade materials, more 
accurate calculation methods and modern manufacturing processes have also led to 
continuous improvement in the design and performance of these components. Rolling 
bearings follow this trend and due to their high performance and low spatial volume, they 
have obtained a firm place as highly sophisticated machine elements for a very wide range 
of applications.
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1.2 Different types of bearings

Ball and roller bearings, see figure 1-4, are available to designers in a great variety of 
designs and size ranges. Roller bearings are usually used for applications requiring an 
exceptionally large load supporting capability, which cannot be obtained using a ball bearing 
assembly. Roller bearings are usually much stiffer structures and this results in less 
deflection per unit loading and provides greater fatigue endurance when compared with ball 
bearings of a comparable size. In general, they cost more to manufacture, and hence 
purchase, than comparable ball bearings. The figure also shows the main dimensions used 
to specify the bearings and the symbols are defined in the notation.

D

B

D

Fig. 1-4: Radial cylindrical roller bearing and radial ball bearing

The subject of this study is radial cylindrical roller bearings. These were developed over 70 
years ago to obtain a higher radial load carrying capacity than offered by existing deep 
groove ball bearings. Radial cylindrical roller bearings as illustrated in figure 1-5 have 
exceptionally low frictional torque characteristics and provide purely radial load support in 

many applications.
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N or NU types of cylindrical roller bearings allow free axial movement of the shaft relative to 
the housing in order to accommodate differences in thermal expansion (floating bearing). 
They have two rolling element guiding ribs on one ring and no guide rib on the opposing ring 
as shown in figure 1-5a. In contrast NF or NJ bearings (supporting bearings, figure 1-5b) will 
support axial loads in one direction and NUP types will support bi-directional axial loads 
(locating bearings, figure 1-5c).

Loading forms

Locating bearing

1-5a) N type bearing 1-5b) NF type bearing 1-5c) NUP type bearing 
Fig. 1-5: Different types of cylindrical roller bearings for various loading forms.

This study investigates various sizes and designs of the type NJ radial cylindrical roller 
bearing, illustrated in figure 1-6.

outer ring rib

rolling element 

inner ring rib

outer ring 

outer ring rib

rolling element
axial contacting surface

inner ring

Fig. 1-6: Illustration of a type NJ radial cylindrical roller bearing
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The correct application of a roller bearing requires a knowledge of ist characteristics 

including smearing 1 , kinematics2 , slip and noise as well as the speed limit and frictional 

behaviour. Bearing friction represents energy loss and consequent heat generation, so that 

the frictional torque in bearings has been studied over a number of years. The ability to 

accurately predict the frictional torque during operation enables a designer to determine the 

energy loss and rate of heat generation. There have been no published recent developments 

concerned with the prediction of the friction characteristics of cylindrical roller bearings, 

hence the frictional torque is still usually calculated, as for the last 40 years, using the 

Palmgren method [ 6, 7].
The current study is concerned with improved prediction of the frictional torque developed in 

different types of radially and axially loaded cylindrical roller bearings as illustrated in figure 

1-7. The different bearing designs were studied for various sizes (see table 1-1) over a wide 

load and speed range. Full details of the different radial cylindrical roller bearings are 

presented in appendix I.

Radial cylindrical roller bearings

Bore 
diameter

mm

40

60

80
110

120
130

160

LSL - type

.

_

192316
192322
192324
192326
192332

ZSL - type

192308
_

192316
192322

192324
_

-

SL - type

192308
-

192316
-
-
-

192332

N J - type

2308
212
2316

-
-
-

2332

Table 1-1: Range of test bearings

1 Smearing is defined as the change of the surface area of a metallic roller sliding contact under 
relative motion due to the beginning of adhesive wear. 

Kinematics covers the velocity distribution within a bearing during rotation.



Introduction

a) b) c)

Fig. 1-7: IN A cylindrical roller bearings series a) 3SL 1923 .., full complement design
b) 4LSL 1923 .., radial cylindrical roller bearing with a brass disc cage
c) 5 ZSL 1923 .., radial cylindrical roller bearing with plastic spacers

Fig. 1-8: Radial cylindrical roller bearing - 6NJ 23..

SL 1923.. full complement bearings are a radial cylindrical roller bearing without a cage 
LSL 1923.. are radial cylindrical roller bearings in a cage guided design with brass disc cages 
ZSL 1923.. are radial cylindrical roller bearings with plastic elements acting as spacers between the 

rolling elements 
NJ 23.. are radial cylindrical roller bearing with brass window cages
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1.3 Current state of technology

The resistance against the rotation of a bearing consists of rolling friction, sliding friction and 
lubrication friction. Rolling friction occurs during the rolling action of the rolling elements on 
the raceways, sliding friction is built up at the supporting surfaces of the rolling elements 
within the cage, at the rib supporting surface of the cage and at the rolling element end faces 
and the bearing ribs. The lubricant friction results from the initial friction of the lubrication at 
the contact surfaces and as well from the splash resistance.

Rolling friction

The mechanism of rolling friction which occurs in loaded bearings between the rolling 
elements and the raceways is complex and arises from the different sliding motions and 
elastic hysteresis. Generally, the friction due to elastic hysteresis and sliding motion caused 
by deformations in the bearing are small compared to other types of friction. Because of the 
high Hertzian pressure within the rolling contact the forward portion of the contact bodies 
deform. This deformation work is only partly regained at the rear of the rolling element and 
any difference is transformed into heat. The delayed elastic recovery of the material results in 
an offset f^ of the resultant reaction force FN within the Hertzian contact [ 8]. 

Additional micro sliding motion occurs as a result of different deformations within the Hertzian 
contact. Because of these different deformations and due to the rolling motion of the rolling 
element over the raceway, which requires a tangential force to overcome rolling resistance, 
raceway material is squeezed up to form a bulge in the forward portion of the contact, as 
shown in figure 1-9.

Q

FN=Q

recovery of 
the material

Fig. 1-9: Rolling element - raceway contact showing elastic deformation
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Thus, an additional tangential force is required to overcome the resisting force of the bulge. 
Larger, additional sliding motions are produced in the contact area, when the rolling element 
moves in a groove and the contact zone is curved perpendicular to the direction of the rolling 
motion. The different displacements of the points on the contacting surface relative to the 
centre of rotation lead to variations in the circumferential speeds, so that therefore, the 
middle part of the contacting surface slides against the rolling direction and the outer section 
slides in the direction of rolling.

The combined effects of the different resistances to motion are defined as rolling friction. The 
theoretically and experimentally gained results presented in publications [ 9 to 12 ] of the 
single resistance effects cannot be used to isolate these individual effects.

Sliding friction

Apart from the sliding motions previously covered in this chapter, sliding friction in roller 
bearings occurs between the supporting surfaces of the cage and the rolling elements in full 
complement bearings.

Additional sliding friction takes place in cylindrical roller bearings between the rolling element 
end faces and the bearing ribs. The forces acting on the supporting surface are dependent 
on the weight of the cage and the centre of gravity displacement which produces a speed 
dependent centrifugal force. Also the acceleration and deceleration of the rolling elements 
during their passage through the load zone create further additional forces. In addition to 
that, there are the inertia forces occurring during sudden starts and stops and also during 
speed changes during operation. Sliding friction occurs between the contact points of the 
rolling elements in full complement bearings instead of friction between the rolling elements 
and the cage. The sliding friction in a full complement bearing is larger than in a cage guided 
bearing because of the anticlockwise direction of the sliding motion at the contact points of 
the rolling elements, see figure 1-10. In cylindrical roller bearings with ribs, sliding friction 
occurs between the rolling element end faces and the bearing ribs.
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outer ring

speed of a 
rolling element rolling element

inner ring speed

inner ring

Fig. 1-10: Relative motions in a full complement bearing

Lubricant friction

The lubricant friction consists of the internal friction of the lubricant at the contact points and 
because of a surplus of lubricant at higher speeds a frictional torque increase is produced 
which is defined as the 7churn loss. The lubricant friction is essentially dependent on the 
amount and the viscosity of the lubricant but is also influenced by the geometry of the 
bearing, e.g. the size of the rolling element, the size of the guide gap between the cage and 
bearing rib and the free space of passage from one side of the bearing to the other. Once 
hydrodynamic behaviour is achieved any further increase in lubricant results in lower oil 
temperatures and hence higher viscosities. This in turn produces higher frictional torques. 

These effects are less marked at low speeds.

7 Churn loss is an additional friction effect caused by a surplus of lubricant
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plate A, in contact with 
lubrication layer

shear stresses stationary base

Fig. 1-11: Friction resistance in Newtonian Fluids

For Newtonian Fluids the resistance is characterised by the dynamic viscosity r|. For a 
Newtonian Fluid in which the viscosity is independent of the rate of shear, the shear stress is 
given by (see figure 1-11)

dv (1-1)

and the shear force is then given by the product of shear stress and surface area. The 
dynamic viscosity r| is thus a proportional factor. It can be observed in equation (1-1), that for 
low shear rates, which means for low speeds the lubricant friction is small and for increasing 
speeds an increase of shear stress arises. In a bearing supplied with sufficient lubricant 
frictional losses arise at every rolling and sliding contact points because of relative motion of 
surfaces in the gaps. These losses are a minimum when the lubricant rates are just sufficient 

to wet the surfaces in the bearing.
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Frictional torque

In experimental investigations the total frictional torque of a bearing is made up of rolling 
friction, sliding friction and lubricant friction, and is measured as the resistance against 
rotation. The relative contribution of each of these components to the total frictional torque 
depends on the operating conditions.

size of bearing bearing design

bearing speed

- geometry of rolling elements
- cage geometry
- material
- geometry of bearng rings

frictional 
tprqUe 
wtthjn a 
bearing

bearing load
- magnitude
- distribution
- direction

lubrication conditions
- viscosity
- oil flow rate
- way of lubrication

- contamination of 
the lubricant

Fig. 1-12: Factors influencing the frictional torque of a bearing

The frictional torque of a bearing is influenced by the factors illustrated in figure 1-12. 
However, an exact determination of the individual components is difficult, and generally 
cannot be identified. The resistance against bearing rotation is defined as the total frictional 
torque and a typical frictional torque and friction coefficient characteristic is shown in 

figure 1-13.
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FrictkHMl torque MR 
Friction cwflfelotf,*

Radial load

Fig. 1-13: Frictional torque and friction coefficient characteristic

Brandlein et al. [13] suggested that the following equation can be used to estimate the total 

frictional torque:

(1-2)

where: MR total frictional torque

M. friction coefficient

F bearing load
dM bearing mean diameter

For medium operating conditions, such as medium loads and speeds, the friction 

coefficients, described in table 1-2, can be used for different bearing designs.
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Bearing design

Deep groove ball bearing

Angular contact ball bearing, one row

Radial cylindrical roller bearing

Needle bearing

Tapered roller bearing

Friction coefficient

0.0014 to 0.0030

0.0015 to 0.0020

0.0010 to 0.0030

0.0020

0.0020 to 0.0050

Table 1-2: Friction coefficients for different bearing designs

The use of a constant friction coefficient does not take all the influencing factors into account. 
Thus Miinnich [14] showed that the bearing frictional behaviour is significantly influenced by 

the lubricant viscosity. Therefore Palmgren [6, 7] described the bearing frictional torque as 

having two parts, M0 and Mi, so that

MR = M0 (1-3)

where: MR total frictional torque
M0 frictional torque of an unloaded bearing
M! load dependent frictional torque

The unloaded frictional torque M0 mainly takes into account the hydrodynamic frictional 

losses occurring between the sliding contacts which have been described. Snare [15 to 18] 
used this approach to calculate the frictional losses in ball bearings by taking into account 

some simplified assumptions.
As mentioned previously the most commonly used method for calculating the frictional torque 

of bearings is that developed by Palmgren [6, 7] in the 1950s. This method has been 
extended by the bearing manufacturers by adding an axial load dependent frictional torque 

M2 so that the equation given in the bearing manufacturers catalogues [19], [20] and [21] is 

as follows:

MR = M0 + M! + M2 (1-4)
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The three components of the total frictional torque from equation (1-4) are determined from 
the following relationships with the bearing factors fc , fi and f2 taken from the bearing 
manufacturers' catalogues.

Frictional torque dependent on the speed:

M0 =f0 -(v-n) 2/3 -d^l -10-7 for v-n>2000 (1-5)

M0 =f0 -160-d^-10-7 for v-n<2000 (1-6) 

Frictional torque dependent on the radial load:

M,=1,-Fr -du (1-7) 

Frictional torque dependent on the axial load:

M 2 =f2 Fa -dM (1-8)

where: M0 , M 1s M2 different parts of frictional torques Nmm
f0, fi, f2 bearing factors dependent on the different parts of friction -
v lubricant viscosity mm2/s
n rotational speed rpm
dM mean bearing diameter mm
Fr radial load N
Fa axial load N

Comparison to measured data

Palmgren's calculation method results in a linear relationship between the frictional torque of 
a cylindrical roller bearing and the loads at constant speed. The bearing factors f0l fi and f2 
used in the calculations are taken from DIN ISO 281. The measured frictional torques for 
two typical radially loaded bearings are shown in figure 1-14 and it is clear that the 
experimental results do not conform with the Palmgren equation. Consequently there are 
very large deviations in figure 1-14, between the measured and calculated frictional torques 

for these designs of radially loaded cylindrical roller bearings.
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Frictional torque in Nm
10

Measured 
frictional torque

Measured 
frictional torque

Frictional torque using the 
Palmgren calculation method

Frictional torque using the 
Palmgren calculation method

10 50 6020 30 40
Radial load in kN

a.) Full complement bearing - series SL19 2316; 80 mm shaft diameter

Frictional torque in Nm

Mo for speed 2500 rpm

, Mfimeaa for speed 2500 rpm

• MRme.is.for speed 500 rpm

Measured 
frictional torque

Measured 
frictional torque

Frictional torque using the 
Palmgren calculation method

Frictional torque using the 
Palmgren calculation method

10 20 30 40
Radial load in kN

50 60

b.) Bearing with brass cage - series NJ 2316; 80 mm shaft diameter

Fig. 1-14: Measured and calculated frictional torques for various bearing designs

Similar comparisons for radially and axially loaded radial cylindrical roller bearings are 
presented in figure 1-15 and significant differences between experimental and predicted 

values are again apparent.
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Total frictional torque in Nm
140

120

100

0 200 400 600 800 1.000 1.200 1.400 
Speed in rpm

Measured values
Fa/Fr=0 Fa/Fr=0,2 Fa/Fr=0,4 Fa/Fr=0,6

Calculated values
Fa/Fr=0 Fa/Fr=0,2 Fa/Fr=0,4 Fa/Fr=0,6

Fig. 1-15: Comparisons between measured and calculated total frictional torques 
using the Palmgren method - bearing SL19 2332; radial load 40 kN; oil flow rate 5 l/min
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1.4 Aims and objectives of the study

It is clear from figures 1-14 and 1-15 that using the widely used Palmgren method [6, 7] the 

frictional torque cannot be predicted accurately over an acceptable range of bearing sizes, 

designs and operating conditions. The current study is thus concerned with improving the 

prediction of the frictional torque developed in radially and axially loaded radial cylindrical 

roller bearings.

The aim of the study is to develop and validate a numerical method which enables the 

frictional torques of radially and axially loaded radial cylindrical roller bearings to be 

accurately calculated over the complete load and speed range for different sizes and bearing 

designs.
In addition to this, the method of prediction should be simplified in order to allow the 

8reference speed to be calculated without the use of an iteration process, as in the present 

method. The predictions will be validated by means of a comprehensive experimental testing 

programme on at least three different sized bearings.

The objectives of the overall study are:

i) A literature survey related to the design of, and friction in, bearings

ii) An assessment of existing methods of calculating bearing frictional torque

iii) Modifications to the existing test rigs at INA Waelzlager Schaeffler oHG

iv) Evaluation of test results obtained from the "Small bearing test rig"

v) Derivation and validation of an accurate method for predicting the frictional

torque of radially loaded radial cylindrical roller bearings for the complete size,

load and speed range with respect to permitted loads and limiting speeds 

vi) Derivation and validation of an accurate method for predicting the frictional

torque of both radially and axially loaded radial cylindrical roller bearings 

vii) Improvements on the method currently used in the calculation of the reference

speed 
viii) Undertaking a thermal analysis to determine the permissible loads and

speeds

8 The reference speed is a rotational speed under reference conditions for a particular bearing at a 
maximum outer ring temperature of 70°C.



Literatur review______________________________________21

2 Literature review ....................................................................................... 22

2.1. General considerations.................................................................................. 22
2.2. The rib/rolling element end face contact of radial cylindrical roller bearings... 22

2.2.1. Factors affecting the loading capacity.................................................. 23
2.2.2. Influence on the permissible axial load................................................ 25
2.2.3. Procedure for calculating the permissible axial load............................ 31

2.2.3.1. Permissible axial load calculation method used by INA............ 31
2.2.3.2. Permissible axial load calculation method used by SKF........... 32
2.2.3.3. Permissible axial load calculation method used by FAG.......... 33
2.2.3.4. Comparison of the permissible axial load calculation methods. 33

2.3. Survey of frictional torque calculation methods.............................................. 35
2.3.1. Empirical calculation methods............................................................. 35

2.3.1.1. Approximate calculation method of Stribeck ............................ 35
2.3.1.2. The Palmgren calculation method............................................ 36
2.3.1.3. The load dependent calculation method of Kunert................... 42
2.3.1.4. The axial load dependent calculation method of Kispert.......... 43
2.3.1.5. Influence of the amount of oil on bearing frictional torque ....... 44
2.3.1.6. Calculation of frictional torque at low temperature ................... 46
2.3.1.7. Influence of preloading on the bearing frictional torque............ 48
2.3.1.8. Calculation of frictional torque at high rotational speeds .......... 49

2.3.2. Analytical investigations on bearing frictional torque ........................... 51
2.3.2.1. The calculation method of Snare ............................................. 51
2.3.2.2. The calculation method of Harris ............................................ 54
2.3.2.3. The calculation method of Walters .......................................... 54
2.3.2.4. The calculation method of Gupta ............................................ 55
2.3.2.5. The calculation method of Zhou and Hoeprich ........................ 56
2.3.2.6. The calculation method of Steinert .......................................... 61

2.3.3. Analytical investigations on frictional torque calculation of
planetary bearings............................................................................... 65

2.3.4. Frictional torque calculation methods, of the bearing manufacturers.... 71
2.3.4.1. INA frictional torque calculation method................................... 71
2.3.4.2. SKF frictional torque calculation method.................................. 72
2.3.4.3. FAG frictional torque calculation method ................................. 73
2.3.4.4. Timkenfrictional torque calculation method............................. 74

2.4. Evaluation of the literature review ...........................••••••••••••••••••••••••••••••••••••••• 75



Literature review____________________________________22

2 Literature review

2.1 General considerations

Most of the investigations concerning radial cylindrical roller bearings have been conducted 
in order to develop an optimised rib / rolling element end face contact shape to minimise 
frictional losses and maximise axial load carrying capacity. Further investigations have also 
been carried out in order to evaluate the running - in state and to determine the scuffing 
loads for combined loaded radial cylindrical roller bearings.
Empirical methods for calculating the axial load carrying capacity have been derived by the 
bearing manufacturers as well as an optimised high axial load carrying contact shape. The 
theoretical background of oil flow in an axial gap during rotation and the lubrication behaviour 
at the rib / rolling element end face contact has also been derived.
The frictional torque calculation method derived by Palmgren developed in the 1950s, is still 
used to predict the frictional torque of bearings. These equations have been modified 
however, by the manufacturers to include an additional term, M2( see equations (1-4) to (1-8) 
and, several frictional torque prediction models have also been introduced in the literature.

Consequently this literature review initially is concerned with the rib / rolling element end face 
contact, the contact shape and the procedure for calculating the permissible axial load. After 
that the frictional torque calculation methods are reviewed beginning with empirically 
developed calculation methods and then the analytical investigations on bearing frictional 
torque calculations. During the review all the methods of frictional torque calculation for radial 
bearings are covered in order to determine if any parts of these calculations can be used in 
the derivation of a new accurate prediction method for combined loaded radial cylindrical 
roller bearings.

2.2 The rib/rolling element end face contact of radial cylindrical roller bearings

One of the most important criteria influencing the axial loading capacity of a radial cylindrical 
roller bearing is the frictional losses at the sliding contacts between the ribs and rolling 
element end faces. These depend on the lubrication conditions, e.g. the type of lubricant, 
amount of lubricant, operating viscosity and degree of contamination etc.
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In addition, the axial load carrying capacity is influenced by the hydrodynamic component at 
the axial contact.

2.2.1 Factors affecting the loading capacity

Locating or semi - locating radial cylindrical roller bearings can support considerable axial 
loads as well as high radial loads. The axial load carrying capacity of radial cylindrical roller 
bearings is dependent on the size and the supporting capacity of the sliding surface between 
the bearing ribs and the end faces of the rolling elements. This is supported by Kispert and 
Mattson [22] who found that the axial load carrying capacity is not primarily related to the 
fatigue strength of the material, but depends on the lubrication conditions, and consequently 
the contact conditions between the end faces of the rolling elements and the surfaces of the 
bearing ribs. Therefore, the frictional torque and attendant heat generation should be as low 
as possible at these contacts. This was also established by Kispert [23, 24, 25] and 
Kleinlein [26, 27]. The factors affecting the load carrying capacity are illustrated in figure 
2-1.

rolling 
element

inner ring

outer ring

What limits load 
carrying capacity ?

Most common 
cause of failure
Determinative 
factors

Influencing 
factors

Rolling contact Sliding contact
Fatique

Hertzian pressure 
in contact, 
number of 
revolutions
Load,
Load Distribution

Smearing, 
seizing marks
Contact 
temperature

Heat Generation 
Heat Dissipation

Fig. 2-1: Rolling and sliding contacts within a radial cylindrical roller bearing [22]
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The most important failure criteria according to Ki$pert [23, 24, 25] are seizing marks and 
smearing, so that the determining factor is the temperature at the rib - rolling element end 
face contact. Thus, the viscosity of the lubricant in the contact region is the main factor 
affecting the axial load carrying capacity. For steady state conditions, i.e. for a constant 
temperature, the heat produced in the bearing must be equal to the heat removed from the 
bearing.

Njnput = ^output

= NR =

(2-1)

(2-2) 

(2-3)

where: Ninput the input power W
Noutput the output power W
NR the power dissipated as frictiqnal losses W
MR the frictional torque Nm
co the angular velocity 1/s
k a constant
F the bearing load N
H the friction coefficient
n the rotational speed rpm
AT the temperature difference K
Ws the heat transfer rate W/K

Substituting equations (2-1) and (2-3) into equation (2-2) gives:

(2-4)

After rearranging:

AT
u.-n (2-5)

It can be seen from this equation, that there are fogr possibilities to increase the permissible 

load at the rolling element end face / rib contact.

- Higher temperature differences AT can produce a higher rate of heat dissipation and 

hence higher values of F.
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- Higher loads are also permissible by improvements to the cooling system to increase 

the heat transfer rate Ws. This can be achieved by using circulating oil lubrication and 

additionally recooling the oil.
- A higher permissible load can be achieved by reducing the rotational speed n.

- A higher load can also be achieved when the frictional coefficient jj, of the bearing is 

reduced.

Reduction of friction effects is thus a starting point for increasing the axial load carrying 

capacity of radial cylindrical roller bearings.

2.2.2 Influence on the permissible axial load

When an axial load is applied to a radial cylindrical roller bearing with ribs on both rings, the 

load is supported by the end faces of the rolling elements and the bearing ribs on these 

rings. As the bearing rotates the rolling element end faces slide against the bearing ribs, as 

illustrated at an inner ring contact in figure 2-2.

rolling element

rolling element 
end face

rotation of the 
rolling element

inner ring rib

inner ring speed

Fig. 2-2: Motion of the rolling element end faces against the inner ring rib (the arrows 
show the magnitude of the relative velocities at different distances from the 

momentary centre C)
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The load carrying capacity of these sliding surfaces between the rolling element end faces 
and the ring ribs therefore dictates the overall load carrying capacity. This can be simply 
defined as the largest axial load that the bearing can support under the given operating 
conditions without causing hot running or wear at the sliding contacts. 
In contrast to the radial loads the axial load carrying capacity is not determined by the fatigue 
limit of the materials. Although, the fatigue life can be indirectly influenced by the axial load. 
The axial load results in forces on both ends of the rolling element and produces a moment 
which leads to a change in pressure distribution at the contact surfaces between the rolling 
elements and the raceways. As a result, an increase of the Hertzian pressure can be seen in 
figure 2-3, which may influence the fatigue limit, see Fernlund and Synek [28].

Qr

Fig. 2-3: Charges in pressure distribution in the contact zone between the rolling 
element raceway and bearing raceways as a result of an axial load
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Iko and Orte [29] suggested that the axial load carrying capacity of radial cylindrical roller 

bearings is influenced by the following factors:

lubrication characteristics
rotational speed
duration of the axial load
operating temperature
contact between the rolling element end faces and the bearing ribs

running in
bearing geometry

The load carrying capacity of the sliding surfaces between the rolling element end faces and 

the ribs must be as high as possible. Whether or not a hydrodynamic lubrication film can be 

produced depends upon the lubrication characteristics, the contact geometry producing a 

hydrodynamic gap and the sliding velocity. The operating temperature and the running in 

stage of the bearing are also other essential factors which have to be considered. An axially 

loaded bearing does not always build up a hydrodynamic lubrication film between the rolling 

element end faces and the ribs. Radial cylindrical roller bearings can carry considerably 

larger axial loads when they are applied intermittently and the permissible axial loading may 

be even larger when applied as shock loads. These higher permissible transient axial loads 

are affected by the duration of the load application as well as by the load frequency, so that 

the sum of the value and the duration of the load have to maintained within a specified limit 

which is strongly related to the heat development within the axial contact. Ozogan and 

Taylor [30] investigated the influence of running in and after many tests it was established 

that:

-The effects of running in are greatest during the first hours of the test and are 

noticeable after every increase in axial load.
- After running in the ribs assume a geometric form which is almost independent of 

their original geometry but is influenced by the shape of the rolling element end faces.

- During the running in process the surface finish of the ribs and the rolling element 

end faces is considerably improved.

Brown and Poon [31] also investigated the "running in" process of radial cylindrical roller 

bearings. They discovered that the axial load carrying capacity during running in is limited by
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the frictional torque. The duration of the running in period is dependent upon the following 

variables:
the absolute radial and axial loads

the rotational speed

the lubrication conditions

From the results of systematic investigations on radial cylindrical roller bearings Iko and Orte 
[29] found that due to the large scatter in the data there is no clear relationship between the 

specific surface pressure and the sliding velocity. However, a clear trend can be seen and 

typical relationships for the permissible specific surface pressure as a function of the 

operating sliding velocity are shown in figure 2-4. Curves for bearings with both circulating oil 

lubrication and grease lubrication are presented.

Permissible surface pressure, p

Sliding ,v

Fig. 2-4: Specific surface pressure as a function of the sliding speed for 
(1) oil lubrication and (2) grease lubrication

Lindemann [32, 33] was the first investigator in 1979 who developed a standard method for 

the calculation of the rib / rolling element end face contact, based on the similarity between 

an axially loaded radial cylindrical roller bearing and an axial segment bearing. The 

formation of the hydrodynamic lubricant film between the rolling element end faces and the 

ribs is similar to that occurring in an axial segment bearing. Slip motion between the rolling 

elements and ribs not separated by a lubrication film leads to wear and when running
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under large axial loads seizing marks can occur. With the formation of this load carrying 
lubrication film, the axial load carrying capacity increases with increasing speed or more 
acute tilting of the rolling elements, until a maximum capacity is reached. Thereafter the 
capacity decreases.
Giese [34] extended the theory of Lindemann by taking into account the initial rotational 
speed of the rolling elements in addition to the circumferential speed of these elements 
according to the contacting distances. Thus, Giese solved the two - dimensional fluid flow in 
the axial gap by means of an extension of the Reynolds equation. In the calculations the 
essential geometric factors of rib height, the undercut of the bearing raceways and the corner 
radius of the rolling elements as well as the deflections of the hydrodynamic effective speed 
were all included. The expected high axial load parrying combination of inclined ribs and 
rolling element end faces with a spherical indentation was investigated and a parametric 
study with different rib angles and different spherical indentation radii was carried out. He 
found that this combination shows a low axial loading capacity and experiences at higher 
axial loads a considerable wear rate which results in a hydrodynamic favourable shape. 
Korrenn [35, 36] measured the frictional torque of radially and axially loaded radial 
cylindrical roller bearings and showed that hydrodynamic lubrication conditions in the rib / 
rolling element end face contact region can be achieved. He investigated the required 
kinematic conditions for the formation of a separating lubricant film. It was established that 
the distance between the rib / rolling element end face contact point and the raceways 
should be as small as possible and as a result a new calculation method which takes 
account of the lubricant viscosity was obtained. Korrenn applied the test results gained from 
tapered roller bearings to the rib / rolling element end face contact of a radial cylindrical roller 
bearing.
Thorp and Gohar [37] took the results from Lindemann and applied EHL theory to the 
nominal point contact of a ball bearing. This theory is based on the Reynolds equation using 
a constant viscosity.
Further investigations have been conducted by Jamison, Kauzlarich and Mochel [38] who 
studied the influence of the contact point on the geometry and the lubrication of tapered roller 
bearings. It was found that in order to build up a load carrying lubrication film the contact 
point between the rolling element end faces and the bearing ribs should be located at the half 
height of the ribs.
Hamrock and Dowson [39, 40, 41] extended the equations from Thorp and Gohar to an 
elliptical contact and analysed the minimum thickness of the lubrication film and developed 
an approximate equation for minimal and middle lubrication film thicknesses for elliptical EHL 

contacts.
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Dalmar, Tessier and Dudrangne [42] investigated the frictional improvements in cyclodial 
motion contacts between rib and rolling element end faces in tapered roller bearings. They 
found frictional torque improvements for cyclodial rolling element end faces at higher 
operating speeds.
The effect of rolling element end face contact shape upon frictional losses and axial load of 
radial cylindrical roller bearings was investigated by Krzeminski - Freda and Warda [43] 
who found that small frictional losses in the bearing corresponded to values of the rib 
inclination angle between 0.4 to 0.6 °.
Zhang, Qui and Hong [44] solved the problem of the connection between pressure 
distribution and lubrication film thickness analytically. They used a theoretical model in which 
elastic deformations were considered.
In 1988 Zhu and Cheng [45] modified the work of Zhang et al and developed a powerful 
calculation program the "Partial EHL" program which they used in order to solve the 
Reynolds equation.
Aramaki, Cheng and Zhu [46] investigated the lubrication performance at rib / rolling 
element end face contacts of radial cylindrical roller bearings both theoretically and 
experimentally for end crowned rolling elements and inclined ribs. They found that the 
minimum film thickness in the contact area shows a strong load dependence and the central 
film thickness is a weak function of the load. Furthermore, it was found that the contact 
location affects the minimum film thickness strongly in spite of the weak influence on the 
central film thickness. The rib / rolling element end face contacts were simulated in an 
element test rig and good agreement was found between the measured and calculated 
friction of a single rolling element. In scuffing experiments, it was observed that the critical 
load at high speeds is lower than that at low speeds although the friction at high speeds is 

lower.

This chapter illustrates that the design of the rib/rolling element end face contact has already
been optimised to minimal frictional losses whilst maximising load carrying capacity. It
appears that the roughness of the axial contacting surfaces has less influence on the
frictional torque characteristics after the running in period. However, the frictional torque

characteristic is considerably influenced by the rib inclination angle.
However, for today's design of radial cylindrical roller bearings an optimised geometry can be

assumed.



Literature review 31

2.2.3 Procedure for calculating the permissible axial load

2.2.3.1 Permissible axial load calculation method used by INA

The basic element for the calculation of the permissible axial load is the specific frictional 
power which occurs at the sliding contact surfaces and is dependent on the quantity and 
viscosity of the lubricant. The permissible axial load is calculated, according to INA [19] as 
follows:

^aperm = ^S ' ^B ' ^M -n ' - ̂ amax (2-6)

where, FaperiT1 permissible axial load N 
ks factor related to the lubrication method 
kB factor related to the bearing design 
d M mean bearing diameter mm 
n rotational speed rpm 

limiting axial load N

The limiting axial load is dependent on the design and size of the bearing and is calculated 
using the following equation:

Famax = 0.075- k B <1 (2-7)

For combined radial and axial loads the ratio Fa /Fr <0.4 should not be exceeded. The 

factor ks depends on the method of lubrication and can be taken from table 2-1.

Lubrication method
Poor heat dissipation, drip feed lubrication, oil mist lubrication, 
low operating viscosity (V < 0.5 • V., )

Moderate heat dissipation, oil sump lubrication, oil spray lubrication, 
low oil flow

Good heat dissipation, recirculating oil flow ( pressure oil lubrication )

Very good heat dissipation, recirculating oil lubrication with oil 
recooling, high operating viscosity ( V > 2 • V 1 )

ks
7.5 to 10.0

10.0 to 15.0

12.0 to 18.0

16.0 to 24.0

Table 2-1: Factor ks for the lubrication method
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The factor kB is dependent upon the bearing design and can be taken from table 2-2.

Bearing series
SL1818, SL018

SL1 8 29, SL1 8 49, SL01 49, SL1 1 9, SL1 2 9

SL1830, SL1850, SL05E

SL1822

SL1923

kB

4.5

11.0

17.0

20.0

30.0

Table 2-2: Factor kB for the bearing design

The following safety factors can then be applied to the load carrying capacities from equation 
2-6:

Sa > 1 is in general recommended for continuous operation 
Sa < 1 is for intermittent or alternating loads

2.2.3.2 Permissible axial load calculation method used by SKF

Taking into account that the axial load carrying capacity is dependent on the sliding contacts 
and therefore determined by the lubrication, the operating viscosity, heat dissipation and the 
permissible axial load is calculated, according to SKF [20] as follows:

aperm
k^Co-104 
n-(d + D) 2 r (2-8)

where: Faperm permissible axial load N
C0 basic static load rating9 N
n rotational speed rpm
d bearing bore diameter mm
D outer ring diameter mm
Fr radial load N

The bearing calculation factors k1 and k2 are:
For oil lubrication ^ = 0.5 and
For grease lubrication Id = 0.3 and

k2 = 0.05 
k2 = 0.03

'The basic static load rating C0 can be taken from the bearing manufacturers catalogue.
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The values calculated for the axial load are only for systems with continually applied constant 
axial loads or small variations in axial load with good heat dissipation. When the axial loads 
are only applied for a short time or as shock loads larger axial loads may be permitted. 
In these different cases, experience shows that for short duration loads or shock loads the 
permissible axial loads can be respectively two or three times larger than an axial load which 
is continuously applied. Under no circumstances should a continuous axial load ( N ) with a 

numerical value larger than 1.2• D2 ( D in mm ) or a shock load larger than 3-D2 be 
applied. For combined loading Fa <0.4-Fr is the limit for systems with continuously applied 

axial loads with good lubrication and heat dissipation.

2.2.3.3 Permissible axial load calculation method used by FAG

The permissible axial load according to FAG [21] is presented in a table as a percentage of 
the basic static load rating Co for different bearing series, as shown in table 2-3.

Bearing series
19,10,2,3,4

2E.3E

22, 23, 29, 30, 22E, 23E

48, 49, 50

F in o/ aperm I' 1 '° of C0
2.5

1.5

0.7

0.4

Table 2-3: Permissible axial load

4.2.3.4 Comparison of the permissible axial load calculation methods

A typical comparison between the different calculation methods for the bearing SL 183009 at 

a constant radial load can be seen in figure 2-5.
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Permissible axial load in N
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SKF Full complement cylindrical 
roller bearing SL 18 3009 

alload Fr = lOOOON

1000 2000 3000

Rotational speed in rpm
4000 5000

Fig. 2-5: A comparison between the different methods in calculating the permissible 
axial load

There are significant differences between the results of the calculations of the permissible
axial load with generally the lowest axial loads found by the INA method.
INA and FAG show similar trends for the permissible axial load with a decrease in the
permissible load at increasing speeds. The SKF method provides larger permissible axial
loads at lower speeds but the sharp decrease with speed results in very low axial loads at

higher speeds.
It should be noted that the prediction of the permissible axial load is currently the subject of

an on-going research.
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2.3 Survey of frictional torque calculation methods

2.3.1 Empirical calculation methods

2.3.1.1 Approximate calculation method of Stribeck

Stribeck [47, 48] developed, in 1901, an equation for the approximate calculation of bearing 
frictional torque. He found a proportional dependence of bearing frictional torque to bearing 
load and introduced as a constant of proportionality the frictional coefficient jx. The bearing 
frictional torque is thus given by

(2-9)

where:

(j, frictional coefficient
M the bearing frictional torque Nmm
F the resultant bearing load N
d the bore diameter of a bearing mm

In tests using a frictional balance Stribeck determined the frictional coefficient ji for different oil 
lubricated ball bearings and for the first time provided an approximate method for frictional 
torque calculation in bearings. This calculation method is still used to date and gives the 
designer an approximate value of the bearing frictional torque.

Palmgren [6, 7] and Eschmann [49, 50] carried out further extensive measurements on 
bearing frictional torque and presented frictional coefficients u. for other bearing types as 
illustrated in table 2-4.
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Bearing type

Deep groove ball bearing

Spherical ball bearing

Spherical roller bearing

Radial cylindrical roller bearing

Tapered roller bearing

Thrust ball bearing

Thrust cylindrical roller bearing

Frictional coefficient (u. of 
Palmgren

0.0015

0.0010

0.0018

0.0011

0.0018

0.0013

-

Frictional coefficient ju of 
Eschmann

0.001 5 to 0.003

0.0010 to 0.003

0.0020 to 0.003

0.00 10 to 0.003

0.0020 to 0.005

0.0012

0.0040

Table 2-4: Frictional coefficients stated by Palmgren and Eschmann

Equation (2-9) is based on the assumption that there is a direct proportional dependence of 
frictional torque and bearing load. Other operating parameters are not considered. It was 
found that the Stribeck's method delivers satisfactory results only for medium speed and load 
conditions and provided that hydrodynamic lubrication is achieved.

2.3.1.2 The Palmgren calculation method

A more rigorous frictional torque calculation was undertaken by Palmgren [6, 7] in 1957. He 
published a new method for calculating the energy losses in bearings and divided the total 
frictional torque into a load independent component M0 and a load dependent frictional torque 
M<I. The total frictional torque is then expressed as follows:

MR = MQ + M!

where:

MR total frictional torque
MO frictional torque dependent on the speed and viscosity
MI frictional torque dependent on the load

(2-10)

Nm 
Nm 
Nm
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He divided the factors affecting bearing friction into factors connected with the bearing design 
and size, the method and magnitude of loading, the kinematic conditions and the lubrication 
conditions. He conducted tests which covered mainly the hydrodynamic frictional losses at the 
contact points in unloaded bearings, the frictional losses due to partial sliding processes within 
the loaded contact areas and the energy absorbed due to elastic hysteresis of the bearing 
material. The theoretical study was checked by experimental measurements of the total rolling 
resistance. Palmgren assumed that in high speed and low loaded bearings the energy losses 
can be based on the hydrodynamic behaviour. Thus, the rolling resistance is dependent on the 
lubricant viscosity, the oil flow rate and the bearing speed. In order to calculate the load 
independent frictional torque it was necessary to make some assumptions to simplify the 
problem. During operation the lubricant is pressed between the contact surfaces by the rolling 
movement. The resultant pressure change within the lubricant film is limited to an area with a 
small film thickness and it is therefore assumed that the lubricant flow can be treated as 
laminar flow of a viscous fluid within a narrow gap. Using these assumptions the load 
independent frictional torque becomes:

(2-11)

where:

M0 load independent frictional torque Nmm
fo bearing factor dependent on the lubrication and the bearing type
dM bearing mean diameter mm
v kinematic viscosity of lubricant mm2/s
n bearing speed rpm

Palmgren carried out tests on unloaded radial bearings of different designs with oil bath 
lubrication using a test rig with a horizontal shaft in order to determine the hydrodynamic 
frictional contribution in a bearing and to verify the calculation method.

The results obtained from the tests show a (v • n)% dependence of the frictional torque for 

higher values of these variables. At (v-n)<2000 values the frictional torque is essentially 

constant as a result of the small oil film thickness. In this region the hydrodynamic theory loses
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its validity since a mixed friction situation occurs because the surface roughness is 

comparable to the oil film thickness.

Palmgren noticed, that as well as being dependent on the speed and viscosity, the rolling 

resistance is influenced by the overall quantity of oil within the bearing. The influence of the oil 

flow rate was investigated for a lightly loaded ball bearing. In these tests variations in oil flow 

rates from 0.01 to 1.0 l/h had little effect on the frictional torque. However, reducing the oil flow 

rate down to 0.001 l/h resulted in a steady decrease of the frictional torque. A further reduction 

of the oil flow rate leads to a significant increase in, the frictional torque. These results can be 

observed in figure 2-6.

Bearing frictional torque in Nmm
so
70 -

60

Grooved ball bearing 
under a low load 
at 50,000 rpm

20

10

1 10 100 1000 10000 100000

Oil flow rate in cirP/h

Fig. 2-6: Dependence of the frictional torque on the oil flow rate according to 
Palmgren [6, 7]

Palmgren also investigated the influence of gas formation in oil lubricated bearings on the 

load independent frictional torque M0 . The gas can result from dissolved gas in the oil. The 

results were expressed in the following equation:
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(2-12)

where:
Mo the frictional torque Nmm
f0* a new bearing factor dependent on the lubrication and the bearing type -

(taking into account the presence of gas)
p the difference between atmospheric pressure and vapour pressure N/mm2 
dM the bearing mean diameter mm 
Tl the dynamic viscosity of lubricant Ns/mm2 
co the relative angular velocity of the bearing rings 1/s

Palmgren assumed a low vapour pressure, so that it is permissible to equate p to the 
atmospheric pressure. Snare [15,16,17, 18] referred to publications in which the effect of the 

vapour pressure in oils was investigated but considered that the simplification of neglecting the 
vapour pressure ( i.e. p equals the atmospheric value ) is sufficiently accurate if

n-w/p>2-10~6 . Below this limit the bearing frictional torque is not influenced by gas 

formation.

Current publications ignore the dependence of frictional torque dependence on the vapour 
pressure of oil, so it appears that this variable has little influence on the bearing frictional 

torque.
Palmgren assumed that the resistance in loaded ball bearings is mainly caused by partial 

sliding at the contact points between the rolling elements and the raceways. As a result of the 

high pressure at these contact points the balls and the raceways are separated by a thin oil 
film. Thus, the frictional torque is not dictated by the lubricant viscosity but is determined by 

the molecular features of the adsorbing layer. Furthermore, the energy losses which arise 

because of elastic hysteresis have to be considered. Assuming that the rolling resistance 
resulting from elastic hysteresis is proportional to the load and independent of the contact 

pressure and the shape of the raceway, it was established that the bearing speed and the 

lubricant viscosity do not influence this component. The sliding resistance and the resistance 

due to elastic hysteresis in loaded bearings can than be calculated as follows:



Literature review 40

(2-13)

where:
M1 frictional torque Nmm
f! bearing factor dependent on the bearing type and the load direction -
dM the mean bearing diameter mm
F the resultant bearing load N
C0 the static loading capacity N
c an exponent dependent on the bearing design

Using this theoretical understanding Palmgren developed in 1964 a practical equation 
including the influence of the load direction by use of the product Q^ • P0 , which led to the 
following equation:

(2-14)

where:

9i 
PO

frictional torque
frictional coefficient dependent on the load and bearing design
bearing factor dependent on the load direction
the static equivalent load of the bearing
the mean bearing diameter

Nmm

N

The frictional coefficient u^ only depends on the bearing design for cylindrical roller bearings, 
for ball bearings the frictional coefficient is determined by the static equivalent load P0 and by 
the static loading capacity C0 . Palmgren presented the following frictional coefficients ^.
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Bearing type

Deep groove ball bearing a = 0°

Angular contact ball bearing a = 30°

Thrust ball bearing a = 90°

Radial cylindrical roller bearing

Spherical roller bearings

Tapered roller bearings

Frictional

0.009

0.01-

0.012

coefficient ja-i
fp Y"55• Nn
V C°J

fp Y"33 
— lcoj
fp Y133 

• — lc°J

0.0025 .... 0.003

0.004

0.004

..... 0.005

..... 0.005

Table 2-5: Frictional coefficient u^ according to Palmgren [6, 7]

The factor g-i is calculated using equation (2-15) or (2-16) for radial ball bearings, equation 
(2-17) and (2-18) is used for radial roller bearings and equation (2-19) is used for thrust 
bearings. For radial roller bearings the higher value for g, • P0 has to be used.

Radial ball bearings:

, • P0 = 0.9 • Fa • cota - 0.1 • Fr (2-15) 

(2-16)

Radial roller bearings:

g1 • P0 = 0.8 -Fa - cota (2-17) 

(2-18)

Thrust bearings:

(2-19)
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where:
Q! bearing factor dependent on the load direction
P0 the static equivalent load on the bearing N
Fa the axial load on the bearing N
Fr the radial load on the bearing N
a the angular contact angle grad

2.3.1.3 The load dependent calculation method of Kunert

Kunert [51] developed an empirical model which describes the influence of the load direction 
on the load dependent frictional torque MI for angular contact ball bearings. Eschmann [50] 
explained equation (2-20) based on an understanding of Kunert and the derivation of this 
equation is described by Brandlein [13].

(2-20)

where:
M! frictional torque Nmm
^1 frictional coefficient dependent on the load and the bearing type
fi bearing factor dependent on the relative load and the bearing type
F the resultant bearing load N
dM the mean bearing diameter rnm

The influence of the load direction is considered by means of the bearing factor f,. For a 
conventional load direction the bearing factor ^ =1.0 is used and the values for other load 

directions can be taken from Brandlein [13].
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2.3.1.4 The axial load dependent calculation method of Kispert

Kispert [24] in 1981 added an axial load dependent frictional part M2 to determine the total 
frictional torque of axial loaded radial cylindrical roller bearings. The total frictional torque of a 
radially and axially loaded radial cylindrical roller bearing can then be expressed as 
MR =M0 + M! +M 2 .

Kispert assumed a direct proportional dependence of axial load and frictional torque as shown 
in equation (2-9), M2 =f2 • Fa • dM . In order to determine the bearing factor f2 Kispert developed 
a diagram as shown in figure 2-7:

bearing factor f2
0,02

0 0,5 1 1,5 
viscosity ratio

Fig. 2-7: Determination of bearing factor f2 according Kispert [24]
(the SU - bearing has an optimised rib/rolling element end face contact)

It can be observed that the bearing factor f2 is determined by calculating the viscosity ratio 
K , which is defined as the ratio between the operating viscosity vop and the required viscosity 
vi for satisfactory lubrication. The required viscosity vi can be taken from the bearing 

manufacturer's catalogue.



Literature review 44

2.3.1.5 Influence of the amount of oil on bearing frictional torque

Gafitanu [52, 53] carried out tests in order to investigate oil bath lubrication and the 

dependence of the frictional torque of bearings on the amount of oil. He developed, as a result 

of the test rig measurements, the following equation:

M R =k 1 -Fr x +kv -k 2 -n y -n 2 (2-21)

where:

MR the bearing frictional torque Nmm

Fr the resultant bearing load N

T] the dynamic viscosity of the lubricant Ns/m2

n the bearing speed rpm
kv a coefficient dependent on the amount of oil

k 1 ,k2 coefficients dependent on the bearing type and size

x,y,z exponents

Gafitanu's equation consists of a load independent frictional part and a load dependent 

frictional part, and this is similar to the Palmgren equation. However Gafitanu's equation 

considers additionally by the use of the coefficient kv the amount of oil within the bearing. For 

an oil bath lubricated ball bearing, type 6204, the following values for the different coefficients 

were found:

k^S.73-10-4 ; k 2 =0.178-1(T2 ;

x = 0.65; y = 1.0; z = 0.65;

Gafitanu carried out his tests only for the ball bearing 6204 and therefore his results are not 

applicable to other kinds of bearings.
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Hillmann [54] found in his experimental work a strong dependence of the frictional torque of 
low loaded bearings on the amount of oil in the bearing and also on the size of the oil 
reservoir. Figure 2-8 illustrates the influence of the amount of oil and the size of the oil 
reservoir for different sizes of ball bearings. It was found that as the amount of oil and the size 
of the oil reservoir is reduced there is a simultaneous reduction in frictional torque. This torque 
reduction is caused by the temperature increase resulting in a reduction of the oil viscosity in 
the reservoir.

Relative frictional torque 
1,2

6204 6210
Ball bearing type

6220

Fig. 2-8: The influence of the lubrication conditions on the frictional torque 
of different ball bearings
a) large oil reservoir, oil height up to the middle of the lowest ball
b) small oil reservoir, oil height up to the middle of the lowest ball
c) small oil reservoir, oil height below middle of the lowest ball

Jedrzejewski, Kwasny and Potrykus [55] conducted tests on minimally lubricated unloaded 
bearings. It was found that the calculation for the unloaded frictional torque developed by 
Palmgren results in high frictional torque values. A comparison between the calculated 
frictional torque of Palmgren and the measured frictional torques for oil impulse lubricated 

bearings is presented in figure 2-9.
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The results of these investigations led to a modified calculation equation for the load 
independent frictional torque and furthermore to a correction of the bearing factor f0. This 
confirms the conclusion from figure 1-14 that the Palmgren method can result in substantial 
errors.

Load independent frictional torque in Nm 
1,5

0,5

Palmgren calculation

500 1.000 
Speed in rpm

1.500 2.000

Fig. 2-9: Comparison of calculated and measured frictional torques of a cylindrical 
roller bearing NJ 220 with oil impulse lubrication

2.3.1.6 Calculation of frictional torque at low temperature

Hollatz [56] investigated the frictional torque behaviour of oil lubricated bearings at low 
temperatures. For this reason he carried out tests of low loaded, oil lubricated bearings at a 
surrounding temperature of - 40°C. Besides minimal lubrication he investigated the frictional 

behaviour of oil bath lubricated bearings using different oil levels ( H = 0.5 • d R and H = d R ). 
Hollatz observed especially at low temperatures substantial differences between the measured 
frictional torques and these calculated using the Palmgren method. The measured frictional 
torque results of an angular ball bearing, type 7312 B, can be observed for different oil levels 

in figure 2-10.
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Fig. 2-10: Rolling resistance of an unloaded angular ball bearing, type 7312 B

It was found that for an increase of the product of viscosity and speed, a change of the 
gradient of the approximate function can be observed. For values v-n<3-106 good 
agreement is obtained between the measured results and the calculated values determined 
using the Palmgren method. For higher viscosity speed values the calculated values are too 
high. However good agreement was found between the measured results and the calculated

values by changing the relationship from (v • n)% (as Palmgren suggests) to (v • n)° 51 . 
This change of the viscosity speed exponent may be caused by a local temperature increase 
due to shearing of the lubricant film. As a result of the temperature increase the lubricant 
viscosity decreases with corresponding decrease in the shear force, which in turn results in a 

reduction of the bearing frictional torque.
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2.3.1.7 Influence of preloading on the bearing frictional torque

Potrykus [57] explained that although bearing forces are normally applied from outside, 

so-called "inner forces" can also occur. These forces are caused by negative clearances within 

a bearing and lead to a preload of the system. This kind of bearing load cannot be accounted 

for within the Palmgren calculation method. However, in spindle bearings and in bearings for 

printing machines the preload can make a significant contribution to the total frictional torque 

and as a result the preloading was taken into account as expressed in the following equation:

(2-22)

within:
M1 the load dependent frictional torque Nmm

f! bearing factor dependent on the bearing type and load

F the equivalent load of the bearing N

dM the bearing mean diameter mm

In equation (2-22) the equivalent load is determined by using the largest values according to 

the following equation:

r= (2-23)

The rules for determination of the equivalent load are available in Potrykus [57]. The preload 

load caused by negative clearance in a bearing can be calculated as follows:

Cylindrical roller bearing:

F^S-z-L11 -^09 (2-24)

Ball bearing:

F;=0.8.z-L15 -dR 05 (2-25)
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where:
FJ the inner load of a bearing N
z the number of rolling elements of a bearing
L the absolute value of the negative clearance jim
IP the length of a rolling element mm
dR the rolling element diameter mm

2.3.1.8 Calculation of frictional torque at high rotational speeds

Clarke and Mabie [59] introduced an empirical expression for predicting the frictional torque 
of instrument bearings as a function of the bearing size, rotational speed and load. He found 
that the predictions using previous calculation methods do not agree with experimental data. 
This arises since the previous methods were based on the performance of either larger and 
slower or differently lubricated bearings. Their equation was developed from experimental data 
taken from tests of oil lubricated ball bearings with combinations of radial and axial loads and 
speeds up to 40 000 rpm. The resulting empirical equation is:

MT =n^[(A 1 +F;.A 2 +A3 -Fax *)]+n2 .[(A 4 +Fr*-A5+ A 6 -Fax*)].10-6 (2-26)

A! = 4569 - 28030 • dM + 45327 • dM 2 (2-27)

A 2 = 746 - 3096 • dM + 5482 • dM2 (2-28)

A 3 = -167 + 1072 -dM (2-29)

A 4 =-27 + 201-dM -313-dM 2 (2-30)

A 5 =18.14-109-dM +170-dM2 (2-31)

A6 =-0.17 + 268-dM (2-32)

Fr * = -1.33 + 0.03 • Fr - 6.7 • 10-5 • Fr 2 (2-33)

F* = 0.025 • F - 0.00005 • F^ 2 (2'34)
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where:
MT running frictional torque mg • mm
Fr radial bearing load g
Fax axial bearing load g
n rotational speed rpm
dM mean bearing diameter inch

A disadvantage of Clarke's equation is its length which makes it cumbersome to apply and 
moreover it does not take into account the possible differences in frictional torque 
characteristics of bearings having the same mean diameter but having different numbers and 
sizes of balls.
In view of the limitations of the Clarke and Mabie equation Korby and Mabie [60] presented a 
new empirical equation for determining the frictional torque of instrument - size ball bearings. 
They conducted tests on oil lubricated ball bearings with combined radial and axial loads up to 
a speed of 40 000 rpm. They undertook a multiple regression analysis with the following 
variables: the rotational speed, axial and radial load, the bearing size as represented by the 
bearing mean diameter dM , the ball diameter and the number of balls. The following equation 
represents the best fit to the measured data:

MT =220-(n-Fr )a2 +331-10-7 -n-z2 -Fax +747-10-3 -n-dM (2-35)

where:
z number of balls in the bearing

The ball diameter is not directly present in the empirical equation, since it depends on the 
bearing mean diameter and the number of balls. In addition the ball diameter has only a small 
influence on the bearing frictional torque. The torque values determined by the empirical 
equation show relatively good agreement with the frictional torques measured for several 
bearing sizes over a range of speeds and loads.

During the survey of the empirical calculation methods a large variety of torque predictions 
were covered. However, most of the investigations have dealt with deep groove ball bearings 
and angular ball bearings. The experimental work has been based on limited operating 
conditions, and consequently the calculations illustrate good results only for these conditions, 
so that the prediction requirements resulting from the power increase of machines cannot be 

fulfilled.
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Moreover, the empirically developed factors can not be transferred to radial cylindrical roller 
bearings, although similarities in the frictional torque characteristics and the torque 
dependencies can be assumed.

2.3.2 Analytical investigations on bearing fractional torque 

2.3.2.1 The calculation method of Snare

Snare [15, 16, 17, 18] divided the total frictipnal torque into hydrodynamic and non 
hydrodynamic parts. Assuming that the lubricant shows a Newtonian behaviour, with a 
constant density, the hydrodynamic resistance torque is calculated using the following 
equation:

(2-36)

i 2
.2

where:

M0 hydrodynamic frictional torque Nmm
(p correction factor dependent on the lubrication
f0 bearing factor for frictional torque calculation

	dependent on the speed and viscosity
Pi pressure calculated from Reynolds equation N/mm
11 dynamic viscosity of lubricant Ns/m"
(o angular velocity 1/s
dM mean bearing diameter mm

The pressure p^ is obtained from the Reynolds equation, using the simplification that the 
dynamic viscosity r\ is pressure independent. This assumption is only reasonable for unloaded 
bearings. In order to determine the non hydrodynamic friction part it is assumed that pure 
rolling occurs so that the rolling friction is only caused by the elastic hysteresis and this can be 
determined by experiments. A test with cylindrical rolling elements with a diameter dR between 
two flat plates under a load Q leads to the following result:

m.
Q-dc

= const. (2-37)

where ma is defined as the hydrodynamic rolling torque of one contact surface between a 
rolling element and a flat plate or a bearing ring, relative to the rotational axis of the bearing.
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For the non-hydrodynamic resistance M, of a cylindrical roller bearing the following equation 
can then be used:

(2-38)

where:
Mi non-hydrodynamic resistance (load dependent frictional torque) Nmm
ma relative hydrodynamic rolling torque according to Snare
Q single radial load of a rolling element N
dR rolling element diameter mm
dM mean bearing diameter mm

Figure 2-11 illustrates a radial bearing with clearance. The deflection and the load distribution 
at any rolling element angular position can be observed.

Qmax

Fig. 2-11: Radial load distribution after displaced bearing rings

For static equilibrium to exist, the applied radial load must equal the sum of the vertical 
components of the rolling element loads. The load imposed on the rolling elements ]^Q can 

be obtained as follows:

'max (2-39)
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The integral I is defined as:

1 vf " 1= 2^r J i ~^r-(i - cos v) 1.1
• d\|/ (2-40)

where:
Q(\l/) single load of a rolling element dependent on the angle coordinate N
\l/ angle coordinate °
I load integral
Z number of rolling elements
Qmax maximum load of a single rolling element N
E load influencing factor

Qmax can be calculated from:

Fr ~Jr .z-Qmax (2-41)

The integrals Jr and I are dependent on the load parameter e and for bearings without 

clearance it is s = 0.5. In that case the load is distributed over the half roller set. Using the 

equations above the load dependent frictional torque can be calculated according to the 

following equation:

= 0.5) F . d (2-42) 
' Fr dw ( >

The total frictional torque MR of a cylindrical roller bearing is calculated by summation of the 

hydrodynamic frictional part M0 and the load dependent part ML
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2.3.2.2 The calculation method of Harris

Friction represents an energy loss and retards motion. Hence friction in a rolling bearing leads 

to a temperature increase and may be measured as a retarding torque. The principal sources 

of friction as defined by Harris [3, 61] are as follows:

a) Elastic hysteresis in rolling

b) Sliding due to deformation of the contacting elements and the bearing geometry

c) Spinning of the rolling elements

d) Gyroscopic pivotal motion of the rolling elements

e) Lubricant friction

f) Sliding between cage and rolling elements, cage and bearing rings

g) Seal friction

Harris studied the equilibrium of forces acting on a ball and took into account the friction due to 

spinning of the rolling elements. He assumed a constant friction coefficient for all rolling 

contacts within the bearing. In [3] he discussed the frictional influences of the cage. During his 

studies, he also considered the load distribution and the distribution of the angular velocities of 

the contacting bodies within a bearing.

2.3.2.3 The calculation method of Walters

Walters [62] investigated in 1971 the dynamics of cage behaviour in ball bearings under 

normal and extremely high loads. He developed a calculation program to simulate the bearing 

kinematics, and formulated differential equations of motion by defining three translatory and 

one rotational degree of freedom. 10The Runge - Kutta - method was used in order to solve 

the differential equations of motion. Walters calculated the normal forces within the sliding / 

rolling contact by a Hertzian contact. The normal forces within each contact and a 

predetermined constant friction coefficient were used to determine the friction forces and 

hence the bearing frictional torque. The solution of the differential equations of motion results 

in a representation of bearing kinematics.

10 The Runge - Kutta - method is a numerical method of solving differential equations.
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2.3.2.4 The calculation method of Gupta

Gupta [63, 64] developed a calculation procedure which is based on a three dimensional 

model whereby each bearing element is described using three translational and three 

rotational degrees of freedom. This model can be used for all bearing types and designs. At all 

contact points within the bearing EHL conditions are assumed. This stationary 11 EHL - theory 

neglects the damping action of the lubricant as illustrated in figure 2-12.

inner ring raceway

Fig. 2-12: Model of a lubricant gap according to the stationary EHL - theory

In calculating the friction forces Gupta used a friction coefficient \i, which depended on the 

sliding velocity. This was determined experimentally by means of tests on a wheel test rig. 

However Gupta did not carry out any bearing tests to compare calculated and measured 

results. Subsequently Gupta's calculation method has then compared with measured data 

from test rigs at INA. Relatively poor agreement was obtained despite of the sophistication of 

the calculation method.

11 EHL is Elasto - Hydrodynamic Lubrication
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2.3.2.5 Calculation method of Zhou and Hoeprich

Zhou and Hoeprich [65] presented a new model for calculating the frictional torque of tapered 
roller bearings which was based on the EHL - theory and a micro - macro contact analysis. 
They assumed that the frictional torque of a tapered roller bearing consists mainly of the 
following components; a) a frictional torque due to raceway rolling and sliding; b) a frictional 
torque due to rib - rolling element end face contact; c) sliding friction between rolling 
elements and cage and d) "flinging" friction within the lubricant.
Since c) and d) are relatively small only a) and b) were considered. Thus, in order to determine 
the frictional torque in a tapered roller bearing, the rolling and sliding friction on the raceways 
and the rolling and sliding friction in rib / rolling element end face contacts were analysed. The 
resistance forces cause a frictional torque at these contacts. The rolling and sliding resistance 
forces are determined for each rolling element arid the frictional torque was calculated by 
summing up the torque of each rolling element.

a) Bearing frictional torque from the raceway contacts

The cone / rolling element and the cup rolling element raceway contacts of a tapered roller 
bearing were different with respect to pure rolling. Figure 2-13 illustrates the forces and 
moments acting on a tapered roller surface, where FSj0 and F8>i are the friction forces due to 
sliding and asperity contacts on the raceways.

R

Fig. 2-13: Forces and moments acting on the surfaces of a rolling element of a tapered 
roller bearing
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From force and moment equilibrium, momentarily neglecting the rib / rolling element end face 
contact and taking into account that the net moment due to the pressure distribution is zero, 
and further using the equivalent radius of the cone rolling element contact Re>i and the 
equivalent radius of the cup rolling element contact Re,0 , the bearing torque from the raceway 
contact becomes:

where:
Mraoe 
Mcup 
MCone

R0
Re,0
Ri
Re,i

= FO • (R O -Reo

the bearing frictional torque from the raceway contact
the bearing frictional torque from the cup contact
the bearing frictional torque from the cone contact
the friction resistance force due to the cup contact
the friction resistance force due to the cone contact
radius of cup rolling element contact
equivalent radius of the cup rolling element contact
radius of cone rolling element contact
equivalent radius of cone rolling element contact
angle of cone raceway
angle of rolling element raceway

+R ei •cos(a-l

Nmm
Nmm
Nmm
N
N
m
m
m
m
radiant
radiant

(2-43)

b) Bearing torque from rib / rolling element end face contact

From moment equilibrium due to the cone - roller contact line the following equation can be 

written:

= -Frib -h-f-Fs • D r -Mr = 0 (2-44)

The bearing torque due to the rib / rolling element end face contact is then calculated using

Mrib =Fs -R0 =Frib .A.Ro+ ^L.Ro

where:
Mrib
Fs

Dr

the frictional torque due to rib/rolling element end face contact
the friction force due to sliding
the frictional force of rib/rolling element end face contact
distance from the bearing raceway to the contact point
between the rib and the rolling element end face
the middle diameter of a rolling element

Nmm
N 
N
m 

m

(2-45)
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In equation (2-45) Mr is the friction torque due to the approximate elliptical area of the rib / 
rolling element end face contact.

c) Bearing frictional torque for a single rolling element

The total bearing frictional torque for a single rolling element of a unit contact length becomes:

M,0, = F0 • (R0 - R e,0 • cos(ai + p)) (2-46) 

+ F, .(R, +R.., •cos(a l +P))+Frib . A.RO +Mr .5s.

where:
Mtot total frictional torque of a bearing Nmm

The rolling resistance forces F0 and Fj and the friction force of the rib / rolling element end face 
contact Fnb can be calculated as follows:

Rolling resistance forces F0 and F;

By solving the Reynolds equation and the elasticity equation for a line contact and taking 
simultaneously into account the pressure - viscosity relationship, the lubricant film shape and 
the pressure distribution of an isothermal EHL line contact can be determined. From the 
results of the contact pressure distribution, the lubricant film shape and the elastic deformation 
the rolling resistance forces can be calculated. However this method is too complicated and 
cumbersome for normal use in engineering. Consequently, Zhou and Hoeprich [65] defined 
after using curve fitting methods a load parameter W, a material parameter G, and a speed 
parameter U as functions of the rolling resistance forces of pure rolling and these can be 
expressed as follows:

W = —— - —— a dimensionless load parameter

G = ap • E' a dimensionless material parameter

U = T| ' Ur a dimensionless speed parameter E'-R'
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These functions establish the rolling resistance force relationship with load, speed and 
material parameters. Goksem and Hargreaves [6$] developed a composite rolling resistance 
equation for an isothermal line contact. To account for the thermal effect of oil inlet shear a 
thermal reduction factor OT developed by Zhu and Cheng [45] is used to modify the 

isothermal film thickness equation. Thus, for a fully flooded EHL line contact the equation for 
the rolling resistance forces can be derived as:

Fro = *TO ' FTOJSO and Fn = ®r, • Fri,iso (2-47)

Friction force of the rib / rolling element end face contact

According to Zhou and Hoeprich [65] the friction force of a rib / rolling element end face 
contact consists of two parts:

Frib=Fr,a +Fr,EHL (2-48)

where, Fr a is the frictional force due to the asperity contact for a rolling element, and Fr EHL is 

the traction force due to EHL lubricant shear stress.

Traction force due to asperity contacts

When a bearing operates with a low ratio between the EHL film thickness and the surface 
roughness the asperity force Fr a is the important part of the total rib / rolling element end face 

friction force Frib . A contact model was developed for use in determining the asperity load and 

the friction due to asperity contact. The frictional force of the rib / rolling element end face 
contact due to asperity contacts can be calculated as follows:

(2-49)
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where:
Ha the friction coefficient due to the asperity contact
Na the normal load supported by the asperity contact N
Oc a surface lubricant film factor
S0 the critical shear stress for the material N/mm2
P0 the yield stress N/mm2
Nrib the normal force of rib/rolling element end face contact N
B an asperity load exponent
A ratio of film thickness to composite surface roughness
c an asperity load exponent

Friction force due to EHL lubrication

The rheological model of Bair and Winer [67] was used by Zhou and Hoeprich [65] to

calculate the friction force in the rib / rolling element end face contact of a tapered roller 

bearing. The three primary physical properties of the lubricant which are used are the limiting 

elastic shear modulus G^ , the low shear stress viscosity T| , and the limiting shear stress TL .

They are all functions of pressure and temperature. G^ and TL can be obtained using 

Dyson's equations [87]. The local shear stress can be obtained at each contact point in the 

Hertzian contact area of the rib / rolling element end face contact by an iteration process. The 

EHL friction force due to lubricant shear stresses between the bearing rib and the rolling 

element end faces can then be calculated by the following integration:

jT(x,y)x -dx-dy (2-50)
-a -b

Total frictional torque of a tapered roller bearing

After calculating all the friction forces and moments for each rolling element the total bearing 

frictional torque can be calculated by

H

. ] (4-51)

where, z is the number of rolling elements within the bearing.
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2.3.2.6 The calculation method of Steinert

Steinert [68, 69] developed a calculation program for determination of the frictional torque of 
ball bearings with a rib guided cage. He used a calculation model, which separated the 
physical effects causing friction within a bearing, and took into account:

- irreversible deformation work of the balls, M^

- rolling friction between the bearing rings and the balls, MBZ

- drilling or spinning friction between the bearing rings and the balls, Mcz

- sliding friction between the bearing rings and the cage, MDI.

- sliding friction between the balls and the cage, MEZ

In order to reduce the calculation time and hence increase the applicability of the method 
Steinert introduced some simplifications and approximations. In calculating the irreversible 
deformation work of the balls, he assumed, within the contact zone a Hertzian pressure 
distribution, which deviates little from the EHL - pressure distribution. After ignoring slip and 
insignificant differences of rolling element angular velocities the method results, after 
summation over all rolling elements, in the frictional torque M^, caused by the irreversible 

deformation of the balls, so that

where i0 =
<oa -o>i

-b)OR+ (Q.b)(R ]k (2-52)
k=1

is defined as the transmission ratio between the rolling elements and the

rotational axis of the bearing, K is damping factor during rolling stress, Q is the normal force 
[N] and b [m] is the small semiaxis of the Hertzian pressure area.

The rolling friction between the bearing rings and the balls was divided by Steinert into a solid 
friction component and a lubricant friction part. He used the Hertzian pressure distribution in 
order to calculate the normal force, which is required to calculate the solid friction. Steinert 
calculated the lubricant frictional part using the EHL - theory. In order to get round the iterative



Literature review __________________________ ___ 62

solution of the EHL contact problem, he calculated the elasto hydrodynamic frictional force of 
rolling, using an approximate solution. The frictional torque is then expressed as follows:

MBE = 'R ' %- ' 2 (Fop + FIR )k (2-53)
k=1

where:
i R transmission ratio between the rolling elements and bearing rotation axis
dH diameter of a rolling element m
FOR frictional force at the outer ring contact N
F,R frictional force at the inner ring contact N

Besides pure rolling friction in an angular contact ball bearing a rotary motion occurs 
perpendicular to the contact surface and this is termed drilling friction. The resultant friction 
resistance forces cause a moment against the driving axis. The drilling friction between the 
bearing rings and the balls was also considered to have solid and lubricant frictional parts. The 
solid part was again calculated using Hertzian theory and the elasto-hydrodynamic frictional 
part is based on a hydrodynamic shear stress formula. The drilling frictional torque M CL is 

calculated using the following equation:

MCI = 2 ['D,OR ' MOR + «'DJH ' M IR i (2~54)
k=1

where:
i D,OR transmission ratio between drilling speed and bearing outer ring speed
i D i R transmission ratio between drilling speed and bearing inner ring speed
MOR frictional torque acting from the outer ring to the balls Nm
M,R frictional torque acting from the inner ring to the balls Nm

The sliding friction between the bearing rings and the cage can be calculated with a good 
approximation according to Steinert as a circular flow and the sliding frictional torque MD2 can

be expressed as follows:
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MDI -4-7c-T|-beff •

i ,.x ™ (R 1 ' (RC,OR +

RI ~Rc,OR +

+• 2 2

o • ((RciR + *+ 2-iC)i R • <OIR «G •-^r-J —— 
(RC,iR + K

K-AR))2

K-AR))2

•AR)2 -R2 2

(2-55)

where:
n dynamic viscosity of lubricant Ns/m2
iCOR transmission ratio of relative speed between cage and outer ring
iclR transmission ratio of relative speed between cage and inner ring
WOR angular velocity of the outer ring 1/s
o>IR angular velocity of the inner ring 1/s
ooc angular velocity of the cage 1/s
AR radial deformation of the cage caused by centrifugal forces m

The radii R^Ra.Ra.Rc.oR'RaiR ancl tne effective sliding surface width beff of the cage outer 
ring contact are defined in figure 2-14.

o: o 
o o" 

or

111
CN

1

Fig. 2-14: Definition of the radii 
width b eff for equation (2-55)

and the effective sliding surface
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For an exact description of sliding friction between balls and cage a knowledge of the relative 
movement of each ball is essential and therefore a dynamic analysis of the bearing is required. 
Test results have shown that only small forces occur between the balls and the cage, hence 
an EHL calculation is not required. Therefore, a hydrodynamic shear stress model is used in 
order to calculate the sliding frictional torque and a full oil lubricated gap and laminar flow are 
assumed. Taking into account the small influence of the eccentricity, the shear stress is 
calculated for a non-eccentric cage movement and after using the speed transmission ratio i R 
the frictional torque due to sliding friction between the balls and the cage is

= TC-TVSC -COR -i R •RR-7--
,
[2 -sin 2 (x + cos 2

k=l

within:
K\ the dynamic viscosity of lubricant
sc the height of the cage
COR the angular rolling element velocity
i R the transmission ratio between the rolling elements and bearing rotational axis
R R the radius of a rolling element
h the gap width between cage and ball
a the angular angle

(2-56)

Ns/m2
m
1/s

m
m 
radiant

The total frictional torque is obtained by adding the separate frictional parts as illustrated in the 
following equation:

M total = M BS (2-57)

Under minimum lubrication conditions it is assumed that there is not enough oil in the bearing 
for a hydrodynamic interaction between the cage and the other bearing elements. Therefore 
the bearing operates in the area of mixed friction and the frictional torques M DZ and M EZ can 
be neglected. The total frictional of minimally lubricated ball bearings can be calculated as 
presented by Week and Steinert [70] using the following equation:

Mtotai = (2-58)
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Steinert carried out tests of minimally lubricated ball bearings in order to check the results 
derived from his calculations. The calculated and measured variations with bearing speed 
showed broadly similar characteristics although the calculated values were always less then 
the measured data. The equations derived by Stainert provided satisfactory frictional torque 
calculations for minimally lubricated ball bearings. Tests on fully lubricated ball bearings have 
not been conducted but comparisons to calculations using the Palmgren method suggest 
some restrictions for the applicability of the Steinert method. However, the Palmgren method 
show in many cases insufficient values, so that Steinerts' predictions should be compared with 
measured results.

2.3.3 Analytical investigations of frictional torque of planetary bearings

Potthoff [71] developed in 1986 a calculation method to predict the frictional torque of 
planetary bearings for a full complement design. A two - dimensional calculation model was 
used to calculate the bearing kinematics and the velocities in the lubrication gap under non- 
stationary hydrodynamic conditions. This assumes that the contact surfaces are completely 
separated by a lubricant film and the displacement flow speed v m (= v, +v 2 ) is included in the 
calculation of the forces as shown in figure 2-15.

rolling element

V2| clearance
vJ

1
spring

damper

inner ring raceway

Fig. 2-15: Model of a lubricant gap according to the non-stationary EHL - theory 
according to Potthoff [71]
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Figure 2-16 illustrates the flowchart for the lubricant gap calculation. The pressure is assumed 

to vary with values of x. The gap geometry distribution is then calculated separately using the 

Reynolds equation and the elastic deformation. The pressure distribution variation is changed 

and further iterations undertaken until the two calculated results of the gap geometry 

correspond.

p(x) P(

\

x)

viscosity and 
compressibility 

equations

variations in p(x)

\ \ 
\
|

f

Reynolds P(X)
equation „<

.--   Vi M

x)

P(x)

elasticity 
relationship

comparison 
hor,(x)-hp(x) h.:(x)

Fig. 2-16: Flowchart for calculating the dimensions of the lubricant gap 
according to Potthoff [71]

Because of the calculation requirements Potthoff derived approximate equations to calculate 

the lubricant gap forces. The pressure and friction forces within the lubricant gap are assumed 

to depend on the following factors:

the nominal height of the lubricant gap h nom

the displacement flow speed vm

the circumferential speeds u, and u 2

The equations were derived using a reference oil at a temperature of 70°C, which corresponds 

to a viscosity v = 26mm 2 /s. The calculation uses the bearing geometry and kinematics, to 

calculate the factors within the EHL contacts and provides the approximate equations which 

are used for the calculation of the lubricant gap forces. These forces are then employed finally 

in the equations of motion. Although this method provides reasonable estimates of the
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kinematics, the frictional torque predictions are limited to a narrow range of oil viscosities and 
only applied when the flow of lubricant is limited. The method cannot be applied to a wide 
range of bearings particularly if axial loads are applied.

Siepmann [72] extended the calculations of Potthoff to cage guided cylindrical roller bearings. 
He carried out many tests using cylindrical roller bearings of different design and size in order 
to verify the results of his simulation. He developed a test rig which provided measurements 
on the frictional torque and the cage slip of cylindrical roller bearings under oil lubrication. The 
lubricant frictional part of fully flooded conditions was not included in the simulation so that the 
calculated results at small centrifugal acceleration are generally below the experimental 
values. At high planet carrier speeds good agreement was achieved between measured and 
calculated values.

In 1989 Raphael [73] developed a simulation based on the Potthoff method for calculating the 
frictional torque and the slip of full complement needle bearings used in planetary gear 
applications. These needle bearings support tilting moments which result in three-dimensional 
behaviour within the bearing. Consequently Raphael used a three-dimensional model to 
simulate the needle bearing kinematics.

Hansberg [74] extended the approximate equations for calculating the non-stationary elastc— 
hydrodynamic lubrication gap behaviour designed by Potthoff to an oil viscosity range of 6 to

26 mm 2/s.

Liang [75] developed in 1992 approximate equations in order to calculate the frictional torque 
of planetary bearings. He extended therefore the simulation of Siepmann by introducing a 
realistic method to cover the cage macro elasticity. He calculated the bearing frictional torque 
for an extensive parameter field covering a range of practical applications. The calculated 
frictional torques are used as checkpoints for solution fields, which have been transferred in 
simple approximate equations. These equations can be solved by use the least mean error 

square method.

Using these calculation equations consisting of all independent variables, which can be taken 

by the designer, gives the opportunity of using the coefficients C^.......^ and C R to calculate

the frictional torque of planetary bearings as presented by Jarchow and Liang [76] using the 

following equation:

_ /-s /•> t I ft v-'s i,-CVCp-fs-CdM) •(,, _ _ ... (2_5g)

i B sin|C4 .y+C5 . —
c«^-•6

4M
+cHfdM
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where:

and

Ff=nV<»so a

c -c f100°- FfCL _C9 - —-——
I co

\C10

(2-60) 

(2-61)

MR the total frictional torque of the bearing Nm
dM the mean bearing diameter m
a the distance to the centre of rotation m
FL the resultant bearing load N
F, the centrifugal force N
T| the dynamic viscosity Ns/m2
cops the relative angular velocity of planetary gear 1/s
ojso the angular velocity of the sun gear 1/s
7 the angular position of the resultant bearing load radiant
B the width of the bearing m
C0 the static loading capacity N
fs the bearing clearance factor

The resultant bearing load FL [N] is calculated by vector addition of the forces caused by the 

driving torque and the centrifugal forces of the planetary gear mass Ff [N]. The coefficients for 
determining the influence of the bearing clearance can be taken from table 2-6:

Full complement bearings

fs Yfs =0.49- |^-1 +1 
1 S° )

, ,-0.05

fs= — 
cl b°;

SL<I
S0

^L>1
S 0

Cage guided bearings

f8 =0.16-f|^-lT + 1 
l b° )

(B V0-06 
f - L s ~ <5 l b°J

^,1
S 0

^> 1
S 0

Table 2-6: Coefficients for determination of bearing clearance influence
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S 0 is the standard bearing clearance; S L is the operating bearing clearance;

The coefficients for different bearing designs are given in the following table:

G!

C2

C3

C4

C5

C6

C7

C8

C9

Cio

CR synchronous

CR reverse

Full complement cylindrical roller 
bearing

UOR

0.0262

1.10

1.04

1.02

0.22

-0.70

3.56

0.00

UIR

0.0141

1.10

1.12

1.02

3.46

0.30

2.67

0.00

0.072

-0.82

1.00

0.81

1.00

0.73

Rib leaded cylindrical roller bearing 
with a cage

UOR

0.0216

1.30

0.92

0.25

0.80

0.00

55.56

5.13

U,R

1.30

0.92

1.50

3.40

0.00

235.53

2.64

0.261

-0.15

1.00

0.97

0.97

1.00

Table 2-7: Coefficients C|...... C10 and C R for cylindrical roller bearings
UOR is rotating bearing outer ring; u,R is rotating bearing inner ring;

Equation (2-59) does not include either the axial load dependent frictional component or the 
load independent frictional torque. These frictional torques are calculated using the equations 

of the bearing manufacturers for stationary applications and are to be added to the results 

achieved from equation (2-59).

Kiene [77] conducted many tests using a planetary gear test rig for different bearing designs 

in order to verify Liang's calculations. He found for the radial cylindrical roller bearing NJ2309 

(equipped with a massive brass cage) large differences between the calculated and test 

results. It was assumed that this systematic error was caused by overestimating the parameter 

b/dM in the approximate equation, since for the bearing NJ2309 the value is outside of the 

area investigated by Liang. An upper limit of the parameter b/dM of 0.3226 was then
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employed. For all other cases, the measured frictional torques were in good agreement with 
those obtained using Liang's calculation method.

Bartels [78] developed in 1996, a sliding/rolling contact model, which connects non-stationary 
hydrodynamic and elasto-hydrodynamic theories and enables the calculation of sliding/rolling 
contacts at a particular load. During the overall bearing calculation, a single sliding/rolling 
contact moves through different load regions. Outside of the load zone, the rolling element 
rotates only slowly with little centrifugal force acting on a rolling element. Relatively small 
bearing loads are applied, so that the height of the lubricant gap can be calculated with a 
sufficient accuracy by use of the hydrodynamic theory. For high bearing loads and especially 
when the rolling element enters the load zone, it is necessary to consider the elastic 
deformation of the contacting surfaces.

In the load zone the required height of the lubricant gap is calculated using the elasto- 
hydrodynamic theory. The non-stationary sliding/rolling contact model developed by Bartels 
gives the bearing frictional torque and the height of the lubricant gap for all the different load 
situations within a bearing.

Measurements taken on the large bearing test rig at INA showed good agreement for the 
frictional torque and bearing kinematics between calculations and test results when there is 
little rolling element slip.
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2.3.4 Frictional torque calculation methods of the bearing manufacturers 

2.3.4.1 INA frictional torque calculation method

INA [19] uses a calculation method for frictional torque prediction of bearings which is based 
on the Palmgren method developed in the 1950s. The method relates the total frictional 
torque to the speed, the lubricant viscosity and the load as shown in chapter 1 according to 
equations (1-4) to (1-8).

The total frictional torque of a radially and axially loaded radial cylindrical roller bearing is 
determined by summing up the different frictional parts M0 , M! and M2 . The axial load 
dependent frictional torque is expressed as M2 = f2 • Fa • dM . In order to determine the

bearing factor f2 for an axially loaded radial cylindrical roller bearing INA created a bearing 

design parameter A , which is calculated with the aid of the factor k B according to the 

following equation:

(2-62)

The parameter A is used to calculate the ratio Fa /A in order to determine the bearing 

design and size dependence. The specific axial load and the operating parameters are used 
for determination of the bearing factor f2 . The f2 factors obtained from figure 2-17 are valid 

for recirculating oil lubrication with sufficient volume of oil.

The bearing factor can be lowered only to a limited degree by using oils with higher viscosity. 
Increased oil viscosity results in higher temperatures and hence in a reduction in the 
operating viscosity. The curves in figure 2-17 may not be extrapolated. Furthermore, the ratio 

Fa /Fr < 0.4 should not be exceeded.



Literature review 72

t 0.02 -

0,01 -

§ 0,005 -

CO 
<DDO

5E+4 1E+5 2E+5
0,0005

1E+4 2E+4
T———————I———————T

SE+5 1E+6 2E+6

Operating parameter u*n*dM

5E+6 1E+7

min3 s~1 mirr1

Fig. 2-17: Bearing factor f2 against the operating parameter

2.3.4.2 SKF frictional torque calculation method

The SKF method is also based on the Palmgren theory and is similar to the INA method as 
described in chapter 1. Differences can be seen in the friction coefficient values f^f, and f2 . 

The values can be taken from table 2-8, which is listed only for oil lubricated radial bearings.

Cage guided cylindrical roller 
bearing

Series 10

Series 2

Series 3

Series 4

Series 22

Series 23

Full complement cylindrical 
roller bearing

Bearing factor
fo

2.2

2.2

2.2

2.2

3.0

4.0

5 to 10

Bearing factor
fi

0.0002

0.0003

0.00035

0.0004

0.0004

0.0004

0.00055

Bearing factor
*2

0.002

0.002

0.002

0.002

0.002

0.002

0.003

Table 2-8: Bearing factors for single row radial cylindrical roller bearings used by SKF
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The bearing factors f2 are valid for a viscosity ratio K > 1.5 , which is the ratio between the 
operating viscosity vop and the necessary viscosity v^ Furthermore, the load ratio for radially 
and axially loaded radial cylindrical roller bearings should conform to Fa /Fr < 0.5.

2.3.4.3 FAG frictional torque calculation method

The FAG calculation method is published in Brandlein [13]. The method is also based on 
the Palmgren theory and extended by the addition of an axial load dependent frictional part 
Ma . The total frictional torque M R is calculated as follows:

MR =M0 M (2-63)

The load independent frictional torque M0 and the radial load dependent frictional torque M1 

are calculated as described in chapter 1. The bearing factor values f0 and f1 for oil 

lubricated radial bearings are shown in table 2-9:

Cage guided cylindrical roller bearing

Series 1 0
Series 2
Series 3
Series 4

Series 22
Series 23

Full complement cylindrical roller 
bearing

Series 18V
Series 22 V
Series 29 V
Series 30 V
Series 22 V
Series 23 V

Bearing factor f0

2.0

2.0

2.0

2.0

3.0

4.0

Bearing factor f0

5.0

8.0

6.0

7.0

8.0

12.0

Bearing factor fi

0.0002

0.0002

0.0002

0.0002

0.0003

0.0004

Bearing factor f1

0.00055

0.00055

0.00055

0.00055

0.00055

0.00055
Table 2-9: Bearing factors f0 and fn for single row radial cylindrical roller bearings used 
by FAG
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The axial load dependent frictional torque Ma is calculated using the following equation:

Ma =fa -0.06-Fa -dM (4-64)

The friction factor fa is dependent on the magnitude of the axial load Fa , the conditions of

lubrication and the operating conditions. The values for fa can be obtained from the FAG 

catalogue.

2.3.4.4 Timken frictional torque calculation method

Timken [63, 64] calculates the frictional torque of bearings, whereby each parameter which 

influences the frictional torque is allocated an exponent which specifies their quantitative 

influence on the calculation. The method is illustrated in their publications by application to a 

single row tapered roller bearing. The frictional torque is calculated as follows:

(\ F ^a3 
M R = 2.56 -10-6 • G 1 - (n,R - 7i)° 62 - p-^ (2-65)

v K ;

The factors K and G 1 are dependent on the bearing design and can be taken from tables in 

the catalogue. The bearing factor f., is influenced by the combined load which always occurs 

in tapered roller bearings because an axial load always produces a radial component. If the 

driving speed n IR is less than

<2-66>
K

the method does not apply. The geometry factor G 2 and the load factor f2 can be 

determined from the catalogue. Thus, the frictional torque of a tapered roller bearing can be 

calculated only for higher speeds because of the restriction of equation (2-66).
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2.4 Evaluation of the literature review

The publications covered in this review of the literature have dealt with measurements of 

frictional torque behaviour of bearings and investigations of calculation methods for frictional 

torque prediction as well as with design improvements connected with minimisation of 

frictional losses within a bearing.
Most of the investigations concerning radial cylindrical roller bearings have been 

conducted in order to develop an optimised rib / rolling element end face contact shape for 

minimum frictional losses and maximum axial load carrying capacity. Further investigations 

have been carried out in order to evaluate the running - in state and to determine the scuffing 

loads of combined loaded radial cylindrical roller bearings.

Empirical methods for calculating the axial load carrying capacity have been derived by the 

bearing manufacturers and an optimised high axial load carrying contact shape has been 

introduced. The theoretical background of oil flow in an axial gap during rotation and the 

lubrication performance at the rib / rolling element end face contact has been discussed by 

Giese [34].
Most of the presently used frictional torque calculation equations are based on the 

method derived by Palmgren in the 1950s, who divided the total frictional torque into load 

independent and load dependent parts. Palmgren's equations have been modified by the 

bearing manufacturers to include an additional term, M2, see equations (1-3 to 1-8), which is 

used for calculating the axial load dependent frictional torque of combined loaded bearings. 

These equations enable a calculation of the frictional torque by use of bearing coefficients, 

which have been experimentally determined by the bearing manufacturers.
More recently the high performance required from modern machines has led to 

improved designs and production technologies for bearings as well as significant 

improvements within the lubrication field. Because of these developments the conventional 

calculation methods for frictional torque are not sufficiently accurate. Therefore, research has 

been carried out to develop new calculation methods for the determination of bearing 

frictional torque. Also, the frictional behaviour with different lubricants was studied to 

determine the effects of different operating conditions and methods of lubrication. It was 

found, that the bearing frictional torque shows a strong dependence of the method of 

lubrication and also on the amount of lubricant within the bearing.
Jedrzejewski, Kwansy and Potrykus [55] modified Palmgren's load independent frictional 

torque equation by introducing an exponent p, which takes into account the method of 

lubrication. They determined by experiments new bearing coefficients f0 . Hillmann [54]
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showed in his work large deviations between the previously existing f0 - values in
comparison to his measurements. In order to calculate the dependence of the total frictional
torque of a bearing on the oil flow rate, Gafitanu et. al. [52, 53] introduced a special factor kv
and determined this factor experimentally for a ball bearing.
In the meantime although several friction torque prediction models have been introduced in
the literature, general equations, showing how the bearing frictional torque depends on the
oil flow rate or the amount of oil in a bearing were not found in the literature.
Hollatz [56] conducted tests on oil lubricated bearings at - 40°C ambient temperature. He
noticed that at high viscosity - speed products, the calculated frictional torque, using the
common methods of torque prediction (e.g. Palmgren), results in high frictional torque
values.
Fluggen [58] suggested that differences between measured and calculated frictional torques
of thrust bearings were dependent on the bearing size, so that, for smaller bearings the
measured frictional torques were higher than the calculated values. He assumed that this
phenomena is caused by different drilling / rolling ratios.
The programs, developed by Potthoff [71], Siepmann [72], Liang [75] and Bartels [78] provide
analytical methods for bearing frictional torque calculation as well as calculations of the
bearing kinematics. However, these analytical methods have some limitations and the
methods are too cumbersome for engineering applications. Furthermore, the axial load
dependent frictional torque still has to be calculated using the bearing manufacturers
equations and in addition the influence of the oil flow rate on the frictional torque of the
bearing is not taken into account.
Steinert [69] derived a calculation method for frictional torque prediction for ball bearings. In
his final equation he tried to include the influence of the oil flow rate, but noticed, that an
exact calculation of the bearing torque under fully lubricated conditions was not achieved.

Consequently it can be concluded from the literature review that there is at present no 
satisfactory calculation model for frictional torque prediction of combined loaded radial 
cylindrical roller bearings which can meet customers' requirements. However, it should be 
possible to modify Zhou and Hoeprich's prediction model which was originally developed for 
tapered roller bearings, because there are similar contact situations and frictional behaviour 
in combined loaded radial cylindrical roller bearings. These modifications will be the subject 

of the theoretical part of the thesis.
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3 General background to bearing calculations 

3.1 Geometry of a radial cylindrical roller bearing

Radial cylindrical roller bearings can be distinguished into two general types namely full 
complement designs and cage guided designs. These bearings consist of two rings, an outer 
ring and an inner ring, with only a set of rolling elements for the full complement design and 
an additional cage for the cage guided design. The geometry and main dimensions of a 
cylindrical roller bearing are presented in figure 3-1 .
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outer ring rib diameter 
mean bearing diameter 
inner ring rib diameter 
inner ring raceway diameter 
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length of the outer ring raceway 
bearing axial clearance 
bearing radial clearance

Fig. 3-1: Geometry of a radial cylindrical roller bearing
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3.2 Load distribution within radial cylindrical roller bearings 

3.2.1 Purely radially loaded bearings

The calculation of the load distribution in a radial cylindrical roller bearing is complex. 
Palmgren [6, 7] showed that for radial bearings the number of loaded rolling elements and 
thus the load distribution is dependent on the radial clearance of the bearing as well as on 
the load. In order to calculate the performance of a radial bearing the elastic deformation of 
the bearing under load must be known and the following information should be available:

the detailed geometry of rolling elements, bearing rings and bearing fittings 
the degree of the press fit of the bearing rings 
the stiffness of the bearing housing

Brandlein et al. [13] determined the elastic deformation within a radial bearing under a pure 
radial load by considering the penetration of two rings as shown in figure 3-2. These have 
diameters D0 and (D0 - s), whereby s is the radial clearance of the bearing and e is a factor 
which depends on the load and the clearance.

Bearing with a clearance s 
Centre position of inner and 
Outer ring

Sr =0

'max

Loaded bearing
eccentric position with the total
deflection

~ s

Fig. 3-2: Geometric relations and deformations within a radial bearing
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The equation for the determination of the elastic deformation can be expressed as:

2 e (3-1)

where:

6 the total elastic deformation between the rolling element, outer ring and inner ring 
e a load influence factor

Using a constant value of the load influence factors the deformation curve can be 
determined. The total deformation at the contact points of the rolling elements has in general 
a non - linear relationship with load.

:C R .S« (3-2)

where:
Q the load of a rolling element
cR the stiffness of a rolling element
8 the total elastic deformation between the rolling element, outer ring and inner ring
q the exponent of spring extension

The stiffness CR of the rolling element can be used as a factor of proportionality and the 
relation includes the load Q of a single rolling element and the deformation 8. Table 3-1 
gives usable values of stiffness CR and the exponent q in the equation for cylindrical rolling 
elements developed by Bochmann [81], Lundberg [82] and Kunert [83].

Author

Bochmann

Lundberg

Kunert

exponent q

1.0

0.9

0.925

Stiffness CR

1.08-10 4 -dRl-l eff 12

3.80-10 4 -l eff l
2.63.10 4 V919

Table 3-1: Exponent q and stiffness CR for cylindrical rolling elements

12 U is the effective load carrying length of a rolling element
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Equations (3-1) and (3-2) can then be combined to calculate the load distribution:

(3-3)

QM

Qw cos\|/

Fig. 3-3: Load distribution in a radial bearing

The single rolling element loads can then be combined to provide the total load of the 

bearing in a radial direction so that
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(3-4)

Equation (3-4) can also be written in integral form:

1 +l"Y 1 ^
lr=Qmax-Z-^—— ' J M ~ ̂ ~ ' 0 -COSlp) F • COSIJJ • dl|J (3-5)

This integral cannot be solved explicitly. It has to be evaluated numerically for various values 
of the load influence factor e. The results can be presented in tabular form and the equation 
for determining the maximum rolling element load within a bearing can be expressed as:

(3-e)
where:

Qmax the maximum load of a rolling element 

l r the integral as expressed in equation (3-6) 

Fr the bearing load in radial direction 

z the number of rolling elements within the bearing
k a proportionality factor ( k = 1/l r ) and is dependent on the ratio of bearing 

clearance to the deformation 6r of a clearance free bearing.

The variation of k with bearing clearance is shown in figure 3-4.
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Thus the elastic deformation of the bearing and the load distribution can be calculated.

3.2.2 Radially and axially loaded bearings

Additional axial loading of the rolling elements in a radial cylindrical roller bearing can 
significantly affect the performance. In cylindrical roller bearings the axial load is reacted 
between the rolling element end faces and the guide bearing ribs. The combination of radial 
and axial load and sliding within the axial contact can cause the bearing to generate 
excessive heat, and under certain conditions, lead to wear and smearing of the axial contact 
surfaces. Conversely, by means of proper rolling element end face design and sufficient 
lubrication, bearing heat generation and axial load carrying capacity can be optimised. The 
axial loads interact with the radial loads and the consequent deflection of the bearing rings 
leads to rolling element tilting and skewing motions, so that the raceway contact stresses and 
the sliding velocity distribution is affected, see section 2.2.2.
Tilting and skewing of the rolling elements affect roller bearing heat generation, frictional 
torque, and rolling contact fatigue life. Radial cylindrical roller bearings with fixed inner and 
outer ring ribs, as shown in figure 1-5, can carry considerable axial loads through the
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contacts between the rolling element end faces and the bearing ribs. The couple, which is 

produced on the rolling elements by the axial rolling element end face forces Qaj results in a

tilting angle Q about the centre of the rolling element. As the rolling element tilts, the load 

distribution shifts asymmetrically, as represented in figure 3-5a). In cylindrical roller bearings 

skewing is defined as an angular rotation of the rolling element axis with respect to the axis 

of the contacting bearing rings and the magnitude of the skewing may be expressed as a 

skewing angle Q.
With misalignment between the inner and outer rings the skewing angle changes and this 

skewing angle also varies with the rolling element position (\t. In general, skewing is caused

by axial forces acting on the rolling elements, which result in a moment. These skewing 

forces produce an asymmetrical distribution of tangential frictional forces at the rolling 
element raceway contacts, arising from the asymmetrical normal loading and sliding velocity 

distributions. Normal and frictional forces acting on the rolling element end faces due to the 

contact with guide ribs, including rolling element applied axial loads, and cage may limit the 
rolling element skewing motions. Figure 3-5 illustrates the rolling element skewing of a radial 

cylindrical roller bearing subjected to radial and axial applied loads.

inner ring 
rotates out 
of page

outer 
ring

inner 
ring

a) Applied rolling element loads and 
rolling element load distribution

b) Tangential sliding velocity distribution
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outer 
ring

inner 
ring

rib

c) Tangential traction force distribution 
and skewing moments

d) Rolling element rib contact forces and 
resultant axial frictional force

Fig. 3-5: Rolling element loading and tangential sliding velocity in a radial cylindrical 
roller bearing according to Harris [3]

The applied axial load Qaj of a single rolling element causes the rolling element to tilt to the

angle ^. The tilting motion results in an asymmetrical contact load distribution as shown in 
figure 3-5 a). The tilting of the rolling elements causes sliding motion over the inner and outer 
raceway contacts. Deformation of the rolling element results in the sliding velocity on the 
uncrowned rolling element to be zero at only one point along the inner and outer ring 
raceway contacts. Typical tangential sliding velocity distributions for the unskewed rolling 
element can be observed in figure 3-5 b), and both positive and negative values are obtained 

for sliding in the z direction.
At both contacts the tangential frictional forces are related to the normal contact load and are 
dependent on the magnitude and the direction of the sliding speed which results in 
asymmetrical frictional forces as shown in figure 3-5c). This distribution causes a skewing 
moment against the y - axis. This moment causes the rolling element to skew and generate 
an axial force at both rib contacts as illustrated in figure 3-5d). The skewing moment, as 
illustrated in figure 3-5d), and the resultant friction force must be reacted at the bearing ribs. 
The rolling element skewing moment and the resultant axial forces are in equilibrium with the 
rib contact forces. It was assumed by Prisacaru [84], that in general, the location of the
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rolling element rib contacts, the rolling element raceway load distribution, the sliding 

velocities, and the tangential and axial friction forces are functions of the rolling element 

skewing angle.

Krzeminski - Freda and Warda [43] studied the effects of rolling element end face rib 

contact shape upon frictional losses caused by axial loading. They investigated the problem 

of rolling element axial load due to skewing in radial cylindrical roller bearings. They found 

that as the bearing speed increases, dynamic effects become significant. Their analytical and 

experimental work showed the detrimental effects of unbalanced forces due to rolling 

element corner radius. The bearing design parameters were correlated with observed rolling 

element end face wear. To analyse the performance of combined loaded radial cylindrical 

roller bearings, it is necessary to predict the frictional losses of the bearing in order to 

produce lubrication conditions within the load carrying oil film within the axial contact.

3.3 Kinematics of radial cylindrical roller bearings 

3.3.1 Purely radially loaded bearings

As a general case it is assumed that both inner and outer rings are rotating in a radial 

cylindrical roller bearing in the same direction having a contact angle a = 0°. An anti 

clockwise rotation is defined mathematically as a positive value (+). Figure 3-6 illustrates the 

different velocities.

Fig. 3-6: Different velocities in a radial cylindrical roller bearing
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For rotation about an axis the circumferential velocity, v, can be expressed by

(3-7)

where:
v the circumferential velocity m/s
R the distance of the rotational axis m
co the angular velocity 1/s
n the bearing speed rpm

In a bearing the mean bearing diameter is dM =(D + d)/2. The rolling outer ring radius is 

ROR = 0.5 • (dM + dR ), the inner ring radius is R IR = 0.5 • (dM - dR ).

The inner ring raceway circumferential velocity at the contact point between the inner ring 

raceway and the rolling element is calculated as follows:

0-8)

The corresponding relationship to equation (3-8) for the circumferential velocity of the contact 

point between the outer ring raceway and the rolling element is expressed as follows:

v _ -oR-MR (3_9) 
OR 60

where:

dw the bearing mean diameter m
D the outer ring diameter m
d the bearing bore diameter m
dR the rolling element diameter m
VIR the circumferential velocity at the inner ring raceway m/s
VOR the circumferential velocity at the outer ring raceway m/s
HIR the inner ring speed rPm
DOR the outer ring speed rpm
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Circumferential velocity of the cage

The cage circumferential velocity vc is defined as the cage velocity at the mean distance dM/2 
from the rotational axis of the bearing and corresponds to the velocity of the centre of the 
rolling element. The cage velocity vc is calculated according to figure 3-6 as the arithmetic 
mean of the circumferential velocities v!R and VO R so that

(3-10)

Combining equations (3-8), (3-9) and (3-10) the cage velocity vc is given by :

"M

60
'R I n OR (3-11)

The cage rotational speed is then given by

(3-12)

7E-dM -n since v = •c 60

With V R =(n-dH -n R )/ 60000 and using equation (3-12) the rolling element rotational 

speed becomes:

n R = i -i j i 2
JR_] nOR- n iR (3-13)
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With rotation of only one of the rings this simplifies to

cL d

where the minus sign is used for a rotating inner ring, and the plus sign is used for a rotating 
outer ring.

3.3.2 Radially and axially loaded bearings

Modern cylindrical roller bearing designs have been developed for carrying axial loads 
between the bearing ribs and the rolling element end faces. These contacts experience 
sliding motion between the rolling element end faces and the ribs, so that the contribution to 
overall bearing frictional heat generation is substantial. Furthermore, there are bearing failure 
modes associated with rolling element end face / rib contacts such as wear and smearing of 
the contacting surfaces. These failure modes are related to the ability of the rolling element 
end face / rib contact to support rolling element axial loads under prevailing speed and 
lubrication conditions. Both the frictional characteristics and the load carrying capability of the 
rolling element end face / rib contacts are highly dependent on the geometry of the 
contacting members.
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3.4 The Hertzian contact

The classical solution for the local stress and deformation of two elastic bodies in contact 

was established by Hertz in 1881, who reasoned that a small contact area must be formed 

so that the load is distributed over this area, and the condition of an infinite stress is avoided.

Hertz made the following assumptions:

1) the proportional limit of the material is not exceeded, that is, all deformation occurs 
in the elastic range

2) loading is perpendicular to the surface, that is, the effect of surface shear stress is 
neglected

3) the contact area dimensions are small compared to the radii of curvature of the 

bodies under load

In highly loaded bearings it is possible that small permissible plastic deformations can occur. 

The calculated deformation values according to the Hertzian theory have been shown to be 

in good agreement with experimental results for static loading.

Elastic deformation

The elastic deformation Sk is defined as the elastic approach of two bodies being pressed 

against each other, e.g. the deformation of rolling elements and inner ring or the deformation 

of rolling elements and outer ring. Subsequently the whole deformation or approach is 

defined as 8, which is the sum of the individual contacts.
In the case of two parallel cylindrical bodies which are pressed against each other by an 

applied force Q, see figure 3-7, the contact takes place over a "line".
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Fig. 3-7: Line contact of two cylindrical bodies

3.5 Hydrodynamic Lubrication

The Hydrodynamic Lubrication Theory (HL) was originally developed for sliding bearings but 
can also be applied in roller bearings, e.g. to the lubrication of the sliding surfaces of rolling 

elements and ribs as well as to the lubrication of the cage guiding surfaces. 
HL is generally characterised by conformal surfaces. A positive pressure develops in a 

hydrodynamically lubricated bearing because the bearing surfaces converge and the relative 

motion and the oil viscosity separate the surfaces. The positive pressure implies that an 

applied load may be supported. The magnitude of the pressure is not generally large enough 

to cause significant elastic deformation of the surfaces. The minimum film thickness in a 

hydrodynamically lubricated bearing is a function of the normal applied load, the velocity, the 

lubricant viscosity and the bearing geometry.
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m*x

Fig. 3-8: Pressure distribution in a hydrodynamic sliding bearing

Lubricant films of significant proportions occur in the contact zones between rolling elements 
and bearing raceways under certain conditions of load and speed. Several investigators have 
examined the hydrodynamic action of lubricants on rolling bearings according to the classical 
hydrodynamic theory. Martin [85] presented a solution for rigid rolling cylinders in 1916 and 
in 1959, Osterle [86] considered the hydrodynamic lubrication of a roller bearing design. 
Consider an infinitely long rolling element that is rolling on an infinite plane which is 

lubricated by an incompressible isoviscous Newtonian fluid having viscosity rj. For a 

Newtonian fluid the fluid shear stress T at any point obeys the relationship

du —
3z

(3-15)

in which 3u/dz is the local fluid viscosity gradient in the z direction.
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The fluid inertia forces are small in comparison to the viscous fluid forces. Hence a particle of 
fluid is subjected only to fluid pressure and shear stresses. Taking into account the stresses 
and recognising that for static equilibrium, the sum of the forces in any direction must be zero 
it follows that

so that

-dz-dy = 0 (3-16) 
3z I

and

= - (3-17)
dy 3z

From the Reynolds equation and the law of continuity the velocities in any direction, the 
lubricant film thickness and the pressure distribution can be calculated as well as the forces 
acting on a rolling element in a bearing.
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3.6 Elasto-Hydrodynamic Lubrication

In many machine elements forces have to be transmitted across curved surfaces of low 
geometrical conformity that are in relative motion. Such highly loaded contacts occur, for 
example, in roller bearings, gear-tooth-systems and cam tappet contacts. Most of these 
machine elements operate with very low wear since they are lubricated. This phenomenon 
and the detailed conditions within the contact area are described by the theory of 
elastohydrodynamic lubrication, EHL.

For a complete theoretical description of the EHL contact the following basic equations have 
to be considered:

- the hydrodynamic equations, especially the Reynolds differential equation, which 
describes over the contacting surface the pressure distribution and the height of the 
lubricant film.
- the equations of the theory of elasticity used for the determination of the elastic 
deformation of the contacting bodies.
-the equations of state of the lubricant, taking into account the variation of the viscosity 
and density with temperature and contact pressure.
- the energy equation, which is required in order to determine the temperature 
distribution in the lubricant gap

The first simplified analytical solutions of the EHL problem were introduced by Mohrenstein- 
Ertel [90] and Grubin, Vinogradova [91] in 1943 and a numerical solution has also been 
undertaken by Dowson and Higginson [92]. These latter investigators solved a set of three 
equations, the one-dimensional Reynolds equation to describe the fluid flow, the Barus 
description of the viscosity-pressure dependency and the Boussinesq formula to describe the 
elastic deformation. The basic set of equations employed by Dowson and Higginson is 
sufficient to obtain the typical EHL pressure distribution with a pressure spike. Consequently 
this set of equations was used by many other authors, particularly for numerical studies [93, 
94, 95].
In order to determine the friction forces, Newtonian behaviour is assumed in the lubricant 
gap. For the fluid element, illustrated in figure 3-9, based on compressible stationary 
lubricant flow, neglecting the forces of gravity, the force equilibrium in the x - direction is 

expressed as follows:
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3 ax

ax • ay • az = 0

_
az a

av a

(3-18)

inlet

1

p-3y-3z

part of a fluid element

Fig. 3-9: Pressure distribution and shear stress within the lubrication gap 
of an EHL contact
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In equation (3-18) u, v and w are the velocities in x-, y- and z- directions. Similar force 

equilibrium equations can be derived in the y- and z-directions. Assuming that the height of 

the lubricant gap is very small in comparison to the bearing dimensions, it can be assumed 

that the gradients of velocities 3u/dyand 3w/dy can be neglected, so that the derived 

equations are simplified as follows:

^-•'H- - = 0 x-direction (3-19) 
ay |^ay J 3x

— ̂  = 0 y-direction (3-20) 
dy

._ =0 z-direction (3-21) 
dy I dy I 3z

After integration of equations (3-19) and (3-21) and employing boundary conditions such as

y = 0; u = u 1 and w = Wi

y = h; u = u2 and w = w2 , as well as ^ = 0 (3-22)

the velocities in between the contacting surface are calculated

i \ (A y^l y y-(h-y) apu(v) = 1-— -LI., +—-Uo — J—-——•-*- 
vy; ^ hj 1 h 2 2-T| ax

(3-23)

The assessment of the lubricant flow at any observation point in the flow results in the 

continuity equation:

| | + -o (3-24)dt at ax ay az
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A one dimensional relative motion of the contacting surfaces is assumed in the x-direction 

and furthermore the vertical component of the flow velocity in the lubricant gap is proportional 

to the gap height, so that

y = 0; u = u^v = v 1 = 0, w = w, = 0

y=h; u = u 2 ,v = v 2 =u2 -—,w = w 2 =0 and ^- = 0 (3-25)
ox dt

Combining equations (3-23) and (3-24) and subsequent integration of the resultant equation 

in the y-direction, taking further into account the boundary conditions in (3-25) the Reynolds 

differential equation becomes:

where U is the mean sliding velocity.

Hence, the height of the lubricant gap h, the lubricant viscosity TJ and density p are variables 

depending on the x- and y-positions, and a solution is obtained after taking into account the 

system of differential equations. The Reynolds differential equation cannot be solved 

analytically, but only by an iteration process.
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4 Theoretical work

4.1 Derivation of the radial load dependent frictional torque

As discussed earlier Zhou and Hoeprich [65] presented a model for calculating the frictional 
torque of tapered roller bearings which is based on EHL theory and micro/macro contact 
analysis. Following their work and using further simplifications made by Goksem and 
Hargreaves [66] it can be assumed that the frictional torque is produced primarily in the 
contact zone between the rolling elements and the raceways and the rib/rolling element end 
face contacts. It is thus considered that the frictional torque of a radial cylindrical roller bearing 
arises mainly from the following components:

a) a frictional torque due to raceway rolling and sliding

b) a frictional torque due to rib/rolling element end face contact

c) sliding friction between the rolling elements and the cage

d) "flinging" friction of the lubricant

Since c) is relatively small a), b) and d) are considered in this thesis. Thus, in order to 
determine the frictional torque in a radial cylindrical roller bearing, the rolling and sliding friction 
on the raceways and on the rib/rolling element end face contacts were analysed. The 
contributions from the cage friction in a cage guided bearing and the friction between the 
rolling elements in a full complement bearing are not considered as separate entities but have 
been considered when arriving at the overall equations. Furthermore it is assumed that under 
purely radial loads friction from contact with the ribs i.e. component b) can be neglected in 
radial cylindrical roller bearings.

The internal frictional torque arises from shear stresses t, between the relative sliding surfaces 
due to the viscosity of the lubricant. It can be shown that the shear stress is equal to the 
dynamic viscosity TJ, times the velocity gradient du/dy, and hence

du ,A i\ T = TI-— (4-i)
dy

Between two rolling and sliding contacts the viscous resistance at the surfaces can be 
obtained by integrating the shear stress from outlet to inlet as derived by Crook [84] so that
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outlet

inlet
±<U2-U,) J £< (4-2)

inlet

where Fro is the rolling resistance force as shown in figure 4-1, Fs is the friction force due to 
sliding, h is the EHL film thickness and r| is the dynamic viscosity of the lubricant, u2 is the 
inner ring speed, u^ is the rolling element speed, P is the pressure force and x is stated for the 
direction of movement. The pressure force obtained from the EHL pressure distribution can be 
reduced to resultant forces in the x - and y - directions Px and NY respectively.

N Y = J P(x)dx (4-3)

,dy
(4-4)

and

(4-5)

rolling element

p=o .
IINLET

inner ring

• 4-1: Rolling resistance force Fro , pressure forces PXi, Pxa and normal load Ny 
for line contact pure rolling
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As figure 4-1 shows, the forces NY and Px result in equal and opposite moments on each body 
at each contact of the rolling element and inner ring.

Therefore the resultant force Px = 2 • Fro and from the moment equilibrium it can be obtained 
that NY • e = Px • Re = PXI • RI = Px2 • R2 = 2 • Fro«R'.

In the following section the frictional torque of a radjal cylindrical roller bearing which is caused 
by the resistance forces at the raceway contacts is derived. The ring raceway/rolling element 
raceway contacts of a cylindrical roller bearing are different with respect to pure rolling. Figure 
4-2 illustrates the forces and moments acting on a rolling element surface of a cylindrical roller 
bearing, where Fs , OR and Fs, IR are the friction forpes due to sliding and asperity contacts on 
the raceways.

outer ring

outer ring rib

inner ring rib

inner ring

Fig. 4-2: Forces and moments acting on the raceways of a radial 
cylindrical roller bearing
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From the force and moment equilibrium momentarily neglecting the rib/rolling element end 
face contact the following equations can be written:

FX = FS,IR ~ Fs OR + Pr OR - Pr |R + FOR — FIR =0 (4-6)

(FS,0R + FSJR - FOR - FIR ) • -j- = 0 (4-7) 

Solving for Fs, IR and FS, OR as shown in figure 4-2 the following equations can be obtained:

FS..R = FIR - (Pr.oR ~ PMR) (4-8)

FS.OR = FOR + - (Pr,OR ~ Pr,i R ) (4-9)

The equations for outer ring and inner ring raceways may now be written and after combining 
these an overall bearing friction moment equation can be obtained as follows:

MR =FriORJ .R OR +Fr,IRJ -R IR (4-10)

The rolling resistance forces Fr,0R and Fr,iR can be obtained as described in the following 
section.

By solving the Reynolds equation, the elasticity equation of a line contact and taking 
simultaneously into account the viscosity/pressure relationship it was found that the lubricant 
film shape and the pressure distribution of isothermal EHL line contact can be determined. 
From the results of the contact pressure distribution, the lubricant film shape and the elastic 
deformation of the contact surfaces the rolling resistance forces can be calculated. This 
method is too cumbersome and difficult for normal use in engineering.
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An alternative approach is that of Zhou and Hoeprjch [65] who found by curve fitting methods 

that the load parameter W, the material parameter G, and the speed parameter U are a 

function of the rolling resistance forces for pure rolling. For isothermal EHL line contact they 

found that

(4-11) 

and 
F^o^G-U)0 -648 (4-12)

These proportionality equations establish the relationship between the rolling resistance force 

and the load, speed and material parameters. Goksem and Hargreaves [66] developed this 

approach further and proposed a composite rolling resistance equation for isothermal line 

contact which can be expressed as follows:

pF — OQ O nQR I /f> I |\0.648 IAI 0.246 ,, ^ o X 
H-.OFUso - ̂ y -^ ——— 'eff^' u) ' W (4-13) 

dtp

Fr,iR,iso = 29.2 • 5lB. . | eff (Q . U)°-648 • W °'246 (4-1 4) 
ap

where, G = oc p • E' , a dimensionless material parameter (4-15)

U = [ , a dimensionless speed parameter (4-1 6) E -R'

W = — ~ — , a dimensionless load parameter (4-17) ''

and

Fr,iso isothermal rolling resistance force N
Fr,oR,iso/Fr,iR, iso outer/inner ring rolling resistance force of isothermal EHL line contact N
ROR / RIR reduced curved radius of outer/inner ring raceway/rolling m

element contact
OP the pressure/viscosity coefficient mm2/N
U the effective rolling element length mm
E' the reduced Young's modulus N/m2
i\ the dynamic lubricant viscosity Ns/m
ur the rolling velocity 1/s
R' the reduced curved radius of raceway/rolling element contact mm

Fr the radial load N

2
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To account for the thermal effects due to oil inlet shear a thermal reduction factor OT was 

developed by Zhu and Cheng [45] and subsequently simplified by Schrader [85] and this can 
be expressed as:

«>T=——— T^ (4-18) 
3.94

where, t| is the dynamic viscosity Ns/m2

a* is the viscosity/temperature coefficient 1/K
u is the effective hydrodynamic sliding speed m/s

k is the heat conduction coefficient W/(m • K)

Thus, for a fully flooded EHL line contact the equation for the rolling resistance forces can be 
modified to allow for this effect so that

and

' Fr,IR,iso (4-20)

To obtain the total frictional torque for the bearing, a summation must be carried out over all 
rolling elements. Furthermore, the equilibrium with the effective moments, forces and 
appropriate bearing dimensions has to be considered. For the bearing frictional torque the 

following expression is obtained

[Fri0R,,.RoR+FrJRJ .R IR ]
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where

FriOR =29.2-0T .|eff . Rr

a

and

0.648 i./ 0.246• U)°'648 • W
(4-22)

FrJR = 29.2-4>T -leff - v 0.648 yy 0.246
(4-23)

from a combination of equations (4-13), (4-14) and (4-19) and (4-20).

FIR and FOR are the forces between rolling element / inner ring and rolling element / outer ring 
respectively. R( and R0 are the corresponding reduced curve radii which can be calculated 
from the bearing geometry.

(4-24)

and

(4-25)

outer ring

inner ring

ling element

Fig. 4-3: Geometry of the bearing
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When all equations for the bearing frictional torque are inserted into equation (4-21) the 

following expression is obtained:

Z 0>648

+0Tj -29.2--^-- 
a p

However as this type of expression is not readily available in practice and many of the required 

variables are unknown the expression must be simplified. This simplification comprises 

combining the material and lubrication constants to give one correction value, K.

Furthermore the rolling element radius rR can be substituted for the reduced curve radius when 

rR « n and rR « r2 so that

and

r, - r2 - L (4-28)

The rolling speed u is proportional to the rotational speed multiplied by the average diameter 

u - dM • n, and the dynamic viscosity behaves in the same way as the kinematic viscosity 

ilo = Poa • vop, where poi i is the density of the lubricant. Using these relationships the bearing 

frictional torque can be calculated as follows:

a106 '648 °'754 0'648 - a246MR = K - dR a106 • d^'648 - l eff °'754 • (v op - n) 0'648 - Fr - X*T (4-29)

bearing geometry data operating data
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A disadvantage of using this equation is that the frictional torque is determined by the 
summation of the frictional torque for all the rolling elements. However because of variations in 
the clearances, the mounting conditions and the load on the bearing each of the rolling 
elements experiences different forces. These influences are accounted for by correction of the 
exponents in the equation. Within this correction the factor for non-isothermal conditions in the 
lubrication gap height and the static load carrying capacity C0 are accounted for. The 
correction factors are defined as 80 to 63 . The static load carrying capacity C0 is calculated 
using the following equation:

Co = fo • i • z • U • dR (4-30)

C0 static loading capacity N
f0 factor dependent on the curvature radii
i the number of rolling element rows
z the number of rolling elements of a row
leff the effective length of a rolling element mm
dp the rolling element diameter mm

If it is assumed that

dp 0- 108 ^, (4-31)

and the ki factor can be incorporated into a constant K! which has to be determined by 
experiments.

Thus the frictional torque becomes:

MR = K 1 - dM b°±8<> • C0bi ±81 - (v op • n) b2 ±82 - Fr b3 ±53 (4-32)

From the EHL theory the following exponents can be derived: 

b0 =1.648; ^=0.754; b2 = 0.648; bs = 0.246
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Because of similar values of ^ and b2 equation (4-32) is approximated to:

MR = K 1 • dM b°±8° - (v op • n • C0 )bl±81 • Fr b3±83 (4-33) 

The frictional torque is calculated according to the following equation:

M R =f-Fr .-^- (4-34)

From equation (4-33) and (4-34), using the derived exponents from EHL theory and neglecting 
the correction factors 8 because of experimental determination of the exponent b the following 
equation is obtained:

( C ? 
f = K- v op -n.-£- (4-35)

The term in brackets is substituted by the radial operating index Oraci.

Orad =10-4 -v op -n--^ (4-36)
"~r

Thus for a general case

f = K-Orad b (4-37)

This expression shows that the frictional torque value f is dependent on the operating 
conditions v^, n, Fr and the dimensions of the bearing as expressed by a constant K. In the 
above expression all parameters needed to calculate the frictional torque are known except for 
K and the exponent b. The values of both K and b are determined experimentally for a 

particular bearing.
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4.2 Derivation of the axial load dependent frictional torque

A substantial part of the overall frictional torque within an additional axially loaded radial 
cylindrical roller bearing is the component due to the rib / rolling element end face contact. In 
this contact, the pressure which the lubricant experiences is not extreme and Newtonian 
behaviour can be assumed for the lubricant. This initial frictional torque arises from the 
lubricant viscosity induced shear stresses T as well as asperity contact between the relative 
sliding surfaces.

From the literature review it was found that in a combined axial and radial loaded radial 
cylindrical roller bearing the rolling elements tilt as a result of the radial clearance and elastic 
deformations. Consequently, an axial load can only be transmitted by means of the radial 
loaded rolling element and therefore, the forces Fai acting between the bearing ribs and the 
rolling elements cause frictional forces FaRi which themselves are acting against the direction 
of the rolling element rotation. Hence, these friction forces which act on both end sides of a 
rolling element cause a twist of the rolling element by a twisting angle cp, in relation to the 
central axis of the rolling element as shown in figure 4-4.

dR+Srad

Fig. 4-4: Forces acting on a loaded rolling element
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Giese [34] showed in his work that the axial friction characteristics and the axial load carrying 
capacity of radial cylindrical roller bearings are improved by incorporating a small rib inclination 

angle p. As a result of his investigations current radial cylindrical roller bearings have rib 
inclination angles of approximately 0.4 to 0.6°. Hence, it can be assumed that the rolling 
elements are tilted by the applied axial load, so that the typical contour lines of the rib / rolling 
element end face contact are as illustrated in figure 4-5.
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Fig. 4-5: Contour lines within the rib / rolling element end face contact of a radial 
cylindrical roller bearing with rib inclination and tilt rolling element

Consequently for a combined loaded radial cylindrical roller bearing with a rib inclination angle 

in the range of p = 0.4 to 0.6° an elliptical contact area is obtained. A single rolling element 

experiences equilibrium conditions, when the summation of the moments resulting from the 
axial forces and the moments acting between the raceways are equal to the moments of the 

rib friction forces.

From moment equilibrium about the rib / rolling element contact line, the following equation 

can be written:

(4-38)

or

F - 8 dR dR
(4-39)
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The bearing frictional torque according to the rib / rolling element end face contact becomes

Mrib = Frib • . Drace + L - D race (4-40)

where:
Mrib the frictional torque due to rib/rolling element end face contact Nmm 
Fs the friction force due to sliding N 
Frib the frictional force of rib/rolling element end face contact N 
h distance from the bearing raceway to the contact point m

between the rib and the rolling element end face
dR the diameter of a rolling element m 
Drace the raceway diameter at the inner or outer ring m

and M r is the frictional torque due to the approximate contact area of the rib / rolling element 

end face which can be calculated as:

Mr = J JpxFmr .dx-dy (4-41)
-a -b

After inserting the contact load of the rib / rolling element end face contact and the contact 

surface the equation (4-41) can be written:

Mr = o 3 ' F;;b - J rib • P - pxfmr • dx - dy (4-42) 
2-a-b-Ti J J_a _b

2 2 °'5

where, P=|1—r~rF2L_1_ (4-43)
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Friction force of rib / rolling element end face contact, F,rib

The rib speed and the rolling element end face speed relative to the contact centre of the 

contact area can be calculated as expressed in equation (4-44):

(4-44)

where:
Unb velocity of the rib m/s 
rrib radius of rib contact point to rotating bearing centre m 
COIR the angular velocity of the bearing 1/s 
coc the angular velocity of the rolling element centre about 1/s 

the bearing centre line

The friction force of the rib / rolling element end face contact Frib consists of two parts which is 

the friction force due to the asperity contact and the friction force according to the EHL contact:

Frib =Fasp +FEHL (4-45)

Fasp the frictional force due to asperity contact of a rolling element N

FEHL the frictional force due to EHL lubricant shear stress N

Friction force due to the asperity contact, Fasp

When a radial cylindrical roller bearing operates at a so-called low K condition13 at the rib / 

rolling element end face contact, Fasp will be the important part of the total rib / rolling element 

end face frictional force Frib . A contact model was developed by Zhou and Hoeprich [65] 
which can be used to determine the asperity contact force. It was found that the ratio of 

asperity contact load to the applied total load behaves as:

13 K is defined as the ratio between the required viscosity and the operating viscosity, and this is also 
reflected in the ratio of the EHL film thickness h and the composite surface roughness Ra .
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^———*f (4-46)

where Fasp is the load supported by the asperity contact, and Fa is the total applied load. The 
constants B and c are determined according to surface and material parameters. The K value 
can be expressed as

(4.(4Ra R a

where Or.nb is the EHL thermal reduction factor for the rib / rolling element end face contact 
according to equation 4-18, and Ra is a composite surface roughness of rib and rolling element 
end face. The isothermal mean film thickness h^o has been derived by Hamrock and 
Dowson [1], hence for the most general case hrib can be expressed as:

h rib = 3.36 - U°'68 • G a46 • W-°-073 - 1 - e-0'68 ? ' R e (4-48)

where £ is the elliptical contact ratio, and Re is the effective radius of curvature in the direction 
of lubricant entrainment. From the adhesion theory of metals with contaminated lubricant films 
the friction coefficient |o« due to asperity contact can be expressed as the quotient of the 
critical shear stress S0, and the yield pressure of the metal P0 , so that it can be written:

(4-49)

Both values, P0 and S0 , are dependent on the contacting material parameters, and for most 
metals the ratio of So/P0 is about 0.2. Oc is determined by the surface lubricant films of the two 
contact surfaces, which varies with lubricant additives under operating conditions.
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However usually Oc < 1.0. For base oil 3>c can be simplified to 1.0. Using these simplifications 

the frictional force of the rib / rolling element end face contact due to asperity contacts 

becomes:

Fasp = m • Fa = - • Fa • e-B K° = 0.2 • Fa - e"6 *c (4-50)
'0

Friction force due to the EHL lubricant shearing, FEHL

In order to calculate the shearing friction force FEHL of the rib / rolling element end face contact, 

which has a sliding to rolling ratio of approximately 0.25 to 0.4, Bair and Winer's [67] 

rheological model can be used, so that the shear rate j becomes:

(4-51)

There are three primary physical properties of the lubricant to be used in relating the shear 

stress i and the shear rate 7. These are the limiting elastic shear modulus GL, the dynamic

viscosity T\, and the limiting shear stress TL - All these physical properties are functions of 

pressure and temperature and can be obtained according to Dyson's equations [87]:

G -———————108 (4-52) 
L 2.52 +0.024-du

TL =0.25-GL

The shear rate y can be calculated according to the velocities within the contact as,
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• _ U rib ~ U R,end
(4-54)

where hc is the centre film thickness of the rib / rolling element end face EHL contact, P is the 

contact pressure and £L is the lubricant temperature within the contact.

By iterating equations (4-51) to (4-54), the local shear stress can be solved at each point 
within the Hertzian contact area of the rib / rolling element end face contact. The EHL friction 

force according to the lubricant shear stress between the rib and the rolling element end face 
can be calculated by the integration

a b

J dx-dy (4-55)
-a -b

The frictional torque according to the rib / rolling element end face contact based on equation 

(4-41) can now be written:

Mrib =I
i=i

a b
-B-K°0.2-Fa -e

3 Fa 
2-a-b-7i

a b

T.rib ' j
-a -b

b

-a -b

dx-dy

•dy

h
d racs 

R

d ' race 
R

(4-56)

However this equation contains many unknown variables, so that simplifications have to be 

introduced in order to determine a reduced number of variables by experiment. The integrals 

covers an elliptical contact surface which is dependent on the axial load, so that an equivalent 

surface A^j is introduced. Previously for the calculation of the drilling moment the maximum 

force which acts in the centre of the elliptical contact area was used. Hence, this force is 

perpendicular to the contacting surface, so that the product pxfmr becomes p.
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For the midpoint equation P has the value 1.0 and P^ times p is also 1.0. As a result 
evaluations equation (4-56) can be simplified to:

M rib =S (kii=i (4-57)

Further simplifications involve combining the surface roughness and lubrication effects and the 
contact pressure distribution to yield one correction value p, so that

Mrib =p-I A rib>j -T-dM - 1
\r

F 2a
dM
2

(4-58)

The frictional torque between the rib / rolling element end face contact arises from the viscous 
shear stresses T, so that it can be assumed that the shear stress is equal to the dynamic 
viscosity TI times the velocity gradient du/dy, and hence the frictional torque becomes:

(4-59)

The rolling speed u is proportional to the rotational speed n times the bearing mean diameter, 
u - n • dM , and it can be assumed that the dynamic viscosity behaves in the same way as the 
kinematic viscosity as expressed by rjo = p0n • Vop, where p0n is the density of the lubricant. 
Using these relationships the frictional torque at the rib / rolling element end face contact 
becomes:

MR>a =p-|A rib .V op .n.dM .-V|-Fa -dM (4-60)
'a
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The p factor and the exponent r have to be determined by experiments. The axial contacting 
surface Arib is obtained from the geometric relationships within the bearing as illustrated in 
figure 4-6.

chamfer at 
outer ring ri

outer ring rib

chamfer at 
inner ring r

corner radius

inner ring rib

undercut

Fig. 4-6: Area between the ribs and the rolling elements

Full details for the calculation procedure to determine Arib are presented in appendix 13.4.8. 
The calculations can be simplified for radial cylindrical roller bearing types investigated in this 
project as follows:

A rib= k.(D2 -d2 ) (4-61)

where: Arib area of the axial contacting surface
k bearing type factor
D bearing outer diameter
d bore diameter

m'

m 
m

The k value is dependent on the bearing series. For the current radial cylindrical roller 
bearings the k values can be determined as shown in table 4-1.
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Bearing type

LSL1923..

ZSL 1923..

SL1923..

NJ 23..

K value

6.0-106

6.0- 106

6.4- 10 6

5.0-10 6

Table 4-1: k values for different types of radial cylindrical roller bearings

The final equation for the frictional torque of the rib / rolling element end face contact is thus:

Maa =P k.(D2 -d2 ).v op .n-dM .-l (4-62)

The axial operating index can be defined as:

(4-63)

The axial load dependent frictional coefficient becomes:

fa =p-fk.(D2 -d2 ). Vop -n-dM --^
I I-a

(4-64)
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4.3 Derivation of the total frictional torque

The total frictional torque of a combined radially and axially loaded radial cylindrical roller 

bearing is obtained according to equation (4-65):

MR =MR,rad +MR ,a (4-65)

where:

MR total bearing frictional torque Nm 

MR,rad frictional torque of a purely radially loaded radial cylindrical roller bearing Nm 

MR ,a frictional torque dependent on the axial load Nm

After inserting equation (4-33) and (4-62) into equation (4-65) the total bearing frictional torque 

of bearing becomes

Fa2 -Fa (4-66)

which yields to:

M R = K - dM b° - Orad b1 • Fr b3 + p - dM r° • Oa r1 • Fa (4-67)
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5 Experimental work

To validate the theoretical equations, derived in chapter 4, for the frictional torque of a 
combined loaded radial cylindrical roller bearing a series of experimental investigations were 
carried out to investigate bearings of different sizes. Furthermore, the validation involved 
tests for a wide range of operating conditions. These requirements have led to the adoption 
of the following range of test bearings.

5.1 Test bearings and lubrication

In order to demonstrate the effect of various parameters, it is considered necessary to test at 
least three values of the parameter, e.g. for one bearing design three different sizes were 
investigated. This requirement has led to the following matrix:

Bore 
diameter
mm

40

60

80

110

120

130

160

Bearing type
LSL

_

_

192316

192322

192324

192326

192332

ZSL

192308

-

192316

192322

192324

.

-

SL

192308

-

192316

-

-

-

192332

NJ

2308

212

2316

-

-

-

2332

Table 5-1: Range of test bearings

In most radial cylindrical roller bearing applications oil lubrication is used. Therefore, the tests 
were carried out for recirculating oil lubrication using a typical gear box oil, namely mineral oil 
ESSO SAE 85 W 90. The table below illustrates the specification of this lubricant.



Experimental work 123

ESSO 

SAE

85W90

ISO-VG

220

Oil

mineral

Viscosity 
at 20°C

800 mm2/s

Viscosity 
at 4Q°C

215mm2/s

Viscosity 
at 100°C

20 mm2/s

Additive

CLP

Seizing 
capacity

>12

Table 5-2: Lubricant specification

The variation of the kinematic viscosity of the lubricant with temperature can be observed in 

figure 5-1. The specification stipulates an accuracy of ± 10 %, for the viscosity and this is 
shown in an upper and lower limiting curve as illustrated in figure 5-1.
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Fig. 5-1: Variation of the kinematic viscosity of test oil with temperature

For an exact determination of the operating viscosity the oil viscosity was measured in the 
INA chemistry laboratory. The results obtained from, these measurements are shown in figure 
5-1 by the blue line (line between the upper and lower line ). The density of the oil as well as 

the pressure/viscosity coefficient can be taken from table 5-3.
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In comparison to the values as shown in table 5-3 a maximum deviation of the kinematic 

viscosity of - 2.09 % was found. The measurements of the actual oil viscosity results in an 

accurate determination of the operating viscosity. The lubricant density and the 

pressure/viscosity coefficient were taken from data supplied by the oil company.

Tempe 
rature

tf in°C

20

40

100

Kinematic viscosity 
according to 

lubrication catalogue
v in mm2/s

800
215
20

Kinematic viscosity 
determined at 

INA chemistry lab
v in mm2/s

783.3
215.0

20.0

Devia 
tion

A in %

2.09

±0

±0

Density

p in kg/cm 3

894.86

882.23

843.80

Pressure/ 
viscosity 

coefficient
Op in mm2/N

-

2.42

1.78

Table 5-3: Comparisons of kinematic viscosity qf ESSO SAE 85 W 90

5.2 Test rigs

Three different test rigs were used to measure frictional torques over a wide range of 
bearings and operating conditions in the present study. The overall designs of the frictional 

torque test rigs are illustrated in figures 5-2 and 5-3,

radial load banding beam

hydrosbtic inner ring

support bc3nnQ support bearing

M r

test bearing
oil flm

hydrasBfe outerring

Fig. 5-2: Design of the frictional torque test rig
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lever

oil <lm

support bearing

testbeving

hydrostatic inner ring

load input bearing

hydrostatic oute ning

Mr

Fig. 5-3: Design of the large bearing test rig

The operational parts of the rigs are the hydrostatic balance consisting of a hydrostatic inner 

and outer rings, the devices for applying radial and axial loads and the bending beam used 

for frictional torque measurements of the test bearings. The difference in design as shown in 

figure 5-2 and 5-3 is the location of the hydrostatic balance.

5.2.1 Small bearing test rig

Measurements for cage guided NUP 212 bearings with plastic cages have been evaluated in 

the present study using the small bearing test rig, see figure 5-4. The test rig incorporates 

two test bearings and two support bearings. The test bearings are located in the middle 

section where the radial and axial loads are hydraulically applied. The supporting bearings 

are the same design and size as the test bearings. The test bearings are supplied with oil 

through the gap between the test specimens.
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lubrication of 
supporting bearing

test bearings

supporting 
bearings

lubrication of hydraulically applied 
test bearings axial load

lubrication of 
supporting bearing

driving torque

hydraulically applied 
radial load

Fig. 5-4: Small bearing test rig

During testing the frictional torque, the axial and radial loads, the oil flow rate through the test 
bearing and all relevant temperatures were measured.

The test conditions were as follows:

Radial load range 

Axial load range 

Speed range 

Oil flow range 

Temperature range

1
0

0

1
40

to

to

to

to

to

23.75 kN

15.36kN

6000 rpm

4 l/min

140°C
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5.2.2 Large bearing test rig

A large bearing test rig was used to conduct further experimental tests. The test rig also 
provides easy access to the test bearings anq1 incorporates sensors to measure the 
individual rolling element kinematics. It was also necessary to measure the frictional torque 
of only the test bearing and not to include any external components such as the supporting 
bearings. A further feature is that it is possible to apply the radial load in any direction as well 
as an axial load. All these requirements led to the test rig shown in figure 5-5.

test bearing

force sensor for 
frictional torque 
measurement

measurement 
of rolling element 
speed

measurement 
of cage speed

hydrostatic balance load input bearing

axial force sensor

supporting bearing

driving torque

oil supply 
test bearing

Fig. 5-5: Large bearing test rig

oil supply
load input bearing

radial force sensor

The test bearing is mounted in a hydrostatic support where the radial and axial loads are 
applied and the frictional torque is measured by npeans of a frictional torque force sensor. 
The use of the hydrostatic support enables the test bearing to be isolated for frictional torque
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measurements. The test bearing is radially loaded via the central bearing unit which in turn is 
loaded by means of a servo - hydraulically controlled pressure cylinder. The axial load is 
applied to the test bearing via four servo - hydraulically controlled pistons which act on the 
stationary outer ring of the load input bearing, located in the middle part of the rig. This sets 
up a moment on the shaft, and hence axially loads the test bearing. A variation of the 
pressure in the individual cylinders allows the simulation of an uneven axial load distribution 
within the test bearing. A given test bearing load can be applied and maintained over a wide 
temperature range. The temperature of the oil and hence lubricant viscosities are maintained 
constant by using powerful oil coolers and heaters. A speed regulated DC - motor allows 
measurements to be taken up to 4000 rpm.

The test conditions were as follows:

Radial load range 5 to 100 kN

Axial load range 0 to 60 kN

Speed range 0 to 3000 rpm

Oil flow range 0.5 to 20 l/min

Temperature range 40 to 140°C

5.2.3 Frictional torque test rig

The frictional torque test rig was designed in order to run tests to determine the frictional 
torque characteristics of bearings for sizes ranging from 40 to 80 mm shaft diameter. In 
addition to the size requirements it was possible to test a wide range of conditions.

The operating conditions were as follows:

Radial load range: 1 to 50 kN 

Axial load range: 0 to 50 kN 

Speed range: 0 to 8000 rpm 

Oil flow through the bearing: 0.1 to 15 l/min 

Temperature range: 30 to 140 °C
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All these requirements resulted in the test rig illustrated in figure 5-6.

oil supply 
test bearing

axial force 
sensor

hydrostatic 
plain bearing 
for axial load 
supply

hydrostatic balance force sensor for
frictional torque measurement

test bearing

driving torque

supporting bearings

radial force sensor

Fig. 5-6: Frictional torque test rig

5.3 Data logging and data processing

In order to evaluate the measured frictional torque, of the test bearing the following signals 
have to be monitored on a screen and recorded on a computer.

the frictional torque of the test bearing MR
the driving torque of the test rig MD
the radial load Fr
the axial load Fa
the oil inlet temperature &m
the oil bath temperature
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the oil outlet temperature #out
the outer ring temperature dOR
the outer ring rib temperature

the outer ring temperature of the supporting bearings £supp

the oil flow rate VL

the rotational speed n
the cage or rolling element set speed nc
the rolling element speed nR
the angular position of the measured rolling element (p

The measurement data were published in the test reports [References 96 to 102] and were 
stored on optical drives. The measurement equipment such as amplifiers, transducers and 
sensors were calibrated before and after the tests as documented in the test reports [96 to 
102]. A calibration procedure can be observed in the appendix, page 313 to 321 .

The bearing kinematics were only measured in the large bearing test rig and the 
arrangement of the sensors and the monitoring equipment can be observed in figure 5-7.
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5.3.1 Measurement of the frictional torque

The frictional torque is measured by using a lever acting on a load cell as illustrated in figure 
5-8.

hydrostatic outer ring

load cell

oD inflow

oil cushion 

oil rim

hydrostatic inner ring

outer ring of test bearing

Fig. 5-8: Sketch of the hydrostatic balance and the frictionai torque measurement

In the hydrostatic balance the bearing torque is transmitted to a hydrostatic inner ring via the 
test bearing. A lever, which is fixed at this moveable hydrostatic inner ring, acts on the load 
cell. The resultant signal from the load cell is proportional to the tangential force Ft, thus, the 

bearing frictional torque results in MR = Ft • r .Any frictional effects in the hydrostatic bearing 

are considered to be negligible.
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5.3.2 Measurement of the driving torque of the test rig

The driving torque is measured by means of a 500 Nm torque meter located between the test 
rig and the driving motor. The test rig and driving motor are connected via two elastic 
couplings and the torque meter is used as a control unit during both long term and running - 
in tests.

5.3.3 Measurement of the radial and axial load

The radial and axial loads are applied by means of servo - hydraulically controlled pressure 
cylinders with integrated load cells in order to measure the applied loads. The sketches in 
figure 5-2 and 5-3 illustrates the principle of the load application in the test bearing.

5.3.4 Measurement of the temperatures

In order to measure the relevant temperatures thermocouples were used and these are 
located as shown in figure 5-9 .

(1) oil input temperature

(6) outer ring temperature 
of support bearing

(2) oil bath 
temperature

(6) outer ring temperature of 
support bearing

(5) outer ring rib 
temperature

(3) oil output temperature

(4) outer ring temperature

Fig. 5-9: Location of thermocouple sensors
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5.3.5 Measurement of the oil flow rate

The measurement of the oil flow rate was based on the use of a calibrated toothed wheel 

sensor. The two wheels were rotated by the oil flow, and the rotation was proportional to the 

oil flow rate. The rotation was measured by an incremental sensor, which provides 500 

impulses per revolution. The impulse rate is transmitted by use of a frequency - voltage 

transmitter as a voltage signal, so that, a voltage signal proportional to the oil flow rate was 

obtained.

5.3.6 Measurement of the rotational speed

The speed measurement was again based on an impulse counting principle. A perforated 

toothed plate with 60 teeth was fixed to the test rig side coupling and a inductive sensor was 

positioned near the toothed plate in order to measure the impulses. A frequency - voltage 

transmitter was used for transmitting the impulses to a speed proportional voltage signal.

5.3.7 Measurement of the bearing kinematics

The bearing kinematics were measured during a single test on the large bearing test rig in 

order to evaluate the rolling element rotational speed under combined radial and axial load.

For the recording of the rotation of an individual rolling element, an incremental shaft encoder 

with a low mass moment of inertia and very low internal frictional torque was used, and was 

coaxially connected to the rolling element using an universal joint coupling. The incremental 

shaft encoder was thus connected to a disc rotating about the main shaft, which in turn is 

driven by one of the rolling elements remote from the other rolling elements. The disc, which 

gives the rotational speed of the rolling set or cage, has holes which, with the aid of an 

inductive proximity switch, gave a measure of the rotational speed of the rolling element set 

or even that of the cage. This signal from the incremental shaft encoder led directly to a 

signal converter where the altered voltage signal was an instantaneous measure of the 

rotational speed of the individual rolling element. Through a further hole in the disc, which 

rotates with the rotational speed of the rolling element set or the cage speed, the angular 

position of the measured rolling elements was obtained, and with the aid of a stationary 

inductive proximity switch the angle of the measured rolling element was recorded.
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The measuring techniques developed for these tests, along with the transducers and signal 
layout are shown in figure 5-10.

• c) 3 Fractional torque M,
d)4

Driving moment

Stnictural noise

b) 15 ^bearing twist

Measured 
roller element

a) 13
Rotter element 
routional speed

Roller element set 
rotational speed

Hydraulic friction*

fPD fpTl fpT)
ED ED ED

Fig. 5-10: Sensor layout for measuring bearing Kinematics

It was established that during rotation the rolling element at the entrance into the load zone 
develops a sliding motion as a result of high Hertzian pressures. At this point the lubricant 
film can breakdown and metal to metal contact occurs which can result in momentary 
bonding and welding with material transfer. Figure 5-11 illustrates the different speed zones 
within a radial bearing and the speed characteristic of a single rolling element during rotation.
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Acceleration
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zo"e Load zone
Rolling element speed
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360 
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720

Fig. 5-11 a: Speed zones in a radial bearing Fig. 5-11b: Rotational speed charac 
teristic of a single rolling element

5.4Test procedure

Extensive testing of the frictional torque of radially and axially loaded radial cylindrical roller 
bearings was carried out. The whole test procedure consisted of three test steps. The first 
step was a 24 hours running-in test. Subsequently, a frictional torque test was conducted by 
continuously increasing the rotational speed at a constant oil inlet temperature. The third test 
was the frictional torque test at constant rotational speeds at steady state temperature.

Depending on the bearing size different test rigs have to be used and consequently, different 

test procedures were developed.

5.4.1 Small bearing test rig

The small bearing test rig was used for frictional torque investigations on the cage guided 

bearing NUP 212 over the following range of conditions:
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Radial load ratio
Radial load
Axial load

Rotational speed

Running time
Lubricant

Kinematic viscosity at 40 °C
Oil flow rate

Oil input temperature

Running-in test
Co / Fr = 8
Fr =11880N
Fa = 3840 N

n = 3000 rpm

t = 24h
gear box oil 
ISO VG 220
v = 21 5 mm2/s

VL = 2 l/min

din = 50 to 55 °C

Frictional torque tests
C0 /Fr =16;8;4
Fr = 5 940; 1 1 880; 23 750 N
Fa = 0; 3840; 7680; 9600; 11520; 
15 360 N
n = 500; 1000; 2000; 3000; 4000; 
5000; 6000 rpm
t = 30 minutes
gear box oil ISO VG 220

v = 215mm2/s

VL =1; 2; 4 l/min

din = 50 °C

C0 is the basic static load rating 

Table 5-4: Test conditions NUP 212

The axial loads were determined by calculating the limiting axial load of the NUP 212 bearing 
according to the INA catalogue. The axial load Fa, max was calculated to be 7680 N. Thus, the 
axial loads were determined according to the ratios Fa / Fa, max = 0; 0.5; 1.0; 1.25; 1.5; 1.75 
and 2.0.

5.4.2 Large bearing test rig

The large bearing test rig was used to conduct tests on bearings of 110, 120, 130 and 160 
mm shaft diameter. The table below illustrates the variation in test parameters for the 
bearing LSL 19 2332.

Radial load ratio
Radial load
Axial load ratio
Rotational speed
Running time
Lubricant
Kinematic viscosity at 40 °C
Oil flow rate
Oil input temperature

Running-in test
C0 / Fr = 50
Fr = 40 kN
Fa /Fr =0.2

n = 900 rpm
t = 24h
ESSO ISO VG 220
v = 215mm2/s

V, =10 l/min
din = 50 to 55 °C

Frictional torque tests
Co /Fr = 100; 50; 25
Fr = 20; 40; 80 kN
Fa /Fr =0;0.1;0.2;0.3;0.4;0.
n = 195; 390; 780; 1170; 1560

5; 0.6
rpm

t = 30 minutes
ESSO ISO VG 220

v = 215 mm2/s

V, =5: 10: 15 l/min
d^ = 50 °C

Table 5-5: Test conditions LSL 192332



Experimental work 137

5.4.3 Frictional torque test rig

The frictional torque test rig was used to carry out tests on bearings with 40 and 80 mm shaft 
diameters. Table 5-6 shows the test conditions for the bearing LSL 19 2316.

Radial load ratio
Radial load
Axial load
Rotational speed

Running time
Lubricant
Kinematic viscosity at 40 °C
Oil flow rate

Oil input temperature

Running-in test
C0 / Fr = 52
Fr =10
Fa =2kN
n = 2000 rpm

t = 24h
ESSO ISO VG 220
v = 215 mm2/s

VL =10l/min

flu, = 60 to 65 °C

Frictional torque tests
C0 /Fr = 104; 52; 26; 10.4
Fr = 5; 10;20;50kN
Fa = 0; 1;2;5; 10; 20; 30 kN
n = 500; 1000; 2000; 2500; 3000; 
4000; 6000; 7000 rpm
t = 30 minutes
ESSO ISO VG 220
v = 215mm2/s

VL =5; 10; 151/min

flin = 70 °C

Table 5-6: Test conditions LSL 192316

The test procedure on the frictional torque test rig for the single radial load Fr = 50 kN 
involved 56 tests as shown in table 5-7.

Radial load: Fr = 50 kN

Speed [min- 1 ]

500
1 000
2000
2500
3000
4000
6000
7000

Fa = 0 kN

Fa/Fr =0

1
2
3
4
5
6
7
8

Fa = 1 kN

Fa/Fr = 0.02
9
10
11
12
13
14
15
16

Fa = 2 kN

Fa/Fr = 0.04
17
18
19
20
21
22
23
24

Fa - 5 kN

Fa/Fr =0.1

25
26

27
28

29
30
31

32

Fa = 10 kN

Fa/Fr = 0.2

33
34

35
36
37

38
39

40

Fa = 20 kN

Fa/Fr =0.4
41
42
43
44
45
46
47

48

Fa = 30 kN

Fa/Fr = 0.6
49

50
51
52
53
54
55

56

Table 5-7: Test procedure LSL 192316

Consequently, taking into account four radial loads and three oil flow rates the total number 

of tests for one test bearing was 672.
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5.5 Repeatability tests

In order to illustrate the repeatability and the accuracy of the test equipment and the 
measured results obtained from the different test rigs repeatability tests were conducted. The 
repeatability of the data is illustrated by measurements taken from the frictional torque test 
rig and the large bearing test rig.

5.5.1 Frictional torque test rig

The frictional torque test rig was initially operated in 1997 by Bohme [100]. He investigated 
the frictional torque of a combined loaded radial cylindrical roller bearing LSL 192316. The 
tests were carried out with continuously increasing rotational speed as well as at constant 
speed at a steady state temperature.
These frictional torque measurements were repeated in 1998 by Maier [101] using the same 
test bearing and the same lubricant. The lubricant viscosity was checked in the INA 
chemistry laboratory and was virtually the same as that determined by Bohme. Comparisons 
of the frictional torque for these two studies can be observed in figure 5-12, which shows the 
results for continuously increasing speeds and in figure 5-13, where the measurements at 
constant speeds are presented.

Frictional torque in Nm

1000 2000 3000

Fig. 5-12: Comparison of bearing frictional torque - LSL 192316 
measurements taken at continuously increasing speed
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Frictional torque in Nm
15

Fr= 20kN;Q = 15 l/min

1.000 2.000 3.000 4.000 5.000 6.000 
Speed in rpm

Fig. 5-13: Comparison of bearing frictional torque - LSL 192316 
measurements taken at constant speeds

These comparisons illustrate that the test rig is capable of providing repeatable results.

5.5.2 Large bearing test rig

The author carried out measurements on the large bearing test rig to study the torque 
characteristics of a combined loaded LSL 192332 bearing and compared his data with those 
of Klysz [99] who used the same test bearing and lubricant.
A comparison of the two sets of measured frictional torques at constant speed is illustrated in 
figure 5-14.
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Frictional torque in Nm

80

60

40

20

Fr = 40kN;Q = 10l/min

500 1.000 
Speed in rpm

1.500

Author 
Fa/Fr=0

Fa/Fr=0.1
-*- 

Fa/Fr=0.2

Fa/Fr=0.3
-+- 

Fa/Fr=0.4
-*-

Klysz [88] 
Fa/Fr = 0

Fa/Fr = 0.1
-*- 

Fa/Fr = 0.2

Fa/Fr = 0.3 
-•+-

Fa/Fr = 0.4

Fig. 5-14: Comparison of bearing frictional torque - LSL 192332 
measurements taken at constant speeds

Again there is good agreement between the two groups of measurements. These 
repeatability tests have shown that the test rigs and the measurement equipment can provide 
accurate and repeatable measurements.
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5.6 Test results

5.6.1 Results from the small bearing test rig

The frictional torque of a radial cylindrical roller bearing is influenced by the speed, the oil 

viscosity, the quantity of oil and by the applied radial and axial loads. The measured frictional 
torque curves of the bearing NUP 212 can be observed in figure 5-15.

5.6.1.1 Influence of the rotational speed

The influence of the speed on the frictional torque can clearly be seen in figure 5-15 at a 

radial load Fr = 23.75 kN and an oil flow rate VL = 4 l/min. A typical Stribeck14 frictional 

torque characteristic can be observed for the higher axial loads.

Frictional torque in Nm
12

10

0 1.000 2.000 3.000 4.000 5.000 6.000 7.000

Speed in rpm

Fa=ON Fa=3840N Fa=7680N Fa=9600N Fa=11520N Fa=13440N Fa=15360N

Fig. 5-15: Measured frictional torque versus rotational speed for different axial loads 
Bearing NUP 212 - radial load Fr = 23.75 kN, oil flow rate 4 l/min

14 A Stribeck curve shows the frictional torque against the speed and the curve is divided into solid 
friction, mixed friction and hydrodynamic friction sections
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Under pure radial load the measured frictional torque increases at a progressively 
decreasing rate with increasing speed since increased oil heating under these conditions 
leads to a reduction of the oil viscosity. Under axial load conditions the measured curves 
show an increased frictional torque at lower speeds caused by slight metal to metal contacts 
between the rolling element end faces and the bearing ribs. This region of the curve is 
known as the 15mixed friction region. Hydrodynamic effects become increasingly important as 
the speed increases so that there is a substantial reduction in frictional torque with increasing 
speed for most values of axial load. For high axial loads and low rotational speeds the 
situation of fully hydrodynamic behaviour is not reached thus wear at the axial contact 
surfaces can occur.

5.6.1.2 Influence of the oil viscosity and the quantity of oil

Under pure radial load a decrease in the oil viscosity at a constant speed leads to a reduced 
frictional torque. However with high additional axial loads a reduction of the oil viscosity can 
cause an increasing contribution of mixed friction2 at the axial contacts, which lead to in turn 
to higher measured frictional torques.
An increase in the quantity of oil results in lower oil temperatures and hence produces an 
increase in the frictional torque due to the resultant higher oil viscosity. At lower speeds it 
was found that an increase in the amount of oil, e.g. from 1 l/min to 4 l/min, provides a 
decrease in the measured frictional torque (see figure 5-16 at 500 rpm). This reduced 
frictional torque results since the higher oil viscosity sets up hydrodynamic conditions 
between the axial contact surfaces.

7.6.1.3 Influence of the axial and radial load

The frictional torque of the NUP 212 bearing increases with increasing axial load, although 
the influence of the axial load reduces with increasing speed. These frictional characteristics 
can be observed for oil flow rates from 1 to 4 l/min in figure 5-16. The radial load has 
relatively little influence on the frictional torque at higher speeds and higher oil flow rates, so 
that the axial load is the significant torque producing part. At lower speeds and oil flow rates 
an increase in the measured frictional torque can be observed and the radial load influence 
increases. These trends can be seen in figure 5-16 which illustrates the influences of the 
applied axial and radial loads at different speeds and oil flow rates.

15 The mixed friction area is located in the frictional torque - speed curve at low speeds where metal to 
metal contact occur
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Frictional torque in Nm
10

Frictional torque in Nm
12

5.000 10.000 15.000 20.000 
Axial load in N

5.000 10.000 15.000 20.000 
Axial load in N

Fr=5940 N Fr=11880 N Fr=23750 N
— e •

Fr=5940N Fr=11880N Fr=23750N

Oil flow rate 1 l/min; speed 500 rpm Oil flow rate 4 l/min; speed 500 rpm

Frictional torque in Nm
10

Frictional torque in Nm
10

5.000 10.000 15.000 20.000 
Axial load in N

5.000 10.000 15.000 20.000 
Axial load in N

Fr=5940 N Fr=11880 N Fr=23750 N Fr=5940N Fr=11880N Fr=23750N
-- a •

Oil flow rate 1 l/min; speed 3000 rpm Oil flow rate 4 l/min; speed 3000 rpm

Fig. 5-16: Measured frictional torque for different speeds and oil flow rates 
bearing NUP 212
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5.6.2 Frictional torque results of cage guided bearings

In this section the factors which influence the frictional torque are discussed for a brass disc 
cage radial cylindrical roller bearing, type LSL19 23... In order to compare these 
measurements a conventional brass window cage radial cylindrical roller bearing has also 
been tested. Three bearing sizes were investigated by use of two different test rigs, namely 
the large bearing test rig and the frictional torque test rig. During the frictional torque tests, 
the axial and radial loads, the oil flow rate through the bearing and the oil and bearing 
temperatures were measured. The measured curves and all measured data are available in 
the test reports Scherb [96], [97] and [98], so that only selected results are presented in this 
thesis.

5.6.2.1 Influence of the rotational speed

The tests under pure radial load generally show for increasing bearing speed an increase of 
the frictional torque at a decreasing rate, see figure 5-17, because increasing the speed 
results in greater heat generation and as a result the oil viscosity decreases so that 
hydrodynamic effects are reduced.

Frictional torque in Nm
80

60

40

20

0
0 400 800 1.200 1.600 

Speed in rpm

Fa/Fr=0 Fa/Fr=0,1 Fa/Fr=0,2 Fa/Fr=0,3 Fa/Fr=0,4

Fig. 5-17: Variation of frictional
torque with speed and axial
load:
Bearing LSL19 2332 - radial load
40 kN; oil flow rate 10 l/min
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Again the application of axial loads leads to a considerable increase of the frictional torque at 
low bearing speeds. This behaviour is caused by mixed friction at the contacts between 
bearing ribs and rolling element end faces. With an increase in speed at high axial loads a 
hydrodynamic film is maintained which leads to a decreasing frictional torque. These 
rotational speed characteristics can also be observed for the LSI 192316 bearing as 
illustrated in figure 5-18 and to a somewhat lesser extent for LSL 192332 in 5-17.

Frictional torque in Nm
30

25

20

15

10

Fr = 20kN;Q = 10l/min Fa = 0 
Fa/Fr = 0

Fa = 2 kN 
Fa/Fr = 0.1

Fa=10kN 
Fa/Fr = 0.5

Fa = 20 kN 
Fa/Fr =1.0

1.000 2.000 3.000 4.000
Speed in rpm

5.000

Fig. 5-18: Variation of frictional torque with rotational speed and axial load 

Bearing LSL 192316 C3: Radial load Fr = 20 kN; oil flow rate VL = 10 l/min

5.6.2.2 Influence of the oil viscosity and the oil flow rate

The oil quantity has a significant influence on the frictional torque characteristic, so that, an 
increase of the oil flow rate generally results in an increase of the bearing frictional torque. 
This behaviour can usually be observed for purely radially loaded bearings as well as for 
combined loaded bearings. Thus, as indicated in figure 5-19 in the current tests an increase 
of the oil flow rate from 5 l/min to 15 l/min causes an increase of the frictional torque at higher 
speeds and all load conditions. At low speed and al| axial loads (up to a load ratio Fa/Fr = 0.5) 
lower frictional torques were measured with the 15 l/min oil flow rate because the higher 
viscosity resulting in the lubricant film sustaining more of the load within the axial contact.
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Frictional torque in Nm
25

20
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1.000 2.000 3.000 4.000
Speed in rpm

5.000 6.000

Q = 5 l/min 
Fa/Fr = 0

Fa/Fr = 0.25 

Fa/Fr = 0.5 

Fa/Fr = 1.0

Q = 15 l/min 
Fa/Fr = 0

Fa/Fr = 0.25 

Fa/Fr = 0.5 

Fa/Fr = 1.0

Fig. 5-19: Frictional torques at different oil flow rates - bearing LSL 192316 C3: 

Radial load Fr = 20 kN; VL = 5 and 15 l/min

This increase of the frictional torque at higher speeds is probably due to the higher oil 
viscosity which results from the lower oil outlet (e.g. outer ring) temperature. This can be 
checked comparing the measured frictional torques at a constant speed for oil flow rates of 5 

and 15 l/min, since the influence of viscosity on the frictional torque depends on v273 as 
illustrated in Palmgren's equation. Consequently, the frictional torque of the marked 
measurement points ( see figure 5-19, points 1 and 2 ) are compared in order to demonstrate 
whether there are any other effects due to changes in the oil flow rate e.g. so-called 16churn 
loss of lubricant. If churn loss occur it will be largest at high rotational speeds which justifies 

the use of two points for comparison purposes.
If it is assumed that no churn loss exists the frictional torques at the two points should be 

related to the operating viscosities as follows

M,
(5-1)

where M, is the frictional torque of point 1 at 6000 rpm and a oil flow rate of 5 l/min, M2 the 

frictional torque of point 2 at 6000 rpm and a oil flow rate of 15 l/min, vi is the operating
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viscosity at point 1 and v2 is the operating viscosity at point 2. The operating viscosities are 

evaluated from the operating temperature which is the outer ring temperature. After 
rearranging equation (5-1) M! becomes:

-^ =11.2-Nm- = 7.89-Mm (5-2)

The measured frictional torque M1imeas = 7.8 Nm indicates a deviation of only 1.1 %, so that 
the frictional torque increase after increasing the oil flow rate from 5 to 15 l/min is caused by 
the operating viscosity and consequently churn loss effects are negligible in this case.

5.6.2.3 Influence of the axial and radial load

Figure 5-20 illustrates how the frictional torque characteristics depend on the axial and radial 

loads for different speeds and oil flow rates. It was found that the frictional torque again 

increases as the ratio of the axial to radial load increases. The radial load has little influence 

on the measured frictional torque at higher speeds and oil flow rates and therefore 

increasing the radial load produces only a slight increase in frictional torque ( see in addition 

figure 5-22). At lower speeds and oil flow rates an increase of the measured frictional torque 

can be observed and the applied radial load has a greater influence.

Frictional torque in Nm
120

100

0,1 0,2 0,3
Load ratio Fa/Fr

0,4 0,5

Fr=20kN Fr=40kN Fr=80kN

Oil flow rate 5 l/min; speed 195 rpm

Frictional torque in Nm
120

100

0,2 0,3 
Load ratio Fa/Fr

Fr=20kN Fr=40kN Fr=80kN

Oil flow rate 15 l/min; speed 195 rpm

16 A surplus of lubricant is defined as churn loss leading to an increase of the oil level of a bearing 
which results in a over-proportional increase of the frictional torque
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Frictional torque in Nm
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Frictional torque in Nm
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0,1 0,2 0,3 0,4 
Load ratio Fa/Fr

Fr=20kN Fr=40kN Fr=80kN

0,5

Oil flow rate 5 l/min; speed 1170 rpm Oil flow rate 15 l/min; speed 1170 rpm

Fig. 5-20: Measured frictional torque at different speeds and oil flow rates dependent 
on the applied axial to radial load ratio - bearing LSL19 2332

The same trends of the applied loads can be seen for smaller bearing sizes and the 
evaluations for the LSL 192316 bearing are illustrated in figure 5-21.
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Frictional torque in Nm 
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0,2 0,4 0,6 0,8
Load ratio Fa / Fr

Fr = 5 kN Fr = 10 kN Fr = 20 kN Fr = 50 kN

Oil flow rate 15 l/min; speed 500 rpm
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Frictional torque in Nm 
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0,2 0,4 0,6 0.8 
Load ratio Fa / Fr

Fr = 5 kN Fr = 10 kN Fr = 20 kN Fr = 50 kN

Frictional torque in Nm 
50
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0,4 0,6 0,8 
Load ratio Fa / Fr

F,- 5W Fr = 10 kN Fr = 20 kN Fr = 50 kN

Oil flow rate 5 l/min; speed 4000 rpm Oil flow rate 15 l/min; speed 4000 rpm

Fig. 5-21: Variation of the measured frictional torque of different oil flow rates 
dependent on the axial to radial load ratio F,/Fr - bearing LSL 192316 C3

Figures 5-20 and 5-21 illustrate the influence of the applied axial load, so that an increase of 
the axial load at a constant radial load results in an increase of the frictional torque. This can 
be seen more clearly in figure 5-22 where it is apparent that the axial load is the dominant 
effect on the frictional torque at any given speed and oil flow rate.
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Frictional torque in Nm 
SO

Frictional torque in Nm 
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40
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Axial load in kN

10 20 
Axial load in kN

Fr:TJ Fr = 10kN Fr = 20kN Fr = 50kN Fr = 5kN Fr=10kN Fr = 20 kN Fr = 50 kN

Oil flow rate 5 l/min; speed 4000 rpm Oil flow rate 15 l/min; speed 4000 rpm

Fig. 5-22: Frictional torque against the axial load for different oil flow rates 
Bearing LSL 192316 C3

The frictional torque of the combined loaded LSL 192316 A C3 bearing shows an almost 
linear dependence on the applied axial load. The influence of the radial load is of much less 
importance as illustrated in figure 5-22.

5.6.3 Frictional torque results of ZSL bearings

The radial cylindrical roller bearing of the ZSL type is a bearing with plastic spacers between 
the rolling elements. The investigations on the ZSL bearings were conducted on the large 
bearing test rig and the frictional torque test rig for three bearing sizes, ZSL 192308, ZSL 
192316 and ZSL 192322. The detailed measured data can be found in the test report VA 
68058 [90] so that only the main factors influencing the frictional torque characteristics are 

discussed in this section.

5.6.3.1 Influence of the rotational speed
The purely radially loaded bearings show similar trends to those previously described in that 
for increasing rotational speeds there is an increase of the frictional torque at a decreasing 

rate as illustrated in figure 5-23.
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Fricti anal torque in Mm 
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1JOOO 2jOOO QjOOO 4JOOO
Speed inrpm

sax> axwo

Fig. 5-23: Frictional torque against rotational speed of a purely radially loaded ZSL 
bearing - ZSL 192316 C3: Axial load Fa = 0; oil flow rate VL = 5 l/min

Measurements were also undertaken with these bearings of the starting frictional torque. The 
dynamic frictional torque speed characteristics show the starting frictional torque at zero 
speed. Initially after an increase in the speed an area of mixed friction which is strongly 
dependent on the applied load can be observed. At low axial loads the frictional torque then 
reaches a minimum followed by the usual hydrodynamic behaviour see figure 5-24. The 
upper and lower lines in figure 5-24 indicates the run-up and run-down of the speed. Further 
more, it was found that the performance of the ZSL bearing depends on the oil flow rate for 
higher radial loads under mixed friction conditions if the load ratio Fa/Fr is higher than 0.5.

Frictional torque in Nm
40

10

1000 2000 3000
Speed in rpm

4000 5000 6000

Fig. 5-24: Dynamic frictional torque characteristics at various applied loads 
Bearing ZSL 192316 C3: radial load Fr = 20 kN; oil flow rate VL = 5 l/min
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Increasing the axial load leads to increasing bearing frictional torques especially at low 
rotational speeds. The frictional torque behaviour of the combined loaded ZSL bearing as 
illustrated in figure 5-25 shows similar characteristics to these described in chapter 5.6.2 for 
the LSL bearing.

Frictional torque in Mm 
40
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Fr=50kN; Q = 5 l/min
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4.000 5.000

Fa=0 
FafFt=0
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Fa'Fr=0.1

Fa = 10 kN 
Fa/Fr=02

Fa=20kN 
FaTf=0.4

fa= 30 kN 
Fa/Fr=06

6.000

Fig. 5-25: Variations of frictional torque with speed and applied axial load 
Bearing ZSL 192316 C3: radial load Fr = 50 kN; oil flow rate VL = 5 l/min

5.6.3.2 Influence of the oil viscosity and the oil flow rate

As was demonstrated in section 5.5.2.2 the oil flow rate through the bearing can have a 
significant influence on the frictional torque characteristics. An increase in the oil flow rate 
leads to decreasing bearing temperatures, (e.g. those of the outer ring and inner ring) and 
lower oil outlet temperatures, because of the larger mass of oil which is heated, and 
consequently the operating oil viscosity is increased. The higher operating viscosity results in 
an increase of the bearing frictional torque. The differences in bearing frictional torque can be 
observed in figure 5-26 at two different oil flow rates.
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Fig. 5-26: Frictional torque dependent on two different oil flow rates 
Bearing ZSL192316 C3: radial load 20 kN; oil flow rates 2 and 8 l/min

5.6.3.3 Influence of the axial and radial load

Figure 5-27 illustrates the frictional torque dependence on the applied axial and radial loads 
for different rotational speeds and an oil flow rate of 5 l/min.
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Fig. 5-27: Variation of the measured frictional torque with the axial to 
radial load ratio PJPr - Bearing ZSL 192316 C3: oil flow rate VL = 5 l/min
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It is apparent from figure 5-27 that the bearing frictional torque is increased by increasing the 
load ratio Fa/Fr , but it appears that the frictional torque increases as the radial load is 
increased. However, it is important to take into account that at a constant load ratio Fa/Fr the 
applied axial loads are higher for larger radial loads. Consequently the bearing frictional 
torque data are replotted in figure 5-28 to illustrate the dependence on the applied axial load.

Frictional torque in Nm

n = 500 rpm; Q = 5 l/min

Frictional torque in Nm
50

40

30

n = 4000 rpm; Q = 5 l/min

10 15 20
Axial load in kN 10 15 20

Axial load in kN
25

Fr = 5 kN Fr = 10 kN Fr = 20 kN Fr = 50 kN Fr = 5 kN Fr = 10 kN Fr = 20 kN Fr = 50 kN

Fig. 5-28: Measured frictional torque against the axial load for different speeds 

Bearing ZSL 192316 C3: oil flow rate VL = 5 l/min

The frictional torques of the radially and axially loaded ZSL bearing show an almost linear to 
a slight progressive dependence on the applied axial load. It is also apparent that the axial 
load has a dominant effect and the radial load has relatively little influence on the bearing 

frictional torque.

5.6.4 Frictional torque results for full complement bearings

The SL series of radial cylindrical roller bearings are full complement bearings. The 
investigations on the SL bearings were carried out on the large bearing test rig and the 
frictional torque test rig for three different bearing sizes which are the SL 192308, SL 192316
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and the SL 192332. The detailed measurements can be found in the test report Scherb [96] 
so that only the main factors affecting the bearing frictional torque are discussed in the 
following section.

5.6.4.1 Influence of the rotational speed

The purely radially loaded full complement bearings show again an increase of the bearing 
frictional torque with increasing rotational speeds. However, the measured frictional torque of 
the full complement bearings are higher than that of cage guided bearings because of the 
initial friction effects and the velocity mechanism within full complement bearings (see 
chapter 2).
Additional axial loads lead to increasing bearing frictional torques as demonstrated in figure 
5-29 thus showing similar characteristics as described in section 5.6.2 for the LSL bearing, 
although at higher frictional torque levels.

Frictional torque in Nm
40

30

20

10

Fr =50 kN; Q =5 l/min

500 1.000 1.500 2.000 2.500
Speed in rpm

Fa = 0 
Fa/Fr = 0

Fa = 2 kN 
Fa/Fr = 0.04

Fa = 5 kN 
Fa/Fr = 0.1

Fa= 10 kN 
Fa/Fr = 0.2

Fa = 20 kN 
Fa/Fr = 0.4

Fig. 5-29: Frictional torque against rotational speed for different axial loads 

Bearing SL 192316 C3: radial load Fr = 50 kN; oil flow rate VL = 5 l/min



Experimental work 156

5.6.4.2 Influence of the oil viscosity and the oil flow rate

The effect of the oil flow rate through the bearing has been discussed earlier e.g. in chapter 
5.6.2.2 where a significant influence on the bearing frictional torque was found. Similar 
behaviour can be observed for the SL bearing type as illustrated in figure 5-30.

Frictional torque in Nm
40

30
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Fr = 20 kN

500 1.000 1.500
Speed in rpm

2.000 2.500

Q = 2 l/min 
Fa/Fr = 0

Fa/Fr = 0.25 

Fa/Fr = 0.5 

Fa/Fr = 1

Q = 10 l/min 
Fa/Fr = 0

Fa/Fr - 0.25 

Fa/Fr = 0.5 

Fa/Fr = 1

Fig. 5-30: Measured frictional torque against speed for different oil flow rates 

Bearing SL 192316 C3: radial load Fr = 20 kN; oil flow rates VL = 2 and 10 l/min

An increase of the oil flow rate from 2 to 10 l/min results generally in an increase of the 
frictional torque of between 3 and 20 %. At the lower speeds and high axial loads, i.e. for 

load ratios Fa/Fr > 0.5, the measured frictional torque decreases for higher oil flow rates, 

since the lubricant film within the axial contact is capable of greater load carrying.

5.6.4.3 Influence of the axial and radial load

Figure 5-31 illustrates the frictional torque characteristics for different rotational speeds and 

an oil flow rate of 5 l/min.
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Frictional torque in Nm

n = 500 rpm; Q = 5 l/min
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Fr = 5 kN Fr = 10 kN Fr = 20 kN Fr = 50 kN

Fig. 5-31: Variation of measured frictional torque with the axial to radial load ratio Fa/Fr 

Bearing SL 192316 C3: oil flow rate VL = 5 l/min

As discussed in section 5.6.3.3 the frictional torque increases for higher load ratios, although, 
a constant load ratio results in high axial loads as the radial load is increased to high values. 
Consequently, the frictional torque should be evaluated according to the absolute applied 
loads as demonstrated in figure 5-32.

Frictional torque in Nm

n = 500 rpm; Q = 5 l/min

10 15 20
Axial load in kN

Fr = 5kNFr= 10 kN Fr = 20 kN Fr = 50 kN

Frictional torque in Nm
40

30

n = 2500 rpm; Q = 5 I/mm

5 10 15 20
Axial load in kN

Fr = 5 kN Fr = 10 kN Fr = 20 kN Fr = 50 kN

Fig. 5-32: Measured frictional torque against the axial load for different speeds 

Bearing SL 192316 C3: oil flow rate VL = 5 l/min



Experimental work 158

The measured frictional torque of a radially and axially loaded full complement SL bearing 
again shows a virtually linear to a progressive characteristic depending on the applied axial 
loads which is the type loading having most effect.

5.6.5 Comparison of the frictional torque of different test bearings

A comparison of the measured frictional torques of the different cylindrical roller bearing 
types can be observed in figure 5-33.

Frictional torque in Nm
40

1.000 2.000 3.000 4.000 5.000 6.000 
Speed in rpm

ZSL 
Fa = 0

Fa=10kN 

Fa = 20 kN

NJ 
Fa = 0
•^f 

Fa= 10 kN
-©- 

Fa = 20 kN

LSL
Fa = 0

Fa = 10 kN 

Fa = 20 kN

SL 
Fa = 0

Fa= 10 kN 

Fa = 20 kN

Fig. 5-33: Comparison of measured frictional torques for different 
cylindrical roller bearings

It was found that the highest frictional torques were measured for the full complement 
bearing design. The cage guided bearings and the plastic spacer type show lower frictional 
torque values. However the lowest torques can be observed for the brass disc cage type 

(LSL type).
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5.7 Investigation of the starting frictional torque

High starting frictional torques in rolling element bearings imply that high shear stresses are 
imposed on the lubricant. High shear stresses can be the cause of soap degradation which 
leads in turn to poorer lubricant performance. Hence, the lubricant within bearings, which are 
subjected to repeated start-ups, will degrade faster if high starting frictional torques are 
encountered. Also, too high starting resistance may lead to substantial slip within the bearing 
on initial start up.
In a combined loaded radial cylindrical roller bearing the starting frictional torque is a function 
of the operating viscosity and the applied radial and axial loads. In order to investigate the 
starting frictional behaviour of combined loaded radial cylindrical roller bearings tests have 
been carried out by varying radial and axial loads, the oil viscosity and the quantity of oil. It 
was found that the oil viscosity and the oil flow rate have a negligible influence on the starting 
frictional torque within the investigated range, SQ that only the influence of load will be 
discussed in the thesis.

5.7.1 Variations of the starting frictional torque with the radial load

The starting frictional torque of an unloaded radial cylindrical roller bearing is relatively small, 
since the bearing load results from the bearing and shaft weight. Purely radially loaded 
cylindrical roller bearings have frictional torque characteristics as shown in figure 5-33. These 
curves can be represented by the following function:

(5-3)

This implies that the starting torque of an unloaded bearing is zero and observation of figure 

5-33 indicates that this is virtually the case.
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Starting frictional torque in Nm
15

20 40 60 80
Radial load in kN

100 120

Fig. 5-34: Radial load dependent starting frictional torque of SL 1923.. bearings

As is illustrated in figure 5-34 an increase of the starting frictional torque is obtained for larger 
bearings. This diagram also shows that the dependence on the radial load can be 
represented by nr = 0.6 for full complement SL bearings, so that the size effects can be 
expressed in the factor mr. The value of this factor was found to be m r = 0.25 for the bearing 
SL 192308, mr = 0.40 for the SL 192316 and m r = 0.65 for the SL 192332. 
Thus, m r can be plotted against the bearing mean diameter dM as illustrated in figure 5-35 to 
provide information on the size effect.

Bearing factor mr

0,1 0,2
Bearing mean diameter in m

Fig. 5-35: Bearing size effect factor mr for the fu|l complement bearings SL 1923.
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Using a" least mean error square" fit the following function was derived for mr:

m r =Zr-dM 8r (5-4)

zr - radial load dependent bearing type factor
dM m bearing mean diameter
6r - radial exponent

The radial load dependent starting frictional torques of further radial cylindrical roller bearing 
types can be observed in figure 5-36:

Frictional torque in Nm
5

10 20 30 40
Radial load in kN

50 60

Fig. 5-36: Radial load dependent starting frictional torque of different radial cylindrical 
roller bearings

The exponent nr of all the investigated radial cylindrical roller bearings can be approximated 
to nr = 0.6, so that the bearing factor mr can be used to characterise the magnitude of the 
radial load dependent starting frictional torque. The values of the mr factors for the different 

bearing types are presented in table 5-8.

Bore diameter 

Mm
40
80
110
130
160

Mean bearing 
diameter dM 

m
0.065
0.125
0.175
0.205
0.250

SL1923..

0.25
0.40

-
-

0.65

LSL1923..
-

0.21
0.26
0.30
0.34

ZSL1923..

0.16
0.26
0.33
0.36

-

NJ 23..

0.15
0.24

-
-

0.40

Table 5-8: Size dependent bearing factor mr for different bearing types
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The size dependence as demonstrated in figure 5-34 can be expressed according to 
equation (5-4). For all bearings the value of 8r = 0.70 ± 0.05, so that an average exponent of 
0.70 can be employed. Table 5-9 then illustrates the values of the radial bearing type 
factors zr.

Bearing type

SL1923..

LSL1923..

ZSL1923..

NJ 23..

Bearing type factor zr

1.70

0.90

1.10

1.04

Table 5-9: Radial bearing type factor zr

Consequently the starting frictional torque of purely radially loaded radial cylindrical roller 
bearings can be expressed by

r,start
0.7 f- 0.6 • Fr (5-5)

5.7.2 Variations of starting frictional torques with the axial load

As described in chapter 2.2 radial cylindrical bearings can have a considerable axial load 
carrying capacity. However, axial loads can only be applied in addition to radial loads. The 
bearing manufacturers normal limitation for the permissible axial to radial load ratio is Fa/Fr = 
0.4 to 0.6. However, the measurements in this study are extended to a ratio of Fa/Fr = 1.0. 
The axial load dependent starting frictional torque can be obtained by subtracting the radial 
load dependent starting frictional torque from the total starting frictional torque according to 
the following equation:

Ma,start =MR,start- M r,start (5-6)
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where:
Mastart the total starting frictional torque Nm 
Mr,start the radial load dependent starting frictional torque Nm 
Ma,start the axial load dependent starting frictional torque Nm

The axial load dependent starting frictional torque for the full complement bearing SL 192316 
is illustrated in figure 5-37.

Starting frictional torque in Nm
50

40

30

20

10

speed n = 0 rpm

10 15 20 
Axial load in kN

25 30

Fig. 5-37: Axial load dependent starting frictional torque of the full complement 
bearing SL 192316

The best fit to this relationship for this bearing SL 192316 is given by

(5-7)

with ma = 0.72 and the exponent na = 1.25. The exponent na can be approximated to 1.25 for 
all the investigated full complement SL 1923.. bearings. Consequently, the size dependence 
can be expressed by the bearing factor ma , which is determined as:
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SL192308: ma = 0.50

SL 192316: ma = 0.72

SL 192332: ma =1.00

The values can be plotted against the bearing diameter to obtain the size influence of the 
bearing factor ma see figure 5-38.

Bearing factor ma
1,2

1

0,8

0,6

0,4

0,2

0

n = 0 rpm

0,1 0,2
Bearing mean diameter in m

0,3

Fig. 5-38: Size dependence of the bearing factor ma

A least squares fit for the curve in figure 5-38 yields a curve of the form:

ma =za -dM°a (5-8)

where:
za the axial load dependent bearing type factor

dw the bearing mean diameter

8a the exponent

m
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The exponents of all the various radial cylindrical roller bearings can be approximated to a 
constant value of 8a = 0.50 ± 0.05, so that an average exponent of 0.50 may be employed. 
Consequently the equation for calculating the axial load dependent starting frictional torque 
of a radial cylindrical roller bearing can be written as:

M _ J 0.5 p. 1.25 
a,start = Za ' dM ' Fa (5-9)

Table 5-10 presents the za values for the bearings investigated in this project:

Bearing
SL 1923..

LSL1923..

ZSL1923..

NJ 23..

Bearing type factor za
2.00

1.60

1.70

1.75

Table 5-10: Axial bearing type factor za

5.7.3 Total starting frictional torque

The total starting frictional torque of a combined loaded radial cylindrical roller bearing can be 
calculated according to the following equation:

MR,start = Mr,start +Ma,start (5-10)

After inserting equations (5-5) and (5-9) in (5-10) the total starting frictional torque can be 

predicted as follows:

0.5 p 1-25 
/I "'a (5-11)

where zr and za can be found from tables 5-9 and 5-10.
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6 Accuracy of the measurements and measurement error

In order to evaluate the accuracy of the measured results an error analysis should be 
conducted, see Zammert [93]. This was carried out to determine the errors for each of the 
individual measurements.
The errors in the measurements arise through both systematic and random errors. The 
systematic errors are caused by the limited accuracy of the measuring instruments and the 
sensors, and also by ambient influences, which cannot be eliminated. The following is 
estimated to be the inaccuracy of the individual measurements:

Frictional torque AMR = ± 0.02 Nm

Oil inlet temperature A&m = ± 0.5 °C

Oil outlet temperature A#out = ± 0.5 °C

Operating temperature A#op = ± 0.5 °C

Operating viscosity Avop = ± 0.4 mm2/s

Radial load AFr = ± 20 N

Axial load AFa = ± 10 N

Speed An = ± 0.5 rpm

Oil flow rate AVL = ± 0.01 l/min

Random errors are usually determined by irregularities in the signal data logging and further 
by signal fluctuations. In order to minimise the signal fluctuations an arithmetic average of at 
least 500 single measurements was calculated, and a resulting standard deviation s was 

determined according to the following equation:

s =

where:
s the standard deviation
n the number of measurements
Xj the measured value
x the arithmetic mean
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Taking into account n = 500 single measurements and a confidence level (1 - a) of 95 % the 
factor t = 1.95 ( t - distribution ) for the confidence interval of the measurement can be 
calculated as follows:

(6-2)

where:
Ax the confidence interval of measurements
t the factor (t - distribution )

The factor t/Vn = 0.087 times the standard deviation s results in a negligible random error.

Consequently, the total error of the measured signals consists of the systematic error of the 
respective measured values. The magnitude of the relative errors can then be estimated as 
follows:

Frictional torque AMR /MR = ±0.10%

Oil inlet temperature A^n /^in = ±0.25%

Oil outlet temperature A£out /dout = ±0.25%

Operating temperature A$op / •&<*, = ± 0.25 %

Radial load AFr /Fr = ±0.05%

Axial load AFa /Fa = ±0.02%

Speed An/n = ±0.05%

Oil flow rate AVL /VL = ±0.05%

Errors in the temperature measurements lead to corresponding errors in the determination of 
the operating viscosity. By use of an Ubbelohde - diagram and the corresponding equations 
the operating viscosity can be calculated for the respective operating temperature according 

to the following equations:
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+273)J+log[log(v 1 +0.8)] (6-3)

K op = 3.269[log(50 + 273) - log(l 00 + 273)]+log[log(l 27.7 + 0.8)]

^=0.119

v op =10 1 °KoP - 0.8 = 19.86^ (6-4)

where:

m gradient in the Ubbelohde - diagram
$1 temperature at point 1, ( 50°C)

flop temperature at point 2, (100°C)

v1 viscosity at point 1

Vop viscosity at point 2

°C 

°C

mm2/s 

mm2/s

The actual viscosity of the lubricant which was used in the tests was determined 
experimentally in the chemistry laboratory. The gradient inaccuracy Am = 0.02 in the 
Ubbelohde - diagram is obtained from these measurements.
The operating viscosity error and the relative operating viscosity error can then be calculated 
as follows.

AKop = , + 273)-log(#2 +273)]- Am|
m •Afl (6-5)

AKop = |[log(50 + 273)- log(l 00 + 273)] • 0.02|
3.269

ln(lO)-(lOO
0.5

= 0.0032

AK o O.OQ32op
K op 0.119

• 100% = 2.65% (6-6)
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Av op = 1 0 (1 °Kop ).lOK-.|n(lO)2 .AK op
(6-7)

1o(10° 119 )-100119 -ln(lO)2 .0.0032 = 0.40
mm'

Av OD 0.40op

v op 19.86
100% = 2.01% (6-8)

The calculation of the frictional coefficient f and the radial operating index Orad are influenced 
by the measurement errors in the frictional torque MR , the radial load Fr, the operating 
viscosity vop and the rotational speed n. The radial operating index Orad and the frictional 
coefficient have been derived in chapter 4.1. The corresponding measurement errors can be 
expressed as follows:

n-^--Avop
' r

+ 1
op ^ + (6-9)

The following example illustrates the error calculations for the LSL 192316 bearing at the
maximum error value.
The test conditions are: C0 = 520000 N; Fr = 5100 N; n = 5988 rpm; vop = 26.7 mm2/s

AOrari =1Q-4 -520000'rad

V

5988 26.7
1

5100
0.5 26.7-5988 1

5100'
-20

A0rari = 30.92'rad
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A0 rart 30.92
O rart 1630.15

100% = 1.90%
'rad

(6-10)

Af=2.-^.| 
d.„

.AM MR ~-AFr
' r

(6-11)

Af =2- 1
0.125 5100

-0.02 7.10-—^r-20 
5100 2

= 0.00015

Af ^0.00015 
f ~ 0.0223

•100% = 0.67% (6-12)

Taking the measurement errors into account in a f - Orad diagram results in a five point 
group, which can be expressed as follows:

(D

(2)

(3)

(4)

(5)

Orad

Orad + dOrad

Orad-

and 

and 

and 

and 

and

f

f-df 

f + df 

f + df 

f-df

The extreme values of the error deviations are obtained by evaluation of group (2) and (4), 

and these are illustrated in figure 6-1.
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frictional coefficient f
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0,001

0,0005
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radial operating index Orad

Fig. 6-1: Frictional coefficient against radial operating index showing 
the effects of measurement errors

The magnitude of the relative errors of the operating viscosity, the radial operating index and 
the frictional coefficient are as follows:

Operating viscosity

Radial operating index

Frictional coefficient

Av,
T op

AO

= ±0.50%.......... ±2.01%

rad = ±0.70%..........±1.90%
rado

— = ±0.30%..........±1-70%
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7 Evaluation of the Measurements by the Palmgren method 

7.1 Radially loaded Bearings

As described previously the total frictional torque of a radial cylindrical roller bearing was 
divided by Palmgren into three frictional parts, the load independent frictional torque M0 , the 
radial load dependent part M, and the axial load dependent frictional torque M2 . Thus, for 
radially loaded bearings the load independent frictional torque M0 and the radial load 
dependent frictional torque M 1 have to be considered.

7.1.1 The load independent bearing factor f0

The load independent bearing factor f0 shows a dependence on the rotational bearing speed 
and the operating viscosity. The f0 factor is obtained by determination of the load 
independent frictional torque M0, so that the frictional torque versus radial load diagram can 
be used to determine M0 . At a constant oil inlet temperature, i.e. a constant viscosity a series 
of curves such as figure 7-1 can be produced.

Frictional torque in Nm
40

30

20

10

load ratings: Co = 1860 kN; C = 1320 kN 
reference speed: n = 1800 rpm

measured frictional torque

20 40 60 80 
Radial load in kN

100 120

Fig. 7-1: Determination of the load independent frictional torque M0
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The Palmgren calculation method results in a linear variation of torque with radial load at 
constant rotational speed. However, the test results show a strongly decreasing 
characteristic at low loads as can be observed in figure 7-1. Therefore, a best fit linear line 
can be approximated through the measurement points using the "least mean error squared 
method". Palmgren's theory suggests based on kinematic requirements that the best fit curve 

should be calculated using load ratios of C/Fr < 50. The point of intersection of the best fit 

curve with the frictional torque axis results in the load independent frictional torque M0 , and 
the f0 factor is then calculated according to the following equation:

Mr
(7-1)

For accurate determination of the fo values it is essential to measure the frictional torque at 
constant rotational speeds and operating viscosities. The bearing factors f0 calculated 
according to equation 7-1 for a range of speeds for bearing NJ 2316 are illustrated in figure 
7-2 compared with the SKF catalogue value.

Bearing factor fo
25

fo - values calculated from 
measured data

0 1.000 2.000 3.000 4.000 5.000 
Speed in rpm

Fig. 7-2: Speed dependence of the bearing factor f0 
Bearing NJ 2316; oil flow rate 15 l/min
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Figure 7-2 shows that the bearing factor f0 is mainly dependent on the speed. During the 
tests a further dependence of the f0 value on the oil flow rate was observed as illustrated in 
figure 7-3.

Bearing factor fo

5 10
Oil flow rate in l/min

15

Fig. 7-3: Dependence of the bearing factor f0 on the oil flow rate 
Bearing NJ 2316

From these evaluations it can be assumed that the f0 values taken from the manufacturers 
catalogues can only be based on low oil flow rates and low speeds.

7.1.2 The load dependent bearing factor fi

The bearing factor 1, is used to calculate the load dependent frictional torque of a radial 
bearing. This factor can be determined from frictional torque measurements by use of the 

following equation:

(7-2)
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Palmgren's equation indicates a linear relationship between the load dependent frictional 
torque M! and the radial load. According to figure 7-1 the load dependent frictional torque 
can be determined as follows.

(7-3)

The measured frictional torque MR and the linear relationship of M 1 can then be used to 
calculate the bearing factor f, according to equation 7-2, so that different f 1 values are 
obtained for different rotational speeds. The speed dependence of the ^ factor is shown in 
figure 7-4 in comparison to the SKF catalogue value.

Bearing factor f1
0,0006

f1 - values calculated from 
measured data .

0,0002

0,0001

0 1.000 2.000 3.000 4.000 5.000 
Speed in rpm

Fig. 7-4: Speed dependence of the bearing factor fi 
Bearing NJ 2316

An influence of the oil flow rate was also found for the f, factor. This influence of the oil flow 

rate is illustrated in figure 7-5.
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Bearing factor ft
0,0006

0,0005

0,0004

0,0003

0,0002

0,0001

n = 200 rpm

n = 500 rpm
-*- 

n = 1000 rpm

n= 2000rpm 

n= 3000 rpm

5 10
Oil flow rate in l/min

15

Fig. 9-5: Dependence of the oil flow rate on the bearing factor ^ - bearing NJ 2316

7.1.3 Comparison with catalogue data

In general the catalogues provide only a single value of the bearing factor f0 and f1 for a 

particular bearing. INA, however also express in their catalogue 307 a dependence of the f0 

value on the oil level and this can be observed in figure 7-6. 

Oil level factor

3-

2-

1-

—r 
0,1

—T~ 

0,5

Fig. 7-6: Increase of the bearing factor f0 with the oil level h
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The catalogue f0 values are based on the oil level reaching to the middle of the lowest rolling 
element. Higher oil levels can lead to a three - fold increase in the values of f0 , see figure 
7-6. However, the influence of the rotational speed on the bearing factor f0 is neglected in the 
manufacturer's catalogue. With regard to the factor 1, it can be recognised that there is 
simply a dependence of the radial load. The tests showed that the bearing factor 1, is also 
influenced by the rotational speed, and also by the oil flow rate through the bearing as 
illustrated in figure 7-3 and 7-4. For the investigated radial cylindrical roller bearings a 
comparison between the calculated bearing factors from measured data and the catalogue 
data is shown in table 7-1. Evaluating the results obtained from measurements in 
comparison with the catalogue data it is clear that there are substantial differences between 
the catalogue bearing factors and the measured values.

Bearing type

LSL192316

LSL 192322

LSL 192324

LSL 192332

ZSL 192308

ZSL192316

ZSL 192322

SL 192308

SL 19231 6

SL 192332

NJ 2308

NJ2316

NJ 2332

Bearing factor

based on measurement data

fo fi

3.5 to 16.0

3.7 to 17.0

3.6 to 16.5

4.0 to 17.5

4.2 to 18.0

4.5 to 19.0

4.7 to 20.0

6.4 to 20.0

7.0 to 22.0

7.5 to 20.0

3.8 to 18.0

3.5 to 21.0

4.5 to 20.0

0.000 12 to 0.00026

0.000 14 to 0.00028

0.0001 3 to 0.00031

0.0001 3 to 0.00032

0.0001 4 to 0.00028

0.0001 7 to 0.00033

0.000 19 to 0.00035

0.0001 4 to 0.00030

0.0001 5 to 0.00033

0.00020 to 0.00040

0.000 12 to 0.00030

0.0001 5 to 0.00045

0.0001 7 to O.Q0040

Bearing factor

from manufacturers catalogue

fo fi

3.7

3.8

12

4.0

0.0002

0.00025

0.0005

0.0004

Table 7-1: Comparison of Measured and "Catalogue" bearing factors f0 and
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7.2 Axial loading

7.2.1 The axial load dependent bearing factor f2

In order to determine the bearing factor f2 it is necessary to split the total frictional torque into 
separate frictional parts according to

M2= MR,tot- MR,rad (7-4)

whereby,

M2 the axial load dependent frictional torque Nm 
MR,tot the total frictional torque of a radially and axially loaded Nm

radial cylindrical roller bearing 
MR,rad the frictional torque of a radially loaded radial cylindrical roller bearing Nm

The measured frictional torque values of the radially loaded bearing were subtracted from the 
measured values of the total frictional torque for combined loading by means of an EXCEL 
calculation program. Typical results obtained from these calculations can be observed in 
figure 7-7 for bearing ZSL 192316.

Axial load dependent frictional torque in Nm

Fr = 20 kN; Q = 5 l/min

1.000 2.000 3.000 4.000 5.000
Speed in rpm

6.000

Fig. 7-7: Axial load dependent frictional torque against speed 

Bearing ZSL 192316
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The calculation of the bearing factor f2 is based on the following equation:

f -2 ~ (7-5)

According to the manufacturers catalogues the bearing factor f2 is influenced by the axial 
load and by the rotational speed, the viscosity and the mean bearing diameter. Figure 7-8 
illustrates the influence of the rotational speed on the axial load bearing factor f2 .

Bearing factor f2

0,008

0,006

Fr = 20kN;Q = 5l/min

0,004

0,002

0 1.000 2.000 3.000 4.000 5.000 6.000
Speed in rpm

Fig. 7-8: Bearing factor f2 against the rotational speed 
Bearing ZSL 192316

From figure 7-8 a decreasing f2 value can be observed for increasing rotational speed. 
Furthermore, at a constant rotational speed the bearing factor f2 increases with increasing 
axial load. The axial load dependence of the factor |2 is illustrated in figure 7-9.



Evaluation of the Measurements by the Palmgren method 182

Bearing factor f2
0,01

0,008

0,006

0,004

0,002

n = 500 rpm 

n = 1000 rpm 

n = 2000 rpm 

n = 3000 rpm 

n = 4000 rpm

Fr = 20 kN; Q = 5 l/min

10 15
Axial load in kN

25

Fig. 7-9: Variation of bearing factor 1Z dependent on the axial load- bearing ZSL192316

At low rotational speeds f2 increases at a constant rate for increasing axial loads, see figure 
7-9 at 500 rpm. At higher rotational speeds a constant f2 value can be observed up to an 
axial load of 10 kN, from there the f2 values show a steady increase. The f2 factor also 
depends on the oil flow rate since an increase in the flow rate results in a reduced bearing 
temperature, which is equivalent to an increase in the operating viscosity. Thus, an axial load 
carrying oil film is produced more readily within the axial contact at high oil flow rates. Figure 
7-10 shows how the bearing factor f2 depends on the oil flow rate for different rotational 

speeds and axial loads.

Bearing factor f2
0,012

0,01

0,008

0,006

0,004

0,002

4 6
Oil flow rate in l/min

Fig. 7-10: Bearing factor f2 dependent on the oil flow rate - bearing ZSL 192316
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7.2.2 Comparisons with catalogue data

The axial load dependent frictional torque is calculated as described in chapter 2.3.4, and the 
bearing factor f2 is determined by the bearing manufacturers in different ways. The f2 factor 
as used by SKF has a constant value of 0.002 for cage guided and 0.003 for full complement 
radial cylindrical roller bearings. The f2 values obtained from measurements of the cage 
guided bearing NJ 2316 show dependency on the axial load, the rotational speed and the 
operating viscosity with f2 ranging from 0.001 to 0.030. 

INA, however determines the f2 factors based on specific axial load Fa /A ratios and on the

operating parameter v • n • dM according to chapter 2.3.4.1 and figure 2-18. The results of the 

bearing factors f2 obtained from measurements of the cage guided test bearing LSL 192316 
can be observed in figure 7-11 in comparison to the INA values of f2 .

Bearing factor f2
0,03

0,02

0,01

Q = 5 l/min 
Fa/A= 14N/mm2

Fa/A = 28 N/mm2
* 

Fa/A = 7 N/mm2

1E+3 1E+4 1E+5 1E+6
Operating parameter

1E+7 1E+8

Fig. 7-11: Comparison of measured bearing factor f2 with the INA catalogue factors 

Bearing LSL 192316

The FAG method is based on the axial load dependent frictional torque Ma , which is 
calculated according to equation (2-89), chapter 2.3.4.3. The friction factor f. is evaluated 

from the measured frictional torque according to the, following equation:

f a 
a 0.06-Fa -dM

(7-6)
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The fa factor is thereby dependent on the operating parameter B, which is calculated as 
follows:

= fb -dM .v.n.J-.(D2 -d2 ) (7-7)

where:
fb bearing factor
dM mean bearing diameter

operating viscosity
rotational speed
axial load 

D bearing outer diameter 
d bore diameter of the bearing

v 
n 
Fa

mm
mm2/s
rpm
N
mm
mm

For the cage guided radial cylindrical roller bearing LSL 192316 the measured results are 
compared with the FAG catalogue values in figure 7-12.

Bearing factor fa

0,1

0,1 1 10 100 1000 10000 
Operating parameter B

Fig. 9-12: Bearing factor fa obtained from measurements in comparison to 
FAG catalogue factors; bearing LSL 192316

The friction factors fa obtained from measurements are significantly higher.
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7.3 Tola I frictional torque obtained from measurements in comparison to 
catalogue prediction values

The total frictional torque of a radial cylindrical roller bearing can be calculated according to 
equations (1-3) to (1-8) as described in chapter 1. In the following section the bearing 
manufacturers calculation methods are used in order to compare the predicted results with 
measurements taken on the full complement radial cylindrical roller bearing SL 192332. The 
full complement SL bearing is selected because this type of bearing is produced by all the 
main manufacturers. The predicted frictional torques using the factors from the catalogue 
are compared with the measured data in figure 7-13.

Total frictional torque in Nm
140

120

100

200 400 600 800 1.000 1.200 1.400

Speed in rpm

Measured values
Fa/Fr=0 Fa/Fr=0,2 Fa/Fr=0,4 Fa/Fr=0,6

Calculated values
Fa/Fr=0 Fa/Fr=0,2 Fa/Fr=0,4 Fa/Fr=0,6

Fig. 7-13- Comparison between measured and calculated frictional torque using the 
bearing manufacturers methods-radial load 40 KM; oil flow rate 5 l/min

As can be observed from figure 7-13 very large differences are obtained between the 
measured results and the predicted frictional torques using the INA method. The deviations 
from the measured results obtained for the full complement bearings range from at least 30 
% up to 400 %. Similar variations would be found using other manufacturer's data.
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8 Evaluation of the Measurements by the Frictional Torque Prediction Method

The calculation of the total frictional torque of a radial cylindrical roller bearing is based on 
the following equations:

r 2 v '

M = f • F • d fft-^lvlR,a 'a ra UM V° °/

These equations, see chapter 4, are based on the physics of HL and EHL theory. The 
frictional coefficients f and fa are functions of the bearing geometry and the operating 
parameters.

8.1 Radially loaded cylindrical roller bearings

8.1.1 Evaluation of the frictional coefficient f

The dimensionless frictional coefficient f of a radially loaded cylindrical roller bearing is 
calculated according to Coulomb friction, whereby the coefficient f of the bearing is equal to 
the dimensionless friction coefficient u., so that

(8-4)

After rearranging equation (8-4) the frictional coefficient f becomes:

' MR.rad (8-5)
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8.1.2 Evaluation of the radial operating index

During the evaluation of the measured frictional torque of a radial cylindrical roller bearing it 
was found that the friction coefficient is a function of the operating parameters and the radial 
operating index has been defined in chapter 6.1 as:

(8-6)

The radial operating index takes into account the influence of the rotational speed, the 
operating viscosity and the influences of the radial load and the static load carrying capacity. 
The static load carrying capacity is dependent on the bearing geometry, as described in 
chapter 4.1, equation (4-30) and can be taken from the manufacturers' catalogues. The 
frictional coefficients f obtained from the measured frictional torques and the operating 
indices calculated according to equation (8-6) show a linear relationship when expressed 
logarithmically, see figure 8-1. Subsequently, the measured results were represented by a 
"best fif, which was determined using the "least mean error squared method". This "best fit 
curve" for the frictional coefficient f can be represented as:

f=a-0radb (8-7)

The evaluations of the radial frictional torque have been undertaken for different oil flow 
rates, so that a wide range of operating viscosities have been covered. The calculations at

constant oil flow rates, e.g. VL = 5, 10 or 15 l/min show similar frictional coefficient - radial 

operating index characteristics and a single relationship can be obtained for each particular 
bearing

The evaluation procedure has been carried out in order to describe the influence of the 
bearing size on the frictional torque for at least three different bearing sizes. Figure 8-1 
illustrates the results obtained from measurements on NJ 23.. radial cylindrical roller 

bearings.
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Friction coefficient
0,1

0,01

0,001

0,0001
10 100 1000

Radial operating index Orad
10000

——— Exponential 
function 
through 
measurement 
points

- - - - Calculated 
exponential 
function

Fig. 8-1 a: Frictional coefficient against the operating index of bearing NJ 2308

Friction coefficient
0,1 =

0,01

0,001

0,0001
10 100 1000

Radial operating index Orad
10000

— Exponential 
fu notion 
through 
measurement 
points

- - Calculated 
exponentia I 
function

Fig. 8-1 b: Frictional coefficient against the operating index of bearing NJ 2316

Friction coefficient
0,1

0,01

0,001

0,0001

IJKI'

10 100 1000

Radial operating index Orad

10000

——— Exponential 
function 
through 
measurement 
points

- - - - Calculated 
exponential 
function

Fig. 8-1 c: Frictional coefficient against the operating index of bearing NJ 2332
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The coefficients of the frictional coefficient / operating index relationships for bearing NJ 23.. 
are shown in table 8-1, together with the respective correlation coefficient which provides a 
measure of the accuracy of the fit.

Bearing

NJ 2308

NJ2316

NJ 2332

a - value

0.000074

0.000095

0.000134

exponent b

0.747

0.703

0.692

correlation 

coefficient

0.987

0.992

0.985

Table 8-1: Factors determined from the "best fit curve"

The factor a according to equation (8-7) represents the dependence of the frictional 
coefficient on bearing size and as indicated by table 8-1 the exponent b can be given a 
constant value of 0.7, so that the frictional coefficient f becomes:

0.7
'tad (8-8)

This compares with theoretical exponent of 0,754 as derived in equation (4-29). The 
corresponding frictional torque equation for a single radial cylindrical roller bearing becomes:

\0.7

MR.rad = 3l - 10- • v • nv op "
UM

2
(8-9)

The at factors can then be determined by means of best fit calculations using the least mean 
error squared method for the investigated bearings as illustrated in figure 8-2.
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Frictional coefficient f
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Fig. 8-2: Frictional coefficient f against the radial operating index Orad using a constant 
exponent of 0.7

The 81 values can be found when Orad = 1, so that for the different bearing sizes the following 

values are obtained:

NJ 2308 a, = 0.000082 b = 0.70
NUP 212 a! = 0.000087 b = 0.70
NJ 2316 a^ = 0.000098 b = 0.70
NJ 2332 a! = 0.000130 b = 0.70

dM = 0.065 m 
dM = 0.085 m 
dM = 0.125 m 
dM = 0.250 m

The size dependence of the coefficient a, can be observed for the constant exponent b = 

0.70 as illustrated in figure 8-3.

a1 factor
0,0002

0,00015

0,0001

0,00005

0
0 0,2 0,3

»- d M in m
Fig. 8-3: Variation of the factor a, with the bearing size; bearings NJ 23.



Evaluation of the Measurements by the Frictional Torque Prediction Method_______192

The curve in figure 8-3 must start at the origin, singe as the mean bearing diameter dM -> 0 

the ai values also tend to zero. Consequently the size effect can be represented by:

a^A-dJ* (8-10)

within:
ai factor dependent on bearing size

A factor dependent on bearing design

dM mean bearing diameter m

k exponent dependent on the bearing size

The frictional coefficient f is calculated after rearrangement of equations (8-8) and (8-10) as 

follows:

f = A.dM k -O rad07 (8-11)

Further rearrangement of the frictional torque for the radially loaded bearing, and taking into 

account the simplification as described before, the frictional torque MR,rad becomes:

(8-12)

For the radial cylindrical roller bearing series NJ 23.. the bearing design factor was 

determined by curve fitting in figure 8-3 to be A = 0-00025 and the bearing design exponent 

was estimated as k = 0.498.
Similar calculations were undertaken for each of the bearing types and table 8-2 represents 

the bearing design factors and the bearing size exponents for the investigated range of radial 

cylindrical roller bearings.
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Bearing type

NJ 23..

SL 1923..

LSL 1923..

ZSL1923..

Bearing design 
factor A

0.00025

0.00038

0.00022

0.00026

Bearing size 
exponent k

0.498

0.502

0.501

0.499

Factor of correlation 
Kc

0.988

0.968

0.984

0.992

Table 8-2: Bearing design factors A and bearing design exponents k

It is clear from the table that a constant value of 0.5 can be assumed for the exponent k in all 
cases as a reasonable approximation. Equations (8-10) to (8-12) can be further simplified

taking into account that the term dM k and dM can be grouped together, so that the size effect 

is given by:

k+1 (8-13)

Further simplification of equation (8-12) can be achieved by combining the constants A, the 
factor 1/2 and the factor (10"4)07 so that

— rvrad (8-14)

Taking into account these simplifications the frictional torque of a purely radially loaded radial 

cylindrical roller bearing becomes:

(8-15)

The corresponding values of Krad for each of the bearing types is presented in table 8-3.

Bearing
LSL 1923.
ZSL1923.
SL1923.
NJ23.

1.74x10"
2.06x10"
3.00x10'

2.00x10"'

Table 8-3: Values of bearing type factor Krad
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The values of Krad and the exponents of the variables in equation (8-15) were checked 
separately [103] to analyse the experimental data by means of a multiple regression 
calculation. In this case the frictional torque was expressed as:

(8-16)

The results obtained from these calculations can be, examined in table 8-4:

Exponent

X0

^

X2

Xa

X4

X5

LSL 1923..

1.74-1CT7

1.501

0.698

0.702

0.698

0.298

ZSL 1923..

2.06 -1CT7

1.499

0.704

0.705

0.695

0.302

SL1923..

3.0-1Q-7

1.502

0.697

0.696

0.697

0.295

NJ 23..

2.0-1Q-7

1.498

0.703

0.698

0.702

0.303

Table 8-4: Exponents determined from measured results according to the derived 
frictional torque equation using the least mean error squared method

The results illustrated in table 8-4 show that the use of an exponent of 0.7 for the static load 
carrying capacity, the rotational speed and for the operating viscosity of the lubricant is 
reasonable. An exponent of 0.3 as used in equation (8-15) is also approximately correct for 
the radial load dependence and the size dependence as expressed by the exponent of the 
mean bearing diameter dM can be approximated to 1.5. The values of the factor X0 in table 8- 
4 are very similar to those of the bearing design factor Krad as illustrated in table 8-3.
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8.2 Axially loaded radial cylindrical roller bearings 

8.2.1 Evaluation of the axial frictional coefficient fa

The dimensionless frictional coefficient fa of an axially loaded radial cylindrical roller bearing 
can be calculated after rearranging equation (8-3) as follows:

(8-17)

It is not possible to measure the axial load dependent frictional torque MR,a directly, so that it 
was found by subtracting the radial load dependent frictional torque MRirad from the total 
frictional torque MR according to the following equation:

MR,a =MR- MR,rad (8-18)

During the tests it was observed that higher bearing temperatures were measured as the 
axial load was increased. Figure 8-4 illustrates the operating temperatures after applying 
additional axial loads.

Frictional torque in Nm Operating temperature in °C
30

25

20

15

10

120

110

100

90

80

70

60

Frictional torque 
Fa/Fr = 0

Fa/Fr = 1.0

Operating temperature 
Fa/Fr = 0

Fa/Fr = 1.0-X -

0 1.000 2.000 3.000 4.000 5.000 6.000
Speed in rpm

Fig. 8-4: Frictional torques and operating temperatures
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In order to determine the axial load dependent frictional torque MR , a according to equation 
(8-18), the radial load dependent frictional torque MR , rad has to be corrected to the 
appropriate operating temperature and hence operating viscosity. This corrected radial load 
dependent frictional torque MRrrad,Curr is based on equation (8-18). Consequently, the axial 
load dependent frictional torque is obtained according to the following equation:

MR,a = MR - MRirad,curr (8-19)

8.2.2 Evaluation of the axial operating index Oa

The analysis of the experimental data indicates that the frictional coefficient fa is a function of 
various operating parameters and the bearing geometry. These parameters have been 
included in the axial operating index Oa in chapter 4.2. This index is thus influenced by the 
lubrication conditions, the rotational speed, the axial load and the axially loaded surface area. 
The factors and exponents relating the dependence of the frictional coefficient fa to the axial 
operating index Oa have to be determined by experiments using a similar procedure to that 
adopted for radial loads. The frictional coefficient fa is determined from the measurements of 
axial load dependent frictional torque MR ,a , and this is plotted against the axial operating 
index, calculated according to equation (4-50). Subsequently, the measured results were 
represented by "best fit curves" determined by means of the curve fitting program "table 
curve" which covers a wide range of functions. The "best fit curve" for the axial frictional 
coefficient fa can be expressed by an approximation according to the following equation:

fa =P'Oa r (8-20) 

where the axial operating index Oa is:

Oa =k.(D2 -d2 )-vop -n-dM .-V (8-21)
r—a
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and 
k 
D 
d

Vop

n

the axial contacting surface factor dependent on the bearing series
the bearing outer diameter
the bore diameter of the bearing

the operating viscosity of lubricant
the rotational speed
the mean bearing diameter
the axial load

m
m
mm2/s
rpm
m
N

A typical relationship is shown in figure 8-5 for the cage guided bearing LSL 192332. Despite 
the scatter in the measurements it is reasonable to represent them by a straight line using 
logarithmic scales.

Frictional coefficient fa

0.001 -

0.0001

0.01-

10 100 1000 
Axial operating index Oa

10000

Fig. 8-5: Frictional coefficient fa against the axial operating index Oa 

Bearing LSL 192332 C3: Oil flow rate VL = 10 l/min

The procedure was repeated for all the bearings in the LSL 1923.. series and the values of p 

and the exponent r are presented in table 8-5.
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Bearing

LSL192316

LSL 192322

LSL 192326

LSL1 92332

p factor

0.0070

0.0098

0.0142

0.0184

exponent r

-0.190

-0.205

-0.197

-0.209

correlation 
coefficient

0.848

0.870

0.792

0.844

Table 8-5: Factors and exponents for calculating the axial load dependent frictional 
torque

Similar characteristics were obtained at all oil flow rates so that a constant value of r = -0.20 
can be assumed from table 8-5, so that equation (8-20) becomes:

-0.2
(8-22)

Replotting the fa - Oa relationship with r = -0.20 leads to slightly different values of 
figure 8-6.

^ see

Frictional coefficient fa
0,1

0,01

0,001

10 100 1.000
Axial operating index Oa

10.000

LSL 192332 LSL 192326 LSL 192322 LSL 192316

Fig. 8-6: Frictional coefficient fa against the axial operating index Oa for different 

bearing sizes
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The values of p, can be taken at the axial operating index Oa = 1, so that for the different LSL 
1923.. bearing sizes the following values are obtained:

LSL 192316 

LSL 192322 

LSL 192326 

LSL 192332

P! = 0.007 r = - 0.20 dM = 0.125 m

p 1 = 0.010 r = -0.20 dM = 0.175m

Pi = 0.014 r = -0.20 dM = 0.205m

Pi = 0.018 r = - 0.20 dM = 0.250 m

The size dependence as illustrated in figure 8-6 can be evaluated according to figure 8-7. 

The curve in figure 8-7 must start at the origin, since as the mean bearing diameter dM —> 0 

the PI values also tend to zero.

p1 factor
0,025

0,02

0,015

0,01

0,005

0,1 0,2 0,3

- d M in m

Fig. 8-7: Variations of factor ^ with the bearing size; bearing LSL 1923.

The function presented in figure 8-7 can be represented by the following equation:

Pi=K.-dM (8-23)
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where:
p1 factor dependent on the bearing size

Ka factor dependent on the bearing design

dM mean bearing diameter

h exponent dependent on the bearing size
m

For the radial cylindrical roller bearing series LSL 1923.. a curve fitting procedure yields the 

bearing design factor as Kg = 0.122 and the bearing size exponent h = 1.4, so that equation 

(8-23) becomes:

p1= 0.122-d 1.4
M

(8-24)

for this particular type of bearing. In general the frictional coefficient fa is calculated after 

rearranging of equation (8-22) as:

fa =Ka .dM n -Oa -0.2 (8-25)

and the corresponding axial load dependent frictional torque MR,a becomes:

MR,a = K a ' dM

-0.2

•Fa -dM (8-26)

The calculation was repeated in all cases and table 8-6 presents the resultant bearing design 

factors and the bearing size exponents for the investigated range of radial cylindrical roller 

bearings.

Bearing type

LSL 1923..
2SL 1923..
SL1923..

NJ 23..

Bearing design factor

Ka

0.122
0.145
0.170
0.146

Bearing size 
exponent h

1.40

1.38

1.42

1.39

Correlation 
coefficient

0.868

0.825

0.844

0.785

Table 8-6: Bearing design factors K, and bearing size exponents h
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Table 8-6 justifies the use of a constant value h = 1.4 and this can be substituted into 
equation (8-26), so that the size dependence is given by:

<C-dM =dM h+1 =dM j =dM 24
(8-27)

Following appropriate simplification the axial load dependent frictional torque of a radial 
cylindrical roller bearing becomes:

MR,a =Ka -dM 22 1.4 (8-28)

The bearing design factor Kg and the axial contacting surface factor k can be grouped 
together to an overall axial bearing design factor Ka,ov , so that the axial frictional torque 
becomes:

=K..OV .d«" -F 1.4 (8-29)

The values of the overall bearing design factors Krad and Ka,0v are tabulated for the different 
types of bearings in table 8-7.

Bearing type

LSL1923..

ZSL1923..

SL1923..

NJ 23..

Krad

1.74X10'7

2.06 x1Q-7

3.00 x10"7

2.00 X10'7

•*a,ov

0.122

0.145

0.170

0.146

Table 8-7: Design factor for different types of bearings

Thus the new method only requires the experimental evaluation of two bearing factors ( one 
for the radial load and the other for the axial load frictional torque component) for a particular 

cylindrical roller bearing.
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9 Discussion of the frictional torque prediction method

Consideration of the manufacturers' frictional torque calculation methods as described in the 
literature review and further evaluated in chapter 7 have shown that the calculated results do 
not predict the frictional torque with the required accuracy. Consequently experimental and 
theoretical evidence has been used in this thesis to develop a new frictional torque prediction 
method for radially and axially loaded radial cylindrical roller bearings. This requires the 
measurement of size independent empirical factors for each particular type of bearing. 
As measured frictional torques were used as a basis for the derivation of the correlation as 
illustrated in chapter 8, there is inevitably good agreement between these measurements 
and predicted values so that new data were required for the comparison between predictions 
and measurements in this chapter. Consequently, for each design of radial cylindrical roller 
bearing separate measurements with new bearings, were carried out, so that an independent 
comparison between the predicted results and the measured data was achieved.

9.1 Comparison of predictions and measurements for radially loaded bearings

For purely radially loaded cylindrical roller bearings, the following equation has been derived 
for the torque:

MR,rad =Krad -dM 1 '5 .(n-v op -C0 )°-7 -Fr °-3 (9-1)

where:

MR ,rad frictional torque of the purely radially loaded bearing Nm
Krad bearing type factor
dM mean bearing diameter m
n rotational speed rPm
v0p operating viscosity mm /s
C0 basic static load rating N
Fr radial load N

The frictional torque predictions obtained from equation (9-1) for purely radially loaded radial 
cylindrical roller bearings were compared with measured frictional torque data see figure 9-1 

which presents the frictional torque speed characteristic.
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Frictional torque in Nm
LSL192316; Fr = 50 kN

14

12

—— calculated frictional torque ace. to equation (8-9)
—— measured frictional torque
—— calculated frictional torque ace. to equation (8-15)
—— calculated frictional torque ace. to Palmgren's equation

500 1000 1500 2000 2500 3000 3500
Rotational speed in rpm

4000 4500 5000 5500

Fig. 9-1: Comparison of frictional torque speed characteristics 

LSL 192316 - radial load Fr = 50 kN; oil flow rate VL = 15 l/min

Typical results obtained for the LSL type , as shown in figure 9-1 for the bearing LSL 192316 
at a load of Fr = 50 kN, illustrate good agreement between predicted frictional torques and 
measured data. Similar good agreement was obtained even at low bearing loads. 
Consequently, the prediction method should be capable of extension to lower loads, thus 
giving opportunities for calculating the frictional torques in 17idler gear applications. 
The influence of the radial load and speed on the frictional torque characteristic has been 
discussed previously, however the dependence on the oil flow rate which is of considerable 
interest because of the thermal equilibrium within a bearing has to be analysed further. Thus, 
the interaction between the oil flow rate and the operating viscosity and the effects on the 
frictional torque behaviour and bearing temperature should be discussed. During the tests it 
was found that an increase in the oil flow rate results in an essentially uniform increase of 
frictional torque, since simultaneously the bearing temperature decreases and consequently 
an increase of the operating viscosity can be observed, which causes an increase of the 

bearing frictional torque.

17 An idler gear application is a bearing running without load, e.g. a disconnected gear wheel bearing.
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Although not shown here at present the agreement between the predictions and the 
measured frictional torques under steady state conditions is exceptionally good, thus 
providing confirmation of the validity of the prediction method for the investigated bearing 
types.

Although the method generally provides reasonable predictions it is appropriate to 
investigate the applicability of the method as the following parameters (which occur in 
equation (9-1)) tend to zero.

mean bearing diameter dM 
basic static load rating C0 
operating viscosity vop 

- radial load Fr 
rotational speed n

Both predicted and measured frictional torques become zero as the bearing geometry 
parameters such as the mean bearing diameter dM and the basic static load rating C0 tend to 
zero. However, when the operating viscosity tends to zero (vop -» 0 ), the predicted frictional 
torque also tends to zero ( MRirad -> 0 ). Thus, the frictional torque resulting from elastic 
hysteresis within the rolling contact is not taken into account. According to Harris [3] the 
energy loss or friction due to elastic hysteresis is significantly lower than other types of 
friction occurring in rolling bearings, so that the assumption to neglect this frictional torque 
mechanism does not unduly restrict the FTP - Method.
For an unloaded radial cylindrical roller bearing the frictional torque tends to zero. However, 
in every application radial loads are applied because of the bearing weight and furthermore 
because of the weight of the shafts or even that of the bearing housing, so that at least a 
small radial load is applied. Thus the frictional torque can be predicted according to the FTP 
- Method, and it has been shown that for very low radial loads good agreement between 
predictions and measured results was achieved.
At a rotational speed of n = 0 the predicted frictional torque of the bearing from equation 
(9-1) becomes zero, so that to the FTP - Method cannot calculate the starting frictional 
torque. However, the FTP - Method enables the bearing frictional torque to be predicted 
accurately even at low rotational speeds. In order to calculate the starting frictional torque of 
a radial cylindrical roller bearing a separate equation was derived and validated by 

experiments as illustrated in chapter 5.7.
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In conclusion it was found that these lower limit boundary conditions do not place significant 
restrictions on applying the FTP - Method to radial cylindrical roller bearings.

9.2 The overall prediction equation for combined loaded bearings

For radially and axially loaded radial cylindrical roller bearings the following frictional torque 
equation has been derived:

MR =Krad .dM 1 -5 .[n.vop -C0 f7 .Fr °-3 + K a .dM 2-2 -[k.(D 2 -d2 ).n.v op l^ 2 .Fa 1 -4 (9-2)

where:
MR frictional torque of the radially and axially loaded bearing Nm
Krad radial load dependent bearing type factor
dM mean bearing diameter m
n rotational speed rpm
vop operating viscosity mm2/s
C0 basic static load rating N
Fr radial load N
Kg axial load dependent bearing type factor
D bearing outer diameter rn
d bearing bore diameter rn
Fa axial load N

The frictional torque predictions obtained from equation (9-2) for combined loaded radial 
cylindrical roller bearings were compared with measured results. Figure 9-2 illustrates typical 
predicted and measured frictional torque speed characteristics for the cage guided bearing 

LSL192316C3.
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Frictional torque in Nm

Measured frictional torque 
Fa = 5 kN

Fa = 10 kN 

Fa = 20 kN

Predicted frictional torque
Fa = 5 kN 

—»..
Fa= 10 kN 

Fa = 20 kN

0 1.000 2.000 3.000 4.000 5.000 6.000
Speed in rpm

Fig. 9-2: Predicted frictional torques due to the FTP-Method compared with measured 
results: Bearing LSL 192316 C3 - radial load Fr = 20 kN; oil flow rate VL = 5 l/min

The overall predictions are in very good agreement with the measured data which indicates 

that the FTP - Method can accurately predict frictional torques even for combined loaded 

radial cylindrical roller bearings The deviation between the predicted and measured results 

can be evaluated according to the following equation:

AMR =MRcalc -MRmeas (9-3)

On a relative fractional basis by using:

Ax = R-calc ~ R-meas
MR,meas

(9-4)

In this respect the relative deviations Ax obtained after evaluating the results from figure 9-2 

are shown in figure 9-3.
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Relative deviation
0,15

0,1

0,05

0

-0,05 

-0,1

-0,15
Fa = 5 kN Fa = 10kN Fa = 20 kN

n = 500 rpm • n = 1000 rpm • n = 2000 rpm 
n = 3000 rpm • n = 4000 rpm • n = 6000 rpm

Fig. 9-3: Relative frictional torque deviations between predicted and measured results: 
Bearing LSL 192316 C3 - radial load Fr = 20 kN; oil flow rate VL = 5 l/min

It can be observed from figure 9-3 that the frictional torque predictions for the LSL 192316 
bearing at these particular operating conditions have a maximum relative frictional torque 
deviation of ± 0.07, which is equivalent to ± 7 %. The distribution of the relative deviation 
over the complete size range and range of operating conditions is expressed in figure 9-4.

Relative deviation

47,5%

1,8%
15,2%

35,5%

LSL 1923..
I less than 5 % d betw. 5 and 10 % 
I betw. 10 and 15 % • betw, 15 and 20 %

Fig. 9-4: Relative deviation between predicted and measured results of the radial 

cylindrical roller bearing series LSL 1923..
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Figure 9-4 illustrates that for the LSL 1923.. series that using the FTP - Method results in 
about 50 % of the predictions only deviating by less than 5 %, and that for 83 % of the cases 
the deviation is less than 10 %. This evaluation was repeated for all the bearings investigated 
in the project and the resultant relative frictional torque deviations are as shown in table 9-1.

Bearing
type

LSL 1923..

ZSL 1923..

SL 1923..

NJ 23..

Relative
deviation
less than

5%

47.5

50.3

45.2

48.4

Relative
deviation
between

5 and 10%

35.5

33.7

37.6

34.7

Relative
deviation
between

10 and 15 %

15.2

14.5

14.2

15.5

Relative
deviation
between

15 and 20%

1.8

1.5

2.5

1.4

Relative
deviation
between

20 and 25 %

0

0

0.5

0

Table 9-1: Distribution of relative frictional torque deviation between predicted results 
according to the FTP - Method and measured results

For all the bearing types over 80 % of the predictions are within 10 % of the measured 
values. It is also appropriate to investigate the limits of the method.
In section 9.1 the applicability of the radial load dependent frictional torque equation has 
already been discussed, so that consequently only the axial load dependent frictional torque 
equation has to be taken into account. The effects of the following parameters tending to 

zero was studied.

mean bearing diameter dM 
bearing outer diameter D 
bearing bore diameter d 

operating viscosity vop 

axial load Fa 
rotational speed n
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It is evident that the axial load dependent frictional torque becomes zero if the bearing 

geometry parameters tend to zero, e.g. the mean bearing diameter. When the operating 

viscosity tends to zero ( vop -» 0 ), the predicted axial load dependent frictional torque also 

tends to zero ( MR.a -> 0 ). However, it is common knowledge that for load carrying 

capabilities a lubricant film is required. Moreover, a required viscosity dependent on the 

bearing size and the bearing rotational speed has been defined by the bearing 

manufacturers, so that in all cases an operating viscosity Vop > 1 mm2/s can be assumed. For 

an axial load Fa = 0 the axial load dependent frictional torque becomes zero ( MR>a = 0 ), and 

consequently the frictional torque of a radial cylindrical roller bearing is calculated according 

to the radial load dependent frictional torque equation MRirad- At a rotational speed of n = 0 

the predicted frictional torque becomes zero, so that the FTP - Method cannot calculate 

starting frictional torques. However, at low rotational speeds the FTP - Method enables 

accurate frictional torque predictions. Consequently, in order to calculate the starting 

frictional torque of a combined loaded radial cylindrical roller bearing a separate equation 

was derived and validated by experiments as shown in chapter 5.7.
In conclusion it appears that the minimum limiting boundary conditions do not unduly restrict 

the application of the overall frictional torque prediction equation.
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9.3 Calculation of the thermal reference and safe operating speeds

If the rotational speed of a bearing exceeds a specified the system can overheat and the 
required lubricant conditions can break down. Consequently the bearing manufacturers' 
catalogues include a procedure for calculation of the permissible speed and this procedure is 
now included in draft standards such as:

- the thermal reference speed18 n B to DIN 732-1
- the thermal safe operating speed19 nperm to DIN 732-2.

The thermal reference speed and the thermally safe operating speed are both determined 
according to a heat balance within the bearing which can be expressed as:

(9-5)

where:

MR bearing frictional torque Nm
co angular bearing velocity 1/s
kq coefficient of heat transition at the bearing seating surface area W/(mm2/s)
AS bearing seating surface assumed to be A s = TC • B • (D + d) = 2 • TC • B • dM , mm2

see INA catalogue [19]
D outer diameter of a bearing mm 
d inner bore diameter of a bearing mm 
B width of a bearing mm 
dM bearing mean diameter mm 
A#A difference between bearing outer ring and ambient temperature K

For the reference speed conditions are defined as follows:

- mean ambient temperature dA = 20 °C
- mean bearing temperature at the outer ring £OR = 70 °C 

bearing load Fr = 0.05 • C0

- operating viscosity vop = 12 mm2/s
- heat dissipation via the bearing seating surfaces

18 The thermal reference speed nB of a bearing is a speed which is specific to a particular bearing and 
which is determined for defined reference conditions.
19 The thermal safe operating speed is the speed which cannot be exceeded under actual operating
conditions.
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for a bearing seating surface area A s < 25000 • mm 2

mm 

for a bearing seating surface As > 25000 mm2

mm 2 1 A s

where Qs is the mean bearing heat flow through the bearing seating surface area and can 

be obtained from the manufacturers' catalogues.

Thus, based on the Palmgren frictional torque calculation method the thermal reference 

speed is calculated according to the following equation:

-7 -f0 -(v op -n B )^ -dM 3 +ft -dM -Fr )-10-3 -- = Qs -2-7c-B. (9-6)

After simplification equation (9-6) becomes:

-nB-^O (9-7)

This non-linear equation for the thermal reference speed can only be solved by means of an 

iteration procedure, so that thermal reference speeds are provided in a table in the 

manufacturers catalogue. Subsequently, in order to determine the permissible speed of a 

bearing in a particular application a lengthy complex calculation process has to be

conducted.
The new Frictional Torque Prediction Method is more convenient for the calculation of the 

thermal reference speed. This can be illustrated for purely radially loaded radial cylindrical 

roller bearings. The heat balance of equation (9-5) is also relevant for the calculation of the 

thermal reference speed using the FTP - method, so that the following equation is obtained:

(9-8)
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After simplification and inserting the reference conditions the thermal reference speed 
becomes:

-0.5 ^'588

(9-9)
ad -

The FTP - Method then enables an explicit calculation of the thermal reference speed and 
this leads a simpler calculation of the permissible speed.



Starvation and churn loss of lubricant 214

10 Starvation and churn loss of lubricant.................................................... 215



Starvation and churn loss
215

10 Starvation and churn loss effects

In the early 1970s the influence of lubricant starvation20 on elastohydrodynamic behaviour 
received serious consideration. Before this fully flooded conditions in the contact region were 
assumed. This assumption seemed to be entirely reasonable in view of the minute quantities 
of lubricant required to provide a fully flooded lubricant film. However, it was recognised that 
rolling element bearings can suffer from lubricant the influence of starvation. Partial filling of 
the inlet to an elastohydrodynamic contact on pressure and film thickness has been explored 
theoretically by adopting different starting points for the inlet pressure boundary. 
Orcutt and Cheng [94] found for a specific case corresponding to a particular experimental 
situation that lubricant starvation lessened the film thickness. Castle and Dowson [95] 
presented numerical solutions for calculating the starved elasto-hydrodynamic line contact 
situation. These analyses yielded the proportional reductions in film thickness from the fully 
flooded condition in terms of o dimensionless inlet boundary parameter. 
The parameters to determine the reduction of the apparent lubricant film thickness have 
been developed as functions of the distance of the lubricant meniscus in the inlet zone from 
the centre of contact. As yet, no equations have been developed to accurately calculate this 
distance, so that it has to be determined experimentally. The concept of meniscus distance is 
illustrated in figure 10-1.

«2
zmmtzm^-x**^ «2

(a) (b)

a) hydrodynamic lubrication b) elastohydrodynamic lubrication 
Fig. 10-1: Concept of meniscus distance determination

20 Starvation is defined as the condition in which the volume of lubricant on the surfaces entering the 
contact is insufficient to develop a full lubricant film.
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In the case of a minimum lubricant supply, for example, oil mist or grease lubrication, the 
lubricant film thickness reduction factor owing to starvation effects is approximated to 0.71 for 
pure rolling. Evaluations of the effects on frictional torques as a result of starvation of 
lubricant were not found in the literature.
Consequently, the derived frictional torque prediction method should be applicable for 
starved lubricant conditions as well as for lubricant 21 surplus situations within the bearing. 
Therefore, the oil flow rate was varied from 0 l/min to 15 l/min in order to cover a range 
including surplus conditions . The tests were conducted under the following conditions:

Bearing : 
Radial load: 
Axial load: 
Rotational speed:
Oil flow rate:

LSL192316
Fr =50kN
Fa =0
n = 0 to 5000 rpm
VL = 0; 0.3; 0.5; 1; 2; 5; 10 and 15 l/min

Oil input temperature #jn = 70°C

The measured frictional torque against the rotational speed of the purely radially loaded LSL 
bearing is illustrated in figure 10-2 showing an increasing frictional torque characteristic for 
increasing rotational speeds except of very low speeds.

Frictional torque in Nm

oil flow 0.0 l/min

oil flow 0.3 l/min

oil flow 0.5 l/min

oil flow 1 l/min

oil flow 2 l/min

oil flow 5 l/min
-^~ 

oil flow 10 l/min

oil flow 15 l/min

1.000 2.000 3.000 4.000 5.000 
Rotational speed in rpm

Fig. 10-2: Frictional torque against speed for different oil flow rates 

Bearing LSL 192316 - radial load Fr = 50 kN

* A surplus of lubricant is an increase of the oil level within the bearing above that necessary for HL 
and EHL operation. This additional lubricant is mixed and churned around in the bearing and the 
consequent energy loss is known as churn loss. In practice the required amount of lubricant 
corresponds to an oil level up to the centre of the lowest rolling element. Any additional oil ,s regarded 
as surplus.
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The data is replotted in figure 10-3 to show more clearly the influence of the oil flow rate. 
This shows a frictional torque increase against the oil flow rate. Furthermore, an increase of 
the frictional torque for increasing rotational speeds can also be observed.

Frictional torque in Nm
10

n = 200 rpm 

n = 500 rpm 

n = 1000 rpm 

n = 2000 rpm 

n = 3000 rpm 

n = 4000 rpm 

n = 5000 rpm

2 4 6 8 10 12 14 16 
Oil flow rate in l/min

Fig. 10-3: Variations of the frictional torque with the oil flow rate for different speeds 
Bearing LSL 192316 C3 - radial load Fr = 50 kN

The measured outer ring temperature decreases as the oil flow rate increases as illustrated 
in figure 10-4.

Frictional torque in Nm
12

Operating temperature in °C 
Operating viscosity in mm2/s

120

- 100

Measured frictional torque 
(at operating conditions)

Operating viscosity

Operating temperature

Frictional torque related to a 
constant operating viscosity

20

5 10
Oil flow rate in l/min

Fig. 10-4: Variations of the frictional torque and other operating parameters with the oil 
flow rate; Bearing LSL 192316 C3 - radial load Fr = 50 kN
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From the outer ring temperature the operating viscosity can be determined and this 
parameter increases as the oil flow rate increases, see figure 10-4.
The LSL 192316 bearing has a surplus of lubricant for oil flow rates Q > 10 l/min, so that 
churn loss effects would be expected for the 15 l/min case. However, if it is assumed that for 
the investigated oil flow rates (i.e. from 0 to 15 l/min) no churn loss occurs. If this assumption 
is valid then the operating viscosities can be used in order to calculate the corresponding 
frictional torques at a reference condition of vop = 50 mm2/s given by the following equation:

X0.7

(10-1)
MH2

When this is undertaken the torque corresponds to the predicted dotted line in figure 10-4. 
The constant value of this line indicates that the variation in measured frictional torque is 
solely due to changes in operating temperature and hence viscosity. If so-called churn losses 
occurred at higher oil flow rates an increase in torque would be expected. However there is 
no evidence of this so that any churn loss are negligible in these tests. The good agreement 
between predictions and measurements again indicates that churn losses are small even at 
this higher flow rate. The predictions assume that the effect of different oil flow rates is solely 
due to changes in viscosity and this can only be time if churn losses are negligible under 

lubricant surplus conditions.
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Frictional torque in Nm
LSL192316; Fr = 50kN

14

12

10

——calculated frictional torque ace. to equation (8-9)

—— measured frictional torque

—— calculated frictional torque ace. to equation (8-15)

500 1000 1500 2000 2500 3000 3500 4000 4500 5000 5500
Rotational speed in rpm

Fig. 10-5: Comparison between measured and predicted dynamic frictional torques 
Bearing LSL 192316 C3: radial load Fr = 50 kN; oil flow rate VL = 15 l/min

For the radial cylindrical roller bearings investigated in this study separate measurements 
have shown that the maximum oil flow rate is dependent on the operating conditions, so that 
the permitted oil quantity is primarily determined by the rotational speed. This can be 
expressed in terms of the operating viscosity vop . Thus, the permitted oil flow rate can be 
calculated from these measurements according to the following equation:

V -m-hv L,perm ~" '" ' 'perm
-0.5

°p (10-2)

where:
m

perm

op

bearing factor dependent on the axial flooding surface 
oil level at the oil inlet side 
bearing mean diameter 
oil flow rate exponent 
operating viscosity

mm 
mm

mm2/s
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From the measurements the bearing factor m and the oil flow rate dependent exponent 6 
have been determined as shown in table 10-1.

Bearing type

LSL1923..

SL 1923..

ZSL 1923..

NJ 23..

Oil flow rate exponent 5

0.38

0.38

0.38

0.38

Bearing factor m

0.107

0.117

0.053

0.044

Table 10-1: Bearing factors and exponents for calculating the permitted oil flow rate

For radial cylindrical roller bearings the oil flow rate exponent was determined to a constant 
value of 0.38, so that the unpressurised oil flow of this bearing type is only influenced by the 
axial flooding surface factor m.
From the good agreement even at high oil flow rates it can be derived that churn loss effects 
are negligible. Moreover, the FTP - Method enables an accurate torque prediction even at 
surplus lubricant conditions.
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11 Design of a radial cylindrical roller bearing

To illustrate the advantages and improvements offered by the new prediction method it is 

applied to the design of a bearing in a practical application. The frictional torque within a 

bearing generates heat, which has to be dissipated, so that the following equation can be 

written:

MR -co = Q (11-1)

where:
MR bearing frictional torque Nm
co angular bearing velocity 1/s

Q total rate of heat flow W

The bearing frictional torque is calculated as follows:

MR =MR,rad +MR,a (11-2) 

The individual frictional torques are calculated as follows:

M R,rad =K rad .dM 1 - 5 -(v op .n.C0 )0 - 7 .Fr 0 -3 (11-3)

V-0.20 
1

Fa ,
•Fa (11-4)

The heat which is generated has to be dissipated partly by means of the oil flow through the 

bearing, partly through the bearing seating surface and by convective heat transfer. Thus, 

the total rate of heat flow is accounted by
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Q = Q S +QL +QC (11 .5)

Since the convective heat transfer Qc is very smajl only the heat flow through the bearing

seating surface and the heat dissipated by the oil flow are considered. The heat flow through 

the bearing seating surface can be expressed as:

(11-6)

The heat dissipated by the lubricant becomes for typical values of oil density and specific 

heat:

(11-7)

where:
Q total range of heat flow W

Qs mean heat flow through the bearing seating surface area W

QL heat dissipated by the lubricant W 

Qc convective heat transfer W

kq coefficient of heat transmission W /(m 2 • K)

AS bearing seating surface m2

VL oil flow rate through the bearing l/min

#OR bearing outer ring temperature °C
#a ambient temperature °C
flout oil output temperature °C
flin oil input temperature °c

During the tests it was found that the operating viscosity corresponds to a value at the 

bearing outer ring temperature and furthermore it was observed that the bearing outer ring 

temperature is almost equal to the oil outlet temperature, thus the following assumption can 

be made:



Design of a radial cylindrical roller bearing 224

Subsequently, the operating viscosity required for calculating the bearing frictional torque in 
equations (11-3) and (11-4) can be approximated as follows:

(11-9)

where:

vop operating viscosity mm2/s
A* factor of the viscosity temperature equation
z exponent of the viscosity temperature equation
ft temperature °C

The oil outlet temperature #out is given by

(11-10)

and for radial cylindrical roller bearings the temperature difference A£L between oil outlet and 
oil inlet is in the range 15 to 30 K. The temperature can be found from equations (11-1) to 
(11-10) and this yields

(11-11)

The constants Ci, C2 , C3 and C4 can be calculated according to the equations below , which 
have been derived from equations (11-1) to (11-10):

C2 =0.105-Ka -dM 2'4 - A rib -n 

C3 =kq -As +28.6-VL
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The temperature equation (11-11) cannot be solved analytically, so that a solution is 
obtained by means of successive approximations according to the following equation:

C 2 - 1T0 - 2 z + C 4 (11-13)

°C operating temperature

°C approximated bearing temperature

This involves an iterative calculation until there is only a small difference between successive 
values of the operating temperature. After predicting the operating temperature of the 
bearing, and subsequently the bearing frictional torque, the required oil flow rate to achieve 
the rate of heat dissipation can be calculated from equation (11-7).
Once the frictional torque and the required oil flow rate are predicted it is necessary to check 
that the calculated quantity of oil can flow in the axial direction through the bearing in an 
unpressurised condition. The oil flow rate can be represented by

(11-14)

where:

VLiperm permissible oil flow rate l/min

m bearing factor dependent on the axial flooding surface -

hperm oil level at the oil input side mm
dM mean bearing diameter mm

8 oil flow rate exponent

vop operating viscosity mm /

The flowchart in figure 11-1 illustrates, how following a life time calculation and pre selection 
of a bearing, the frictional torque calculations, the calculations of heat dissipation, the 
prediction of the required oil flow rate and finally the prediction of the oil level, are achieved.
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Selection of
bearing according

to life time
calculation

Bearing 
LSL 192322

Lubrication method

Grease ] i °^n
Temperature equation
aapp° /z + c2 • dapp-° 20 2 - c3 • 6^ + c4 = o

Yes

flout

Radial frictional torque
MRrad'K^ ^(vop n Cop Fr03
Axial frictional torque

n—— - - Fa

Total frictional torque
M R = M Rrad + M R.a

Heat balance
______MR M = Q

Heat dissipated by oil flow
QL =Q-QS

Required oil flow rate
QLV, =-

28.6 -A0L

No

Yes

Oil level within the bearing
VL V5

No

Yes

No

Approximated temperature 
and oil flow rate
*app.VL ,app

Equation for calculation of the constants
C,=0.105 K rad -dM n17 C0° 7 Fr° 3 (A']07

C3 =kq As + 28.6 VL

As 6a +28.6 VL fljn

30

Heat flow
6 = Qs + QL

Qs = *q As (oOR -i»a)

Heat dissipated by oil flow
Q L =28.6-VL («ou,-Oin )
Temperature differences of oil
<W -*in = AA. =15...30K

I Listing of results I

Fig. 11-1: Flowchart of calculating the frictional torque and the required oil flow
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In order to demonstrate the advantages of the new FTP - Method a design calculation is 
carried out, based on a gear box application. Thus compares the predictions of the FTP - 
Method and the results obtained using the Palmgrep Method, with measured values.

-O-

-n-

-O-

-n-

-o-

Fig. 11-2: Two - stage cylindrical gear box
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To meet the load requirements in both the radial and axial directions in this application as 
well as the life time requirements a LSL type radial cylindrical roller bearing was selected. 
The detailed calculations using the program BEARINX are presented in appendix VIII. These 
calculations for the two stage cylindrical gear box as shown in figure 11-2 lead to the use of a 
LSL 192322 bearing.
According to flowchart 11-1 the frictional torque can be predicted either by the FTP - Method 
or the Palmgren Method using the different equations, see appendix VII. The FTP - Method 
is based on equations (11-3) and (11-4), whilst the Palmgren Method which has been 
extended to include the axial load dependent frictional torque by the bearing manufacturers 
is based on the following equations:

MR =M0 +M1 +M2

M0 =f0 -10-7 -(v op -n)^.dM =

(11-15) 

(11-16)

(11-17) 

(11-18)

The design is based on the following bearing data and conditions:

Bearing:

Basic load ratings 
Dynamic: 
Static: 
Reference speed:

LSL 192322 ZSL 192322 SL 192322

C = 790000 N 

C0= 940000 N 

e= 2900 rpm

C = 790000 N 

C0= 940000 N 

n B= 2700 rpm

C = 850000 N 

C0= 980000 N 

nB= 1300 rpm

NJ 2322 C3

C = 680000 N 

CQ= 900000 N 

nB= 2600 rpm

Bearing dimensions:

Bore diameter: 
Outer diameter: 
Mean bearing diameter: 
Bearing width:

d =0.110m 
D = 0.240m 
dM = 0.175m 
B = 0.080m
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Gear box conditions:

Equivalent radial load: 
Equivalent axial load: 
Rotational speed: 

Outer ring temperature: 
Gear box oil:

Fr = 49730 N 
Fa =10050 N 
n = 938 rpm 

#OR = 80 °C 
ISO VG 220

The calculated results obtained with the different prediction methods for various bearings can 
be observed in table 11-1:

MR (Mm)

Q(W)

QL (W)
VL (l/min)
h(mm)

LSL 19232

FTP

17.59

1727.8

1094.5

1.9

13.6

Palmgren

8.00

785.8

152.5

0.27

-

SL 192322

FTP

26,78

2630.5

1997.2

3.5

23.0

Palmgren

14.66

1440.0

806.7

1.4

-

NJ 2322

FTP

21.03

2065.7

1432.4

2.5

43.7

Palmgren

9.85

967.5

334.2

0.58

-

Table 11-1: Comparison of the two prediction methods

Comparison of the two methods indicates that the predictions of the frictional torque and 
hence the rate of heat dissipation and oil flow rate are substantially different. Based on the 
gear box conditions, the predictions can be compared with measured values as illustrated in 

table 11-2 for the LSL 192322 bearing:
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MR (Nm)

Q (W)

QL <W)

VL (l/min)
h (mm)

Predicted results according to the

FTP - Method

17.59

1727.8

1094.5

1.9

13.6

Palmgren Method

8.00

785.8

152.5

0.27

-

Evaluations on 
measured results

18.05

1773.0

1139.7

2.0

14.4

Table 11-2: Comparison between predicted and measured results

The predictions using the new FTP - Method are substantially better than those using the 
established, if erroneous, Palmgren technique. The measured results are in very good 
agreement with the FTP - predictions.

Consequently, the new method offers considerable advantages which are 
ease of use in calculation 
more accurate predictions

- frictional torque calculations independent on the oil flow rate 
accurate prediction of the required oil flow rate 
prediction of the permissible oil level

- explicit calculation of the thermal reference and safe operating speeds 
prediction of permissible loads based on a thermal balance 
lead to improved specification of bearings
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12 Conclusions ............................................................................................. 232
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12 Conclusions

During the last few decades the availability of high grade materials, more accurate 

calculation methods and modern manufacturing processes as well as improvements in the 

lubrication field have led to continuous design and performance improvements of machines 

and hence increased power dissipation in more compact arrangements. The development of 

radial cylindrical roller bearings has followed this trend and due to their high performance 

characteristics and low physical volume they have obtained a firm place as high performance 

machine element. In spite of these improvements the bearing frictional torque is still 

calculated according to the Palmgren method first published in 1957. However, as a result of 

the increased range of application the Palmgren method often shows insufficient accuracy for 
the predicted frictional torques.

The literature survey related to the design of, and friction in, bearings highlighted a variety of 

bearing frictional torque calculation methods. However most of the these methods are based 

on ball bearing designs. So far as radial cylindrical roller bearings are concerned the 

investigations mostly deal with optimisation of the rib / rolling element end face contact shape 

for minimal frictional losses and maximum axial load carrying capacity. In addition, 

investigations on the running - in state and tests on scuffing loads of combined loaded radial 

cylindrical roller bearings have been conducted.
The aim of the study was to develop and validate a numerical method to enable the 

frictional torque of radially and axially loaded radial cylindrical roller bearings to be accurately 

calculated over the complete load and speed range for different sizes and bearing designs. 

In addition to this, the method should be simplified in order to allow the reference speed to be 

calculated without any iteration process, as is necessary in the present method. The 

predictions were validated by means of a comprehensive experimental testing programme on 

at least three different sized bearings.
For this purpose the Large Bearing Test Rig was modified in order to conduct tests on 

radially and axially loaded radial cylindrical roller bearings. The test rig modifications were 

carried out with respect to the bearing range which was investigated. In order to cover this 

bearing range the available load range, for both radial and axial loads, was extended. In 

addition to these modifications a new Frictional Torque Test Rig was developed and 

commissioned in order to cover three different sizes out of the whole range of cylindrical 

roller bearings.
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In the current study a new method of frictional torque prediction ( FTP - Method ) was 
derived, and as a result an analytical torque prediction model was introduced in order to 
calculate the frictional torque of either a purely radially loaded and a combined loaded radial 
cylindrical roller bearing. The new FTP - Method is based on the physical effects producing 
the frictional torque in a bearing, such as EHL - theory and the micro - macro contact 
analysis. It takes into account raceway rolling resistances, and frictional forces at the rib / 
rolling element end face rolling and sliding contact.

The equation for predicting the frictional torque Mrad of solely radially loaded cylindrical roller 
bearings provided good agreement between the predicted and measured frictional torques.lt 
was found that for about 90 % of all measurements covering a wide load, speed and oil flow 
range the differences between the predicted frictional torques and the measured results were 

less than ± 10 %. For about 80 % of the cases the errors were less than ± 5 %.
Moreover good agreement was obtained between predictions according to the FTP - 

Method and the measured test results for the total frictional torque of combined radially and 
axially loaded radial cylindrical roller bearings. The errors in predicting the total frictional 

torque was less than ±15% for about 98 % of all cases.
A further advantage of the FTP - Method was illustrated by the calculation of the 

thermal reference speed of a radial cylindrical roller bearing. This thermal limiting rotational 
speed can be easily calculated for any operating condition using an explicit equation (see 
chapter 9.3) whereas the Palmgren method requires a lengthy and complex iterative 

procedure.
To illustrate the advantages of the new method of calculation in a practical situation a 

bearing design calculation was undertaken based on a thermal balance within the bearing. 
Initially the bearing is pre-selected according to the life time requirements. The method of 
lubrication is then defined, (for instance oil), and the thermal balance is solved according to a 
temperature equation. The calculation program starts with estimated temperature and oil flow 
rate and the frictional torques and the new required oil flow rate and temperature are then 
calculated. These new values are compared with the initial temperature and oil flow rate and 
the calculation proceeds in this fashion until successive differences are acceptable, so that 
finally the oil level can be calculated. If the differences are too high the calculations are 
repeated with the latest temperature and oil flow rate values. The new FTP - Method 

provided an improved design when compared with Palmgren.
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From the analysis of the rolling resistance forces, it was found that in order to satisfy force 

and moment equilibrium, slight sliding and / or asperity contacts occur during bearing 

operation. In this respect the shear stresses at the sliding contacts and / or friction due to 

asperity contacts between bearing rib and rolling element end faces were used to achieve 

equilibrium with the rolling resistance forces and the, EHL pressure moments. 

The FTP - Method analytically predicts each frictional torque component quantitatively. 

Furthermore, it was found that the derived FTP - Method provides accurate frictional torque 

predictions for a wide range of oil flow rates from nearly starved conditions to fully flooded 

cases with a surplus of lubricant, thus indicated that are negligible churn losses. 

A basic understanding of the essential sources of bearing frictional torque and heat 

generation in a radial cylindrical roller bearing under particular operating conditions is 

provided.

The new FTP - Method which is based on the physics of a single rolling element, can be 

easily used for all load conditions, either pure radial load or in combined load applications. 

Moreover, the FTP - Method has the potential for future developments in bearing frictional 

torque analysis, such as chemical effects, misalignment, edge loading, and grease 

lubrication and furthermore could be used in different bearing designs and even in different 

kinds of bearings and it is recommended that this is an area for future study.



References 235

13 References............................................................................................... 236



References 236

13 References

[1] Hamrock, B. J. 
Dowson, D.

[2] Hamrock, B. J.

[3] Harris, T. A.

[4] Markowski, J.

[5] Markowski, J.

[6] Palmgren, A.

[7] Palmgren, A.

[8] Wiemer, M.

[9] Jones, A. B.

[10] Drutowski, R.

[11] Poritzkky, H. 
Hewlett, C. 
Colemann, R.

[12] Tabor, D.

Ball bearings lubrication - the elastohydrodynamics of
elliptical contacts
Wiley - Interscience, New York, 1981

Fundamentals of Fluid Film Lubrication
McGraw-Hill series in mechanical engineering, Singapore,
International Editions 1994

Rolling Bearing Analysis
John Wiley and Sons, Inc., New York, 1991

Full complement cylindrical roller bearings in stationary gear
assembly
(Original title: Vollrollige Zylinderrollenlager im statinaren Ge-
triebebau), Journal: VDI - Zeitschrift 122, pp. 279 - 283, 1980

Application of full complement cylindrical roller bearings in 
stationary gear assembly
(Original title: Uber die Anwendung vollrolliger Zylinderrollen 
lager im stationaren Getriebebau), Journal: Konstruktion 32, 
pp. 113-117, 1980

New investigations about energy losses in bearings 
(Original title: Neue Untersuchungen uber Energieverluste in 
Walzlagern), Journal VDI-Berichte Bd. 20, pp. 117 - 121, 
1957

The basics of rolling element bearing technology
(Original title: Grundlagen der Walzlagertechnik), Franck'sche
Verlagsbuchhandlung Keller & Co., 3. Auflage, Stuutgart,
1964

Theoretical and experimental investigations due to operating 
conditions of full complement cylindrical roller bearings 
(Original title: Theoretische und experimentelle 
Untersuchungen zum Betriebsverhalten vollrolliger 
Zylinderrollenlager), Ph.D thesis, University 
Hannover, 1990

Ball motion and sliding friction in ball bearings
Journal of Basic Engineering, Trans. of the ASME, Series
D 81, Vol. 58, No. 1, pp. 1 - 12, 1959

Energy losses of balls rolling on plates
Journal of Basic Engineering, Trans. of the ASME, Series
D 81, Vol. 58, No. 2, pp. 233 - 238, 1959

Sliding friction of ball bearings of the pivot type
Journal of applied mechanics, Trans. of the ASME, No. 12,
pp.261 -268, 1947

The mechanism of rolling friction - Part II: The elastic range 
Proc. Roy . Soc. A Vol. 63, pp. 198 - 220, 1964



References 237

[13] Brandlein, J. 
Eschmann, P. 
Hasbargen, L. 
Weigand, K.

[14] Munnich, H.

[15] Snare, B.

[16] Snare, B.

[17] Snare, B

[18] Snare, B.

[19] INA Walzlager 
Schaeffler oHG

[20] SKF
Kugellagerfabriken 
Schweinfurt

[21] FAG Kugelfischer 
Georg Schafer 
KgaA

[22] Kispert, K. 
Mattson, A.

[23] Kispert, K.

[24] Kispert, K.

[25] Kispert, K.

Roller Bearing Practice, third edition
(Original title: Die Wajzlagerpraxis, dritte Auflage),
Vereinigte Fachverlage GmbH, Mainz, 1995

Influences on the lubricant conditions of bearings 
(Original title: Einfluss.e auf den Schmierungszustand von 
Walzlagern), VDI - Verlag, report No. 141, Dusseldorf, 1967

The rolling resistance in low loaded bearings
(Original title: Der Rollwiderstand in leicht belasteten Lagern)
Journal: Die Kugellager - Zeitschrift Nr. 152, pp. 2-7, 1967

The rolling resistance in loaded cylindrical roller bearings 
(Original title: Der Rollwiderstand in belasteten Rollenlagern) 
Journal: Die Kugellager - Zeitschrift Nr. 153, pp. 19 - 24, 1967

The frictional torque in loaded ball contacts
(Original title: Das Reibmoment in belasteten Kugelkontakten),
Journal: Die Kugellager - Zeitschrift Nr. 154, pp. 3-14, 1967

The frictional torque in loaded ball bearings
(Original title: Das Reibmoment in belasteten Kugellagern),
Journal: Die Kugellager - Zeitschrift Nr. 155, pp. 13 - 22,1967

INA, main catalogue, 1997

SKF, main catalogue, 1994

FAG, main catalogue, 1995

Development of thrust carrying cylindrical radial roller bearings 
International Off-Highway Meeting & Exposition, Milwaukee, 
Wisconsin, SAE Technical Paper Series 831368, pp. 1 - 9, 
Sep. 12-15, 1983

Development and application of axial high loaded radial
cylindrical roller bearings
(Original title: EntwicKlung und Anwendung axial
hochbelastbarer Radial-Zylinderrollenlager)
Journal: Schmiertechpik + Tribologie 28, pp. 23 - 24, 1981

The SU-Bearing - a radial cylindrical roller bearing with a high 
loading capacity
(Original title: Das SU-Lager - ein hochbelastbares Radial- 
Zylinderrollenlager) 
Journal: VDI-Zeitschrift 123, No. 1/2 , pp. 31 -38, 1981

The efficiency of modern cylindrical roller bearings
(Original title: Leistungsfahigkeit moderner Zylinderrollenlager)
Journal: Antriebstechnik 24, No. 6, pp. 125 - 128, 1985



References 238

[26] Kleinlein, E.

[27] Kleinlein, E.

[28] Fernlund, I. 
Synek, V.

[29] Iko, O. 
Orte, S.

[30] Ozogan, M. S. 
Taylor, C. M.

[31] Brown, S. R 
Poon, S. Y.

[32] Lindemann, B.

[33] Lindemann, B.

[34] Giese, P.

[35] Korrenn, H.

Influence of lubrication and contact area geometry on the 
frictional behaviour of axial ball bearings and radial cylindrical 
roller bearings (Original title: EinfluB von Schmierung und 
Kontaktflachengeomqtrie auf das Reibungsverhalten von Axial
- Rillenkugellager und Radial - Zylinderrollenlager), 
Journal: Konstruktion 22, No. 2, pp. 41 - 47, 1970

High axial load carrying capacity of cylindrical roller bearings 
(Original title: Hohere axiale Tragfahigkeit der Zylinder 
rollenlager), Journal: Walzlagertechnik 1/72, pp. 2-6, 1972

Influence of the axial load on the life time of cylindrical roller
bearings
(Original title: Der EinfluB der axialen Belastung auf die
Lebensdauer der Zylinderrollenlager), Journal: Die Kugellager
- Zeitschrift No. 151, pp. 21 - 26, 1966

Axial load carrying capacity of radial cylindrical roller bearings 
(Original title: Axiale Tragfahigkeit von Zylinderrollenlager), 
Journal: Die Kugellager - Zeitschrift Nr. 151, pp. 1 - 4, 1964

Running in of cylindrical roller bearings with axial loading, 
ASML Lub. Conf. Vol.103, SAE Paper IX (i), pp. 247 - 257, 
1984

The lubrication of the roller - rib - contacts of a radial 
cylindrical roller bearing carrying thrust load 
ASME/ASML Lub. Conf., Vol. 82, pp. 1 -7, 1982

About the application of axial load in oil lubricated radial
cylindrical roller bearings,
(Original title: Beitrag zur Aufnahme von Axiallasten in
olgeschmierten Radial-Zylinderrollenalgern),
Ph.D thesis, University Clausthal, 1979

Axial carrying capacity of radial cylindrical roller bearings,
(Original title: Axial Tragfahigkeit von Radial-Zylinder-
Rollenlagern),
Journal: Antriebstechnik 17, Nr. 5, pp. 211 -214, 1978

Investigation into hydrostatic cages and the rib carrying
capacity of cylindrical roller bearings,
(Original title: UntersLjchung zum hydrostatischen Kafig und
zur
Bordtragfahigkeit von Zylinderrollenlagern),
Ph.D thesis, University Karlsruhe, 1985

The axial load carrying capacity of radial cylindrical roller
bearings
Journal of Lubrication Technology, Vol. 69, pp. 129 - 137,
1970



References 239

[36] Korrenn, H.

[37] Thorp, N. 
Gohar, R.

[38] Jamison, W. E. 
Kauzlarich, J. J. 
Mochel, E. V.

[39] Hamrock, B. J. 
Dowson, D.

[40] Hamrock, B. J. 
Dowson, D.

[41] Hamrock, B. J. 
Dowson, D.

[42] Dalmar, G. 
Tessier, J. F. 
Dudragne, G.

[43] Krzeminski-Freda, H. 
Warda, B.

[44] Zhang, Z. 
Qui, X. 
Hong, Y.

[45] Zhu, D.
Cheng, H. S.

[46] Aramaki, H. 
Cheng, H. S. 
Zhu, D.

[47] Stribeck, T.

Sliding friction and limiting loading on the rib surface of
tapered roller bearings
(Original title: Gleitreibung und Grenzbelastung an den
Bordflachen von Kegelrollenlagern),
Ph.D thesis, University Munchen, 1979

Oil film thickness and shape for a ball sliding in a grooved
raceway
Journal of Lubrication Technology, Trans. of the ASME,
Vol.71, pp. 199-210, 1972

Geometric effects on the rib-roller contact in tapered roller
bearings
Paper of the ASLE / ASME Lubrication Conference, Miami
Beach Florida, Vol. 20, pp. 79 - 88, Oct. 21 - 23, 1975

Isothermal Elastohydrodynamic Lubrication of point contacts 
Part I - Theoretical formulation
Journal of Lubrication Technology, Trans. of the ASME, 
Vol. 98, pp. 223 - 229, 1976

Isothermal Elastohydrodynamic Lubrication of point contacts 
Part II - Ellipticity parameter results 
Journal of Lubrication Technology, Trans. ASME, Vol. 98, 
pp. 375-383, 1976

Isothermal Elastohydrodynamic Lubrication of point contacts 
Part III - Fully flooded results
Journal of Lubrication Technology, Trans. ASME, Vol. 99, 
pp. 264-275, 1977

Friction improvements in cyclodial motion contacts: rib - roller
end contacts in tapered roller bearings,
ASML Lub. Conf., SAE Paper VII (iii), pp. 175 - 185, 1980

The effect of roller - end flange contact shape upon frictional 
losses and axial load of the radial cylindrical roller bearing 
The Tribological Design of Machine Elements, Proc. of the 
15th Leeds-Lyon Symp. on Tribology, Paper X (iii), Univ. of 
Leeds, GB, Tribology Series 14, pp. 287 - 295, 6. - 9.9.1988

EHL analysis of rib - roller end contact in tapered roller
bearings
STLE Tribology Transactions, Vol. 31, pp. 461 - 467, 1987

Effect of surface roughness on the point contact EHL, 
Trans. of the ASME, Vol.110, pp. 32 - 37, 1988

Film thickness, friction and scuffing failure of rib / roller end
contacts in cylindrical roller bearings
Journal of Tribology, Trans. of the ASME, Vol. 114,
pp. 311-316, 1992
Ball bearings for any required load
(Original title: Kugellager fur beliebige Belastungen),
Journal: VDI - Zeitschrift 45, pp. 73 - 79, pp. 118 - 125, 1901



References 240

[48] Stribeck, T.

[49] Eschmann, P.

[50] Eschmann, P. 
Hasbargen, L. 
Weigand, K.

[51] Kunert, K.-H.

[52] Gafitanu, M. D. 
Cretu, S. 
Hantelmann, M. 
Bejenaru, I. 
Asmarandei, V.

[53] Gafitanu, M. D. 
Olaru, D. N. 
Cocea, M. C.

[54] Hillmann, R.

[55] Jedrzejewski, J. 
Kwasny, W. 
Potrykus, J.

[56] Hollatz, J.

[57] Potrykus, J.

The essential properties of sliding and rolling bearings 
(Original title: Die wesentlichen Eigenschaften der Gleit - und 
Rollenlager), Journal: VDI - Zeitschrift 46, pp. 1341 - 1348, 
pp. 1432-1438, pp. 1463-1470, 1902

The performance of rplling bearings
(Original title: Das Leistungsvermogen der Walzlager),
Springer Verlag, Berlin, 1964

The rolling bearing practice, second edition
(Original title: Die Wajzlagerpraxis, zweite Auflage), R.
Oldenbourg Verlag, Munchen, Wien, 1978

The frictional torque of angular contact ball bearings 
dependent on the load angle 
(Original title: Die Reibung von Schragkugellagern in 
Abhanigkeit vom Lastwinkel), Journal: Industrie - Anzeiger 86, 
No. 25, pp. 21-25, 1964

The friction torque of rolling bearings - factor in design 
Buletinul Institutui Politehnic Din lasi Tomul XXIV (XXVII), 
Fasc. 1 - 2, Sectia IV Mecanica Tehnica, pp. 57 - 64, 1978

The energy losses caused by frictional torque in radial - axial 
ball bearings at high speeds
(Original title: Die Verluste wegen der Reibung in Radial - 
Axial - Kugellagern bei hohen Drehzahlen), Journal wear 160, 
pp.51 -60, 1993

A method of determination the reference rotational speeds of
bearings
(Original title: Ein Verfahren zur Ermittlung von Bezugsdreh-
zahlen fur Walzlagern), Ph.D thesis, University Hannover,
1984

Evaluation of the calculation methods for determination of
energy losses in rolling bearings
(Original title: Beurteilung der Berechnungsmethoden fur die
Bestimmung der Energieverluste in Walzlagern),
Journal: Schmierungstechnik 20, No. 8, pp. 243 - 244, 1989

Starting friction and friction behaviour of oil lubricated rolling 
bearings at a temperature of - 40°C
(Original title: Start - und Reibungsverhalten von olgeschmier- 
ten Walzlagern bei Umgebungstemperaturen bis - 40°C), 
Ph.D thesis, University Hannover, 1984

Frictional torque of radial rolling bearings with negative
clearance
(Original title: Reibmoment radialer Walzlager mit negativem
Betriebsspiel), Journal: Konstruktion 27, pp. 92 - 95, 1975



References 241

[58] Fliiggen, F.

[59] Clarke, G. E. 
Mabie, H. H.

[60] Korby, K. L. 
Mabie, H. H.

[61] Harris, T. A.

[62] Walters, C. T.

[63] Gupta, P. K.

[64] Gupta, P. K.

[65] Zhou, R. S.
Hoeprich, M. R.

[66] Goksem, P. G. 
Hargreaves, R. A.

[67] Bair, S.
Winer, W. O.

[68] Steinert, T.

[69] Steinert, T.

Investigations on the frictional behaviour of thrust bearings 
(Original title: Untersiichungen zum Reibungsverhalten von 
Axialwalzlagern), Journal: Tribologie und Schmierungstechnik 
39, pp. 261 -267, 1992

Prediction of running torque of instrument ball bearings at high 
speeds under combined radial and axial loads 
Lubrication Engineering, ASLE, Vol. 27, pp. 61 -68, 1970

The development of an empirical equation for determining 
friction torque of instrument ball bearings at high speed under 
various radial and axial loads 
Lubrication Engineering, ASLE, Vol. 31, pp. 625 - 631, 1974

Ball motion in thrust loaded, angular contact bearings with 
Coulomb friction
Journal of Lubrication Technology, Trans. of the ASME, 
Vol. 70, pp.17-24, 1971

The dynamics of ball bearings
Journal of Lubrication Technology, Trans. of the ASME,
Vol. 70, pp. 1-10,1971

Advanced dynamics of rolling elements 
Springer Verlag, Berlin, Heidelberg, 1984

On the frictional instabilities in a cylindrical roller bearing 
STLE Tribology Transactions, Vol. 33, pp. 395 - 401, 1990

Torque of tapered roller bearings
Journal of Tribology, Trans. ASME, Vol. 113, pp. 590 - 597,
1991

The effect of viscous shear heating on both film thickness and
rolling traction in EHL contact
Journal of Lubrication Technology, Vol. 100, pp. 346 - 352,
1978

A rheological model foe elastohydrodynamic contacts based in
primary laboratory data
Journal of Lubrication Techn., Vol. 101, No. 3, pp. 258 - 265,
1979

The friction torque of ball bearings with a rib guided cage 
(Original title: Das Reibmoment von Kugellagern mit 
bordgefuhrtem Kafig) 
Ph.D thesis, University Aachen, D82, Shaker Verlag, 1996

New method for the calculation of the friction torque of ball 
bearings (Original title: Neues Verfahren zur Berechnung der 
Reibung von Kugellagern), 
Journal: Konstruktion 48, pp. 269-274, 1996



References 242

[70] Week, M. 
Steinert, T.

[71] Potthoff, H.

[72] Siepmann, T.

[73] Raphael, E.

[74] Hansberg, G.

[75] Liang, B.

[76] Jarchow, F. 
Liang, B.

[77] Kiene, K.

[78] Bartels, T.

[79] Timken

[80] Timken

[81] Bochmann, H.

[82] Lundberg, G.

Frictional torque calculation of ball bearings
(Original title: Berechnung des Reibmomentes von Kugella-
gern), German Journal: Antriebstechnik 35, pp. 49 - 52, 1996

Application limits of full complement planetary bearings 
(Original title: Anwendungsgrenzen vollrolliger Planetenrad- 
lager), Ph.D thesis, University Bochum, 1986

Program for frictional torque calculation in planetary bearings 
(Original title: Prog ram msystem zur Berechnung von Reibmo- 
menten in Planetenrad - Walzlagern) 
FVA - report, No. 218, pp. 1 - 51, 1991

Critical operating conditions of planetary needle bearings 
(Original title: Kritische Betriebszustande von Planetenrad - 
Nadellagern), Ph.D thesis, University Bochum, 1989

Seizing capacity of fujl complement planetary bearings 
(Original title: FreBtragfahigkeit vollrolliger Planetenradlager), 
Ph.D thesis, University Bochum, 1991

Frictional torque calculation equations of planetary bearings 
(Original title: Berechnungsgleichungen fur Reibmomente in 
Planetenrad -Walzlagern), Ph.D thesis, University Bochum, 
1992

Simple calculation equations for frictional torques of planetary 
rolling bearings
(Original title: Einfache Berechnungsgleichungen fur 
Reibmomente von ortsumlaufenden Rollenlagern), 
Journal: Konstruktion 45, pp. 235 - 238, 1993

Permissible energy loss of planetary bearings at temperature 
limits (Original title: Zulassige Verlustleistungen von 
Planetenrad - Walzlagern an Temperaturgrenzen), 
Ph.D thesis, University Bochum, 1995

Instationary sliding rolling contact model for simulation of 
friction and kinematic? of roller bearings 
(Original title: Instion^res Gleitwalzkontaktmodell zur 
Simulation der Reibung und Kinematik von Rollenlagern), 
Ph.D thesis, University Bochum, 1997

Main catalogue, 1995

Technical book
(Original title: Technisches Handbuch), 1972

Flattings of steel balls and cylinders caused by pressure 
(Original title: Die Abplattung von Stahlkugeln und Zylindern 
durch den MeBdruck), Ph.D thesis, University Dresden, 1927

Elastic deformation of two
(Original title: Elastische Verformung zweier Halbraume),
Journal: Forschungs- Ing., Vol. 10, pp. 201 -211, 1939



References 243

[83] Kunert, K. - H.

[84] Prisacaru, G. 
Bercea, I. 
Cretu, S.

[85] Crook, A. W.

[86] Schrader.R

[87] Dyson, A. 
Naylor, H. 
Wilson, A.R.

[88] Martin, H.M.

[89] Osterle, J.F.

[90] Mohrenstein-Ertel, A.

[91] Grubin.A.N.
Vinogradova, I.E.

[92] Dowson, D.
Higginson, G.R.

[93] Zammert, W.U.

Stress distribution in the half space by elliptical surface 
pressure distribution over rectangular pressure surface 
(Original title: Spannungsverteilung im Halbraum bei 
elliptischer Flachenpressungsverteilung uber einer 
rechteckigen Druckflache), Journal: Forschungs- Ing. 27, 
pp. 165-174, 1939

Load distribution in a cylindrical roller bearing in high speed 
and combined load conditions 
European Journal of mechanical engineering, Vol. 40, 
pp. 19-25, 1995

The lubrication of rollers IV 
Measurements of friction and effective viscosity 
Phil. Trans. of the Royal Society of London, Series A, 
Vol. 255, pp. 281 - 312, 1963

EHL oil and grease lubrication and micro EHL
(Original title: EHD - 6l - und Fettschmierung und Mikro -
EHD) Journal: FVA - Forschungsheft 291, Hannover,
1985

The measurement of oil film thickness in elastohydrodynamic
contacts
Proceedings of the Institution of Mechanical Engineers, Vol.
180, part 3B, pp.119-134, 1965-1966

Lubrication of Gear Teeth
Engineering, Vol. 102, pp. 189 - 199, 1916

On the hydrodynamic lubrication of roller bearings 
Wear, Vol. 2, pp. 184 - 195, 1959

The calculation of hydrodynamic lubrication of curved surfaces 
which are highly loaded and in relative motion 
(Original title: Die Berechnung der hydrodynamischen 
Schmierung gekrummter Oberflachen unter hoher Belastung 
und Relativbe-wegung), VDI-Fortschrittsberichte, Series 1, Nr. 
115, Dusseldorf, 1984

Investigations of the contact of machine components 
Ts Niitmash, Moskau, pp. 115 - 166, 1949

Elasto-Hydrodynamic Lubrication - The Fundamentals of
Roller and Gear Lubrication,
Pergamon Press Ltd., Headington Hill Hall, Oxford, 1966

Statistic foundations
(Original title: Statistische Grundlagen), Fachhochschule fur
Technik Esslingen, Fachbereich Maschinenbau, pp. 1 - 84,
1996



References 244

[94] Orcutt, F.K. 
Cheng, H.S.

[95] Castle, P. 
Dowson, D.

[96] Scherb, B.J.

[97] Scherb, B.J.

Lubrication of rolling contact instrument bearings,
Gyro Spin-Axis Hydrodynamic Bearing Symposium, Vol. 2,
1966

A theoretical analysis of the starved elastohydrodynamic 
lubrication problem for cylinders in line contacts 
Elastohydrodynamic $ymposium, Proc. Inst. Mech. Eng., Vol. 
131, pp. 131 -137, 19,72

Frictional torque measurements under combined loading 
conditions on full complement cylindrical roller bearings series 
SL 1923.. (Original title: Reibmomentmessungen unter 
kombinierter Belastung an vollrolligen Zylinderrollenlagern der 
Baureihe SL 1923.. Test report VA 67721 Nr.1, 1995

Frictional torque measurements on radial cylindrical roller 
bearings under combined loading conditions 
(Original title: Reibmomentmessungen an Radial - 
Zylinderrollen-lager unter kombinierten Lastbedingungen) 
INA test report: VA 67721, Nr.2, 1996

[98] Scherb, B.J. Frictional torque measurements on NJ 2316 and NJ 2332 
radial cylindrical roller bearings under combined loading 
conditions (Original title: 
Reibmomentmessungen am NJ 2316 und NJ 2332 Radial - 
Zylinderrollenlager unter kombinierten Lastbedingungen) 
INA test report: VA 68058, Nr. 1, 1997

[99] Scherb, B.J. 
Klysz, A.

Frictional torque measurements on ZSL1923.. radial 
cylindrical roller bearing under combined loading conditions 
(Original title: Reibmomentmessungen an ZSL 1923.. Radial 
Zylinderrollenlager unter kombinierten Lastbedingungen) 
INA test report: VA 68058, 1997-07-11

[100] Scherb, B.J. 
Bohme, W.

[101] Scherb, B.J. 
Maier, M.

[102] Scherb, B.J. 
Haberer, D.

Frictional torque investigations on LSL 192316 and NJ 2316 
(Original title: Reibungsuntersucheungen an den Radial - 
Zylinderrollenlagern LSL 192316 und NJ 2316) 
INA test report VA 67919 no 1, 1997

Frictional torque repeatability investigations on bearing LSL 
192316 and NJ 2316
(Original title: Reibmament Reproduzierbarkeitsversuche an 
den Radial - Zylinderrollenlagern LSL 192316 und NJ 2316 
INA test report: VA 67919, Nr. 2, 1998

Frictional torque repeatability investigations on radial 
cylindrical roller bearings of LSL 1923.. type 
(Original title: Reibmoment Reproduzierbarkeitsversuche an 
den Radial - Zylinderrollenlagern der Serie LSL 1923.. 
test report VA 73994 Nr. 1, 1999



List of figures and tables 245

14 List of figures and tables........................................................................ 246

14.1 Figures ....................................................................................................... 246

14.2 Tables ......................................................................................................... 251



List of figures and tables_________________ 246

14 List of figures and tables 

14.1 Figures

Fig. 1-1: The evolution of rolling bearings (courtesy of SKF)................................ 2

Fig. 1-2: Application of full complement cylindrical roller bearings in a standard
gearbox.................................................................................................. 4

Fig. 1-3: Application of bearings in a twin-screw-extrude.................................. 5

Fig. 1-4: Radial cylindrical roller bearing and radial ball bearing ............................ 6

Fig. 1-5: Different types of cylindrical roller bearings for various loading forms...... 7

Fig. 1-6: Illustration of a type NJ radial cylindrical roller bearing............................. 7

Fig. 1-7: INA cylindrical roller bearings series........................................................ 9
a) SL 1923.. full complement design
b) LSL 1923.. radial cylindrical roller bearing with a brass disc cage
c) ZSL 1923.. radial cylindrical roller bearing with plastic spacers 

Fig. 1-8: Radial cylindrical roller bearing - NJ 23................................................... 9

Fig. 1-9: Rolling element - raceway contact showing elastic deformation.............. 10

Fig. 1-10: Relative motions in a full complement bearing......................................... 12

Fig. 1-11: Friction resistance in Newtonian fluids..................................................... 13

Fig. 1-12: Factors influencing the frictional torque of a bearing................................ 14

Fig. 1-13: Frictional torque and friction coefficient characteristic.............................. 15

Fig. 1-14: Measured and calculated frictional torques for various bearing designs... 18
a) Full complement bearing - series SL 192316; 80 mm shaft diameter
b) Bearing with brass cage - series NJ 2316; 80 mm shaft diameter 

Fig. 1-15: Comparisons between measured and calculated total frictional torques

using the Palmgren method - bearing SL 192332 ................................... 19

Fig. 2-1: Rolling and sliding contacts within a radial cylindrical roller bearing [22].. 23

Fig. 2-2: Motion of the rolling element end faces against the inner ring rib
the arrows show the size of the relative speed for different distances
of the momentary centre C;...................................................................... 25

Fig. 2-3: Charges in pressure distribution in the contact zone between the rolling
element raceway and bearing raceway as a result of an axial load.......... 26

Fig. 2-4: Specific surface pressure as a function of the sliding speed for
(1) oil lubrication and (2) grease lubrication ............................................ 28

Fig. 2-5: A comparison between the different methods in calculating the
permissible axial load..............—..———————————••••——————— 34



List of figures and tables 247

Fig. 2-6: Dependence of frictional torque on the oil flow rate according to

Palmgren [6, 7]........................................................................................ 38

Fig. 2-7: Determination of bearing factor f2 according to Kispert [24]...................... 43

Fig. 2-8: The influence of the lubrication conditions on the frictional torque of
different ball bearings .............................................................................. 45
a) large oil reservior, oil height up to the middle of the lowest ball
b) small oil reservior, oil height up to the middle of the lowest ball
c) small oil reservior, oil height below middle of the lowest ball

Fig. 2-9: Comparison of calculated and measured frictional torque of a radial
cylindrical roller bearing NJ 220 with oil impulse lubrication..................... 46

Fig. 2-10: Rolling resistance of an unloaded angular ball bearing, type 7312 B ....... 47

Fig. 2-11: Radial load distribution after displaced bearing rings............................... 52

Fig. 2-12: Model of a lubricant gap according to the stationary EHL-theory........... 55

Fig. 2-13: Forces and moments acting on the surfaces of a rolling element
of a tapered roller bearing ....................................................................... 56

Fig. 2-14. Definition of the radii RL R2 , RS, RC.OR, RC.IR and the effective
sliding surface width beff for equation (2-55)............................................. 63

Fig. 2-15: Model of a lubricant gap according to the non-stationary EHL - theory
according to Potthoff [71]......................................................................... 65

Fig. 2-16: Flowchart of calculating dimensions of the lubricant gap according to
Potthoff [71]......................................................................................-...... 66

Fig. 2-17: Bearing factor f2 against the operating parameter.................................... 72

Fig. 3-1: Geometry of a radial cylindrical roller bearing.......................................... 78

Fig. 3-2: Geometric relations and deformations within a radial bearing.................. 79

Fig. 3-3: Load distribution in a radial bearing ......................................................... 81

Fig. 3-4: Proportional factor k dependent on the ratio s/6r .................................... 83

Fig. 3-5: Rolling element loading and tangential sliding velocity in a radial
cylindrical roller bearing according to Harris [3]....................................... 85

Fig. 3-6: Different velocities in a radial cylindrical roller bearing............................. 86

Fig. 3-7: Line contact of two cylindrical bodies....................................................... 91

Fig. 3-8: Pressure distribution in a hydrodynamic sliding bearing........................... 92

Fig. 3-9: Pressure distribution and shear stress within the lubrication gap
of an EHL contact......................-.-•--•------•--------•- 95

Fig. 4-1: Rolling resistance force Fro , pressure forces Pxi, Pxa and normal load
Ny for line contact pure rolling.................................................................. 100

Fig. 4-2: Forces and moments acting on the raceways of a radial cylindrical
roller bearing..................•-•-----••••••••-•"••--"••-•••••••--•••••••••••• 101



List of figures and tables 248

Fig. 4-3: Geometry of the bearing.......................................................................... 105

Fig. 4-4: Forces acting on a loaded rolling element............................................... 109

Fig. 4-5: Contour lines within the rib / rolling element end face contact of a radial
cylindrical roller bearing with rib inclination and tilt rolling element........... 111

Fig. 4-6: Area between the ribs and the rolling elements ....................................... 118

Fig. 5-1: Variations of the kinematic viscosity of test oil with the temperature........ 123

Fig. 5-2: Design of the frictional torque test rig....................................................... 124

Fig. 5-3: Design of the large bearing test rig .......................................................... 125

Fig. 5-4: Small bearing test rig............................................................................... 126

Fig. 5-5: Large bearing test rig............................................................................... 127

Fig. 5-6: Frictional torque test rig .......................................................................... 129

Fig. 5-7: Measuring set up and monitoring equipment........................................... 130

Fig. 5-8: Sketch of the hydrostatic balance and the frictional torque measurement 131

Fig. 5-9: Location of thermocouple sensors........................................................... 132

Fig. 5-10: Sensor layout for measuring bearing kinematics...................................... 134

Fig. 5-11a: Speed zones in a radial bearing............................................................... 135

Fig. 5-11b: Rotational speed characteristic of a single rolling element....................... 135

Fig. 5-12: Comparison of bearing frictional torque - LSL 192316
measurements taken at continuously increasing speed........................... 138

Fig. 5-13: Comparison of bearing frictional torque - LSL 192316
measurements taken at constant speeds................................................. 139

Fig. 5-14: Comparison of bearing frictional torque - LSL 192332
measurements taken at constant speeds................................................. 140

Fig. 5-15: Measured frictional torque versus rotational speed for different axial loads 
Bearing NUP 212 - radial load Fr = 23.75 kN; oil flow rate VL = 4 l/min .. 141

Fig. 5-16: Measured frictional torque for different speeds and oil flow rates
Bearing NUP 212.........................-..-....-.------------.---- 143

Fig 5-17- Variation of the frictional torque with speed and axial load
Bearing LSL 19232 - radial load 40 kN; oil flow rate 10 l/min................... 144

Fig 5-18- Variation of the frictional torque with rotational speed and axial load
Bearing LSL 192316 - radial load 20 kN; oil flow rate 10 l/min................. 145

Fig. 5-19- Frictional torques of different oil flow rates
Bearing LSL 192316: Radial load 20 kN; oil flow rate 5 and 15 l/min ....... 146

Fiq 5-20- Measured frictional torque at different speeds and oil flow rates
dependent on the applied axial to radial load ratio - bearing LSL 192332 148



List of figures and tables 249

Fig. 5-21: Variation of the measured frictional torque of different oil low rates
dependent on the axial to radial load ratio Fa/Fr - bearing LSL 192316 .. 149

Fig. 5-22: Frictional torque against the axial load for different oil low rates
Bearing LSL 192316................................................................................ 150

Fig. 5-23: Frictional torque against speed of a purely radially loaded ZSL bearing
ZSL 192316 C3: Axial load Fa = 0; oil flow rate VL = 5 l/min.................... 151

Fig. 5-24: Dynamic frictional torque characteristic at various applied loads
Bearing ZSL 192316: Radial load Fr = 20 kN; oil flow rate VL = 5 l/min.... 151

Fig. 5-25: Variations of frictional torque with speed and applied axial load
Bearing ZSL 192316: Radial load Fr *= 50 kN; oil flow rate VL = 5 l/min... 152

Fig. 5-26: Frictional torque dependent on the oil flow rates: Bearing ZSL 192316
radial load Fr = 20 kN; oil flow rates VL = 2 and 5 Vmin........................... 153

Fig. 5-27: Variation of measured frictional torque with the axial to radial load ratio Fa/Fr
Bearing ZSL 192316: oil flow rate VL = 5 l/min ....................................... 153

Fig. 5-28: Measured frictional torque against the axial load for different speeds
Bearing ZSL 192316: oil flow rate VL = 5 l/min ...................................... 154

Fig. 5-29: Frictional torque against rotational speed for different axial loads - Bearing
SL 192316: radial load Fr = 50 kN; oil flow rate VL = 5 l/min ................... 155

Fig. 5-30: Measured frictional torque against speed for different oil flow rates - Bearing
SL 192316: radial load Fr = 20 kN; oil flow rates VL = 2 and 10 l/min...... 156

Fig. 5-31: Variation of measured frictional torque with the axial to radial load ratio Fa/Fr
Bearing SL 192316: oil flow rate VL = 5 \/m\n.......................................... 157

Fig. 5-32: Measured frictional torque against the axial load for different speeds
Bearing SL 192316: oil flow rate VL - 5 \/m\n.......................................... 157

Fig. 5-33: Comparison of measured frictional torques for different cylindrical roller
bearings................................................................................................... 158

Fig. 5-34: Radial load dependent starting frictional torque of SL 1923.. bearings..... 160

Fig. 5-35: Bearing size effect factor m r for the full complement bearings SL 1923.. . 160

Fig. 5-36: Radial load dependent starting frictional torque of different radial
cylindrical roller bearings ........................................................................ 161

Fig. 5-37: Axial load dependent starting frictional torque of the full complement
bearing SL 192316 .................................................................................. 163

Fig. 5-38: Size dependence of the bearing factor ma................................................ 164

Fig. 6-1: Frictional coefficient against radial operating index showing the effects of
measurement errors ....................-••••••--•••------------•••••• 172

Fig. 7-1: Determination of the load independent frictional torque M0 ...................... 174

Fig. 7-2: Speed dependence of the bearing factor f0
Bearing NJ 2316-oil flow rate 15 l/min................................................... 175

Fig 7-3- Dependence of the bearing factor f0 on the oil floe rate - bearing NJ 2316 176



List of figures and tables 250

Fig. 7-4: Speed dependence of the bearing factor ^ - bearing NJ 2316................ 177

Fig. 7-5: Dependence of the oil flow rate on the bearing factor f,
- bearing NJ 2316 .................................................................................. 178

Fig. 7-6: Increase of the bearing factor f0 with the oil level..................................... 178

Fig. 7-7: Axial load dependent frictional torquQ against speed
- bearing ZSL 192316............................................................................. 180

Fig. 7-8: Bearing factor f2 against the rotational speed - bearing ZSL 192316 ...... 181

Fig. 7-9: Variation of bearing factor f2 dependent on the axial load
Bearing ZSL 192316................................................................................ 182

Fig. 7-10: Bearing factor f2 dependent on the oil flow rate - bearing ZSL 192316.... 182

Fig. 7-11: Comparison of measured bearing factor f2 to the INA catalogue factors
Bearing LSL 192316 - radial load 20 kN.................................................. 183

Fig. 7-12: Bearing factor fa obtained from measurements in comparison to
FAG catalogue factors; bearing LSL 192316........................................... 184

Fig. 7-13: Comparison between measured and calculated frictional torque using
the bearing manufacturers methods ........................................................ 185

Fig. 8-1a: Frictional coefficient against the operating index of bearing NJ 2308....... 189

Fig. 8-1b: Frictional coefficient against the operating index of bearing NJ 2316....... 189

Fig. 8-1c: Frictional coefficient against the operating index of bearing NJ 2332....... 189

Fig. 8-2: Frictional coefficient f against the radial operating index Orad using a
constant exponent of 0.7.......................................................................... 191

Fig. 8-3: Variation of the factor ai with the bearing size - bearing NJ 23.. ............. 191

Fig. 8-4: Frictional torques and operating temperatures......................................... 195

Fig. 8-5: Frictional coefficient fa against the axial operating index Oa
Bearing LSL 192332-oilflow rate VL = 10 l/min.................................... 197

Fig. 8-6: Frictional coefficient fa against the axial operating index Oa for
different bearing sizes.............................................................................. 198

Fig. 8-7: Variations of factor p, with the bearing size - bearing LSL 1923.. ............ 199

Fig. 9-1: Comparison of the frictional torque speed characteristics
Bearing LSL 192316-oilflow rate VL = 15 l/min.................................... 204

Fig. 9-2: Predicted frictional torque due to the FTP - Method compared with 
measured results: Bearing LSL 192316 - radial load Fr = 20 kN, 
oil flow rate VL = 5 l/min.......................................................................... 207

Fig. 9-3: Relative frictional torque deviations between predicted and measured results 

Bearing LSL 192316: Radial load Fr =* 20 kN; oil flow rate VL = 5 l/min... 208

Fig. 9-4: Relative deviation between predicted and measured results of the radial
cylindrical roller bearing series LSL 1923.. .............................................. 208

Fig. 10-1: Concept of meniscus distance determination........................................... 215

a) hydrodynamic lubrication
b) elastohydrodynamic lubrication



List of figures and tables 251

Fig. 10-2: Frictional torque against speed for different oil flow rates
Bearing LSL 192316C3 - radial load Fr = 50 kN ...................................... 216

Fig. 10-3: Variations of the frictional torque with the oil flow rate for different speeds
Bearing LSL 192316 - radial load Fr = 50 kN........................................... 217

Fig. 10-4: Variations of the f rictional torque and operating parameters with the
oil flow rate: Bearing LSL 192316 - radial load Fr = 50 kN....................... 217

Fig. 10-5: Comparison between measured and predicted dynamic frictional torques
Bearing LSL 192316 - radial load Fr = 50 kN; oil flow rate VL = 15 l/min. 219

Fig. 11-1: Flowchart of calculating the frictional torque and the required oil flow...... 226

Fig. 11-2. Two stage cylindrical gear box................................................................. 227

14.2 Tables

Table 1-1: Range of test bearings............................................................................. 8
Table 1-2: Friction coefficients for different bearing designs..................................... 16
Table 2-1: Factor ks for the lubrication method......................................................... 31
Table 2-2: Factor kB for the bearing design............................................................... 32
Table 2-3: Permissible axial load.............................................................................. 33
Table 2-4: Frictional coefficients stated by Palmgren and Eschmann ....................... 36
Table 2-5: Frictional coefficient jj,i according to Palmgren [6, 7]................................ 41
Table 2-6: Coefficients for determination of bearing clearance influence.................. 68

	S0 is the standard clearance; SL is the operating clearance

Table 2-7: Coefficients Ci ..... C10 and CR for cylindrical roller bearings used by SKF 69 
UOR is rotating outer ring; u [R is rotating inner ring

Table 2-8: Bearing factors for single row radial cylindrical roller bearings
	used by FAG..........................---------------------- 72

Table 2-9: Bearing factor f0 and fi for single row radial cylindrical roller bearings...... 73

Table 3-1: Exponent q and stiffness CR for cylindrical rolling elements...................... 80

Table 4-1: k values for different types of radial cylindrical roller bearings ................. 119

Table 5-1: Range of test bearings......---—......................................................... 122

Table 5-2: Lubricant specification .......................-.-----------•-———— 123



List of figures and tables 252

Table 5-3: Comparisons of kinematic viscosity of ESSO SAE 85 W 90 .................... 124

Table 5-4: Test conditions NUP 212......................................................................... 136

Table 5-5: Test conditions LSL 192332 .................................................................... 136

Table 5-6: Test conditions LSL 192316 .................................................................... 137

Table 5-7: Test procedure LSL 192316 .................................................................... 137

Table 5-8: Size dependent bearing factor m r of different bearing types..................... 161

Table 5-9: Radial bearing type factor zr .................................................................... 162

Table 5-10: Axial bearing type factor za ..................................................................... 165

Table 7-1: Comparison of Measured and "Catalogue" bearing factors f0 and f t ........ 179

Table 8-1: Factors determined from the best fit curve .............................................. 190

Table 8-2: Bearing design factors A and bearing design exponents k ...................... 193

Table 8-3: Values of bearing type factor Krad ............................................................ 193

Table 8-4: Exponents determined from measured results according to the derived

	frictional torque equation using the least mean error squared method ..... 194

Table 8-5: Factors and exponents for calculating the axial load dependent frictional

	torque.................................................................................................... 198

Table 8-6: Bearing design factors Ka and bearing size exponents h.......................... 200

Table 8-7: Design factor for different types of bearings............................................. 201

Table 9-1: Distribution of relative frictional torque deviation between predicted results

	according to the FTP - Method and measured results............................. 209

Table 10-1: Bearing factors and exponents for calculating the permitted oil flow rate . 220

Table 11-1: Comparison of the two prediction methods.............................................. 229

Table 11-2: Comparison between predicted and measured results ............................ 230



Appendices 253

15 Appendices............................................................................................... 254

15.1 Sample of test results of ZSL 192316 C3 bearing ........................................ 254

15.1.1 Steady state measurements ............................................................... 254
Frictional torque - speed characteristic .................................................... 254
Frictional torque - load ratio dependence ................................................ 260
Frictional torque - axial load dependence ................................................ 266

15.1.2 Dynamic frictional torque speed characteristic .................................... 272

15.2 Procedure for evaluating the radial frictional torque ...................................... 276
15.2.1 Flowchart illustration ........................................................................... 276
15.2.2 Determination of the bearing factors - LSL 192322 ............................. 278

15.3 Procedure for evaluating the axial frictional torque ....................................... 288
15.3.1 Flowchart illustration ........................................................................... 288
15.3.2 Radial cylindrical roller bearing - LSL 192322 ..................................... 290

15.4 Design of a radial bearing in a two stage cylindrical gear box ...................... 292
15.4.1 Two stage cylindrical gear box ........................................................... 292
15.4.2 Calculations according to bearing life time ......................................... 294
15.4.3 Flowchart illustration of bearing design ............................................... 297
15.4.4 Bearing data ....................................................................................... 298
15.4.5 Frictional torque calculation according to the Palmgren Method ......... 299
15.4.6 Frictional torque calculation according to the FTP - Method .............. 301
15.4.7 Comparison of the results ................................................................... 302
15.4.8 Calculation program of bearing design ............................................... 304
15.4.9 Calculation of the axial contacting surface .......................................... 307

15.5 Main catalogue data of the investigated radial cylindrical bearings ................ 311
15.5.1 Radial cylindrical roller bearing, series LSL 1923 - brass disc cage ..... 311
15.5.2 Radial cylindrical roller bearing, series NJ 23 - brass window cage ..... 311
15.5.3 Radial cylindrical roller bearing, series ZSL 1923 - plastic spacers ...... 312
15.5.4 Radial cylindrical roller bearing, series SL 1923 -full complement...... 312

15.6 Calibration of measurement equipment......................................................... 313



Appendix 254

15. Appendices
15.1 Sample of test results of ZSL 192316 C3 bearing type
15.1.1 Steady state measurements
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Frictional torque in Nm
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Radial load 20 kN; oil flow rate 2 l/min

30

20

10

1.000 2.000 3.000 4.000
Speed in rpm

5.000

Fa = 0 
Fa/Fr = 0

Fa = 2 kN 
Fa/Fr = 0.1

Fa = 5 kN 
Fa/Fr = 0.25

Fa= 10 kN 
Fa/Fr = 0.5

Fa = 20 kN 
Fa/Fr = 1.0

6.000

Frictional torque in Nm Radial load 50 kN; oil flow rate 2 l/min
40

30

20

10

Fa = 0 
Fa/Fr = 0

Fa = 5 kN 
Fa/Fr = 0.1

Fa= 10 kN 
Fa/Fr = 0.2

Fa = 20 kN 
Fa/Fr = 0.4

1.000 2.000 3.000 4.000
Speed in rpm

5.000 6.000



Appendix 256

Frictional torque in Nm
40

Radial load 5 kN; oil flow rate 5 l/min
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Frictional torque in Nm
40

Radial load 20 kN; oil flow rate 5 l/min

30

20

10

1.000 2.000 3.000
Speed in rpm

4.000 5.000

Fa = 0 
Fa/Fr = 0

Fa = 2 kN 
Fa/Fr = 0.1

Fa = 5 kN 
Fa/Fr = 0.25

Fa = 10 kN 
Fa/Fr = 0.5

Fa = 20 kN 
Fa/Fr = 1.0

6.000

Frictional torque in Nm Radial load 50 kN; oil flow rate 5 l/min
40

30

20

10

Fa = 0 
Fa/Fr = 0

Fa = 5 kN 
Fa/Fr = 0.1

Fa = 10 kN 
Fa/Fr = 0.2

Fa = 20 kN 
Fa/Fr = 0.4

Fa = 30 kN 
Fa/Fr = 0.6

1.000 2.000 3.000 4.000 5.000 6.000

Speed in rpm
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Frictional torque in Nm
40

Radial load 5 kN; oil flow rate 8 l/min

30

20

10

1.000 2.000 3.000
Speed in rpm

4.000 5.000

Fa = 0 
Fa/Fr = 0

Fa = 1 kN 
Fa/Fr = 0.2

Fa = 2 kN 
Fa/Fr = 0.4

Fa = 5 kN 
fa/Fr= 1.0

6.000

Frictional torque in Nm Radial load 10 kN; oil flow rate 8 l/min
40

30

20

10

Fa = 0 
Fa/Fr = 0

Fa = 1 kN 
Fa/Fr = 0.1

Fa = 2 kN 
Fa/Fr = 0.2

Fa = 5 kN 
Fa/Fr = 0.5

Fa = 10 kN 
Fa/Fr = 1.0

1.000 2.000 3.000 4.000
Speed in rpm

5.000 6.000
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Frictional torque in Nm
40

Radial load 20 kN; oil flow rate 8 l/min

30

20

10

1.000 2.000 3.000 4.000
Speed in rpm

5.000

Fa = 0 
Fa/Fr = 0

Fa = 2 kN 
Fa/Fr = 0.1

Fa = 5 kN 
Fa/Fr = 0.25

Fa= 10 kN 
Fa/Fr = 0.5

Fa = 20 kN 
Fa/Fr = 1.0-e-

6.000

Frictional torque in Nm Radial load 50 kN; oil flow rate 8 l/min
40

30

20

10

Fa = 0 
Fa/Fr = 0

Fa = 5 kN 
Fa/Fr = 0.1

Fa= 10 kN 
Fa/Fr = 0.2

Fa = 20 kN 
Fa/Fr = 0.4

Fa = 30 kN 
Fa/Fr = 0.6

1.000 2.000 3.000 4.000
Speed in rpm

5.000 6.000
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Bearing ZSL 192316 C3
Frictional torque in Nm
40

30

20

Rotational speed 500 rpm; oil flow rate 2 l/min

Fr=5 kN 

Fr= 10 kN 

Fr -b kN

0,2 0,4 0,6
Load ratio Fa/Fr

0,8

Frictional torque in Nm

Frictional torque in Nm

Rotational speed 1000 rpm; oil flow rate 2 l/min

0,6 
Load ratio Fa/Fr

Rotational speed 2000 rpm; oil flow rate 2 l/min

0,6
Load ratio Fa/Fr



Appendix 261

Bearing ZSL 192316C3

Frictional torque in Nm

0,2

Rotational speed 3000 rpm; oil flow rate 2 l/min

0,4 0,6
Load ratio Fa/Fr

0,8

Frictional torque in Nm

0,2

Rotational speed 4000 rpm; oil flow rate 2 l/min
Fr=5kN 

Fr=10kN 

Fr = 20 kN 

Fr = 50 kN

0,4 0,6
Load ratio Fa/Fr

0,8
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Bearing ZSL 192316 C3
Frictional torque in Nm
40

10

0,2

Rotational speed 500 rpm;oil flow rate 5 l/min

0,4 0,6
Load ratio Fa/Fr

0,8

Frictional torque in Nm

0,2

Frictional torque in Nm
40

10

0,2

Rotational speed 1000 rpm; oil flow rate 5 l/min

0,4 0,6
Load ratio Fa/Fr

Rotational speed 2000 rpm; oil flow rate 5 l/min

0,4 0,6
Load ratio Fa/Fr

0,8
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Bearing ZSL 192316 C3

Frictional torque in Nm
40

0,2

Rotational speed 3000 rpm; oil flow rate 5 l/min

0,4 0,6
Load ratio Fa/Fr

0.8

Frictional torque in Nm
40

30

Rotational speed 4000 rpm; oil flow rate 5 l/min

10

0,2 0,4 0,6
Load ratio Fa/Fr

0,8

Frictional torque in Nm
40

30

20

Rotational speed 5000 rpm; oil flow rate 5 l/min

0,2 0,4 0.6
Load ratio Fa/Fr

0,8
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Bearing ZSL 192316 C3
Frictional torque in Nm
40

Frictional torque in Nm

0,2

Frictional torque in Nm

10

0,2

Rotational speed 500 rpm; oil flow rate 8 l/min

0,6
Load ratio Fa/Fr

0,8

Rotational speed 1000 rpm;oil flow rate 8 l/min

0,4 0,6
Load ratio Fa/Fr

Rotational speed 2000 rpm; oil flow rate 8 l/min

0,4 0,6
Load ratio Fa/Fr
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Bearing ZSL 192316 C3

Frictional torque in Mm
40

10

Rotational speed 3000 rpm; oil flow rate 8 l/min

0,4 0.6
Load ratio Fa/Fr

Frictional torque in Nm Rotational speed 4000 rpm; oil flow rate 8 l/min

0,6
Load ratio Fa/Fr

Frictional torque in Nm
40 i

Rotational speed 5000 rpm; oil flow rate 8 l/min

30

20

0,2 0,4 0,6
Load ratio Fa/Fr

0.8
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Bearing ZSL 192316 C3

Frictional torque in Nm
40

Rotational speed 500 rpm; oil flow rate 2 l/min

10 15
Axial load in kN

25

Frictional torque in Nm
40

Rotational speed 1000 rpm; oil flow rate 2 l/min

10 15
Axial load in kN

Frictional torque in Nm
40

30

Rotational speed 2000 rpm; oil flow rate 2 l/min

10 15
Axial load in kN
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Bearing ZSL 192316 C3

Frictional torque in Nm Rotational speed 3000 rpm; oil flow rate 2 l/min

10 15
Axial load in kN

25

Frictional torque in Nm Rotational speed 4000 rpm; oil flow rate 2 l/min

10 15
Axial load in kN

20 25
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Bearing ZSL 192316 C3

Frictional torque in Nm
40

Rotational speed 500 rpm; oil flow rate 5 l/min

10 15
Axial load in kN

20 25

Frictional torque in Nm
40

Rotational speed 1000 rpm; oil flow rate 5 l/min

Frictional torque in Nm
40

30

10 15
Axial load in kN

25

Rotational speed 2000 rpm; oil flow rate 5 l/min

10 15

Axial load in kN
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Bearing ZSL 192316 C3

Frictional torque in Nm
40

Frictional torque in Nm
40

Rotational speed 3000 rpm; oil flow rate 5 l/min

10 15
Axial load in kN

20 25

Rotational speed 4000 rpm; oil flow rate 5 l/min

30

Frictional torque in Nm
40 I—————————————————

10 15
Axial load in kN

25

Rotational speed 5000 rpm; oil flow rate 5 l/min

30

20

10 15
Axial load in kN
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Bearing ZSL 192316 C3
Frictional torque in Mm
40

Rotational speed 500 rpm; oil flow rate 8 l/min

10 15
Axial load in kN

20 25

Frictional torque in Nm

Frictional torque in Nm
40

10

Rotational speed 1000 rpm; oil flow rate 8 l/min

10 15
Axial load in kN

20

Rotational speed 2000 rpm; oil flow rate 8 l/min

10 15
Axial load in kN

20
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Bearing ZSL 192316 C3

Frictional torque in Nm
40

Frictional torque in Nm
40

Rotational speed 3000 rpm; oil flow rate 8 l/min

10 15
Axial load in kN

20 25

Rotational spleed 4000 rpm; oil flow rate 8 l/min

30

10

Frictional torque in Nm
40 I——————————————————

Fr = 5kN 

Fr= 10 kN 

Fr = &> kN 

Fr = 50kN

10 15 
Axial load in kN

20 25

Rotational speed 5000 rpm; oil flow rate 8 l/min

30

10 15
Axial load in kN
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ZSL 192316 C3 Fr=20 kN; oil flow rate=5 l/min

Frictional torque in Nm

0
1000 2000 3000 4000 5000 6000 

Speed in rpm

Temperature in °C 

120

110

100

60
0 1000 2000 3000 4000 

input-, output-, outer ring-, rib - temperature

5000 6000 
Speed in rpm
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ZSL 192316 C3 Fr=20 kN; Fa=5 kN; oil flow rate=5 l/min

Frictional torque in Nm
40-

35-

30-

25.

20-

15-

10J

1000 2000 3000 4000

Temperature in °C 

120

110

100

60
0 1000 2000 3QOO 4000 

input-, output-, outer ring-, rib - temperature

5000 6000 
Speed in rpm

5000 6000 
Speed in rpm
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ZSL 192316 C3 Fr=20 kN; Fa=10 kN; oil flow rate=5 l/min

Frictional torque in Nm
40-

35-

30-

25-

20-

1000 2000 3000 4000

jmperature in °C 

120

60
0 1000 2000 3000 4000 

input-, output-, outer ring-, rib - temperature

5000 6000 
Speed in rpm

5000 6000 
Speed in rpm
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ZSL 192316 C3 Fr=20 kN; Fa=20 kN; oil flow rate=5 l/min

Frictional torque in Nm

1000 2000 3000 4000

Temperature in °C 

120

110

100

0 1000 2000 3000 4000 

input-, output-, outer ring-, rib - temperature

5000 6000 
Speed in rpm

5000 6000 
Speed in rpm
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15.2 Procedure of calculations on the radial frictional torque

15.2.1 Flowchart illustration

Cylindrical roller 
bearing

Input bearing data 
D; d; dM ; C0 ; B

Input lubricant data

Input measured data 
MR ; Fr; n; vop

Calculation

Calculation of
kinematic
operating

viscosity ace. to
the operating
temperature

Radial frictional coefficient 
2-M

Radial operating index

'radOrari =10-4 -v op -n-^_
' r

J

Evaluation of the radial frictional coefficient against the radial operating index by 
use of the best mean error squared method resulting in the power function:

f =a-Orad

Determination of the bearing factor a and b

Determination of the bearing factor a, according to the constant exponent b = 0.7
, ^ 0.7f = a, • Orad

Bearing factor a1 is 
calculated for the 
exponent b = 0.7

©
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©

Bearing size 1: 
Bearing factor a1 is 
calculated for the 
exponent b = 0.7

Bearing size 2: 
Bearing factor a, is 
calculated for the 
exponent b = 0.7

Bearing size 3: 
Bearing factor ai is 
calculated for the 
exponent b = 0.7

Evaluation of the bearing factor ai against the mean bearing diameter dM 
by use of the best mean error squared method according to:

The radial frictional coefficient 
f = A.dMk .Orad07

The radial frictional torque
M

F,

Simplifications
+

CL • CL = CL + = d

After simplification the radial frictional torque becomes:

Flowchart illustration of evaluations on the radial load dependent frictional torque
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15.2.2 Determination of the bearing factors

Registration and preparation of data

Measurements:

\ := 1.. 16
Input'

lagerdat = PRNLESEN(lsl2322)

3d = Iagerdat2-10 

n GO | = Iagerdat8

D := lagerdat,,-10
O

GFett

,-3

C := Iagerdat6-10' C0 = lagerdat7-10J

f ;= lagerdat^ f OOI = 'agerdat13

Lubricating data for oil: ESSO SAE 85W - 90 

9 -i := 20 v 1 := 911.9

messdat := PRNLESEN( mw2322q5)

messw = messdat

n w_:-messw4. j _ 3 9 I = messw^.

Calculation of kinematic viscosity:

log (log (v -) -h 0.8)) - log (log (v 2 + 0.8
m :-

K, := m-

log(6 2 -H 273) - log(6 1 + 273

logfe, •+•

LSL192322 
Q=5l/min

B = Iagerdat4-10 

n B := lagerdat 1Q

,-3

f OFett

e 2 = 70

0.8

d m : = lagerdat • 10 

bez = Iagerdat 1

,-3

lagerdat 14

2 55.7

M

v | =10
i

10 0.8

100

10 10 100

= v

b1 := 0.7

temperature
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Bearing- and measurino data survey

Bearing data: bearing

shaft'0 d = no-io- 3

bearing outer ring-0 D = 240 -10 3

mean bearing 0 _i-7c..m- 3
Q v-n —— ' * *^ * 1 U

bearing 
width B=80-10" 3

basic dynamic load rating C = 790 -103

basic static load rating C n = 940-103

limiting speed - oil n QQJ = 5600

limiting speed - grease n Qpett = 5600

bearing factor f QQI = 3-7

[m]

[m]

[m]

[m]

[N]

IN]

[1/min]

[1/min]

[-]

f OFett

f = 0.0002

Lubricant data: reference viscosity at

e =20

v =911.9 [mm2/s]

9 2 = 70

v 2 = 55.7

[-C]

[mma/s]

bez = 192322
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[-] [rpm] C] [mnr/sj [kN]

Representation of measuring results: Frictional torque against speed

C := 1..4 

20

280

Measured values:

1
2
3
4
5
6
7
8
9
10
11
12
13
14
15
16

n w.

201
200
201
201
500
499
499
500
1990
2004
1999
2001
2999
2999
3000
2999

n \N.

n GOI

0.0
0.0
0.0
0.0
0.1
0.1
0.1
0.1
0.4
0.4
0.4
0.4
0.5
0.5
0.5
0.5

9 'i

70.4
70.6
71.0
71.3
71.7
71.2
72.0
71.9
76.6
82.6
82.8
84.5
78.0
90.7
91.9
95.4

i

55
54
53
53
52
53
52
52
43
35
35
33
41
27
26
23

F r -10 3
i

5.5
10.6
20.2
80.5
5.6
10.6
20.2
80.3
4.9
10.6
20.2
80.7
4.9
10.9
20.2
80.7

C

i

142
75
39
10
142
75
39
10
161
74
39
10
160
73
39
10

M r.

3.01
2.80
3.04
4.40
5.11
5.32
5.83
7.78
8.49
11.20
12.87
15.60
9.24
13.03
14.98
17.67

[Nm]

320 640 960 1280 1600 1920 

Speed [rpm]

2240 2560 2880 3200

-*• C/P=100
-*- C/P=50
-*- C/P=34
-+ C/P=20

bez = 192322
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Determination of the frictional coefficient accordina to the radial 
ope rating index

r* - 
radial operating index: G. •- 10"'

frictional coefficient:

frictional coefficient depending on the
radial operating index:
begin/end of evaluation at measuring point

log of G- and f-values

Pearson's correlation coefficient 

calculation according to f = a GL

adaption of the offset 
to the exponent b1

i i F

2-M
f. =

=1 z = 16

=lnG lnf

r := korr( ln_G, InJ) r = 0.991 0 < r < 1 

a = exp (achsenabschn (ln_G, InJ)) 

b = neigung( ln_G, ln_f)

a1 = exp(mittelwert(ln_f) - b1-mittelwert( ln_G))

coefficient of power function

variable for graphical representation

000 Measured values
— Power function with b
- - Power function with b1

a = 0.000108

a1 = 0.000121

x := 1,100.. 100000

b = 0.722 

b1 = 0.7

U.I

0.01

<D
3

§

0.001

1-10 4 ^
,;.

1

/
's'

; >d

^
^
3

^^

S4 i
D

————————

-^

———

nrf-
s1

———— °>^ =
s^

s*f

—— I— i

-
*?-'^^

sf
0

^

—— c
**

I

•fr-

10 100 V10° 1-10H 
G-value [-]

bez = 192322
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w.

1
2
3
4
5
6
7
8
9
10
11
12
13
14
15
16

201
200
201
201
500
499
499
500
1990
2004
1999
2001
2999
2999
3000
2999

w.

n GOI

0.0 
0.0
0.0
0.0
0.1
0.1
0.1
0.1
0.4
0.4
0.4
0.4
0.5
0.5
0.5
0.5

70.4
70.6
71.0
71.3
71.7
71.2
72.0
71.9
76.6
82.6
82.8
84.5
78.0
90.7
91.9
95.4

55
54
53
53
52
53
52
52
43
35

•41
27_
Je
23

•10

5.55
10.59

,-3

20.18
80.55
5.56
10.58
20.20
80.25
4.92
10.63
20.19
80.72
4.94
10.86
20.15
80.69

142
75
39
10

142
75
39
10

161
74
39
10

160
73
39
10

M

3.01
2.8

3.041
4.4

5.11
5.32
5.83
7.78
8.49
11.2
12.87
15.6
9.24
13.03
14.975
17.67

f.

0.0062
0.0030
0.0017
0.0006
0.0105
0.0057
0.0033
0.0011
0.0197
0.0120
0.0073
0.0022
0.0214
0.0137
0.0085
0.0025

G.

186
97
50
12

441
236
120
30
1646
620
324
77

2351
698
362
81

[-] [rpm] [ C] [mm2/s] [kIM] [Mm]

bez = 192322
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Determination of new factors for the methods according to Paimcjren 
according to catalogue

J1 := 1..4

283

.. _
OOI 1 = 0.0002

20

17.5

15

12.5

o 10
IS 

§" 7.5

5

2.5

0

„+<-

,*-

*•

^ -*-

, X- - —

1.333-104

nw=0,1*ng 
nw=0,2*ng 
nw=0,5*ng 
nw=ng

2.667-10 4'10H 

Load [N]
5.333-10

Field selection:

number of elements to be evaluated: 
number of elements to be neglected:

J2 := 1 ..4

I := 1

6.667-10 8-10H

20

17.5

12.5

10
15
| 7.5

it
5

2.5

1.6-10^

~ nw=0,1*ng
- nw=0,2*ng
~ nw=0,5*ng

• nw=ng

3.2-10^ 4.8-10 6.4-10^ 8-10

Load [N]

bez = 192322



Appendix 284

Determination of line of best fit

J3 := 1 .. nj2

v1_01_F r := F v1 02 F. := F. 
J3 J3 + 00-H rj3 rj3 + 0

v1_05 F r := F. 
4-H J3 J3^08 + l

v1_10_F r : = p.
J3 j3-t-12-H

v1_01_M := M 
I3

v1_02_M
J3 + 00-H 'j3

M
I3-H04-H

v1_05 M . := M _ rj3

v1_10_M . M
J3 J3-M2 + I

m1fr V1 _01 := neigung(v1_01_F r ,v1_01_M r

mO V1 _0 1 = achsenabschn(v1_01_F r , v1_01_M r

mlfr v1 _02 = neigungv1_02_F r> v1_02_M r

m° v1 _02 = achsenabschn (v1 _02_F r , v1 _02_M r

m1fr v1_05 = neigung(v1_05_F p v1_05_M r

m° v1 _05 = achsenabschn (v1 _05_F r , v1 _05_M r

ml fr v1 1 Q : = neigung (v1 _10_F r , v1 _10_M r 

mO v -| .) Q :- achsenabschn (v1 _10_F r , v1 _10_M r

nv1_01_n w =n w
J3

v1_10_n w = n
J3

vi_oi_e ,

v1_02_n w w

J3

J3

vi_02_e , =e,
J3 J3-H04 + I

vi_io_e e
j3 J3-I-12 + I

nw v1_01 :

9l v1_01 := mittelwert(^v1_01_e ,

nw v1_02 = mittelwert('v1_02_n 

ei w1 no := mittelwert('v1_02_e .

:= mittelwertv1_05_n

9l v1_05 = mittelwert(v1_05_e 

nw v1 10 = niittelwertCv1_10_n w 

91 wi m = mittelwertfv1_10_9

v1 _01 = 0.00002

mO v1 _01 = 2.57

mlfr v1 _Q2 = 0.00003 

mO v1 _02 = 5.04

mlfr v1 _05 = 0.00006

mO v1 _05 = 1 1 . 1 2

mlfr v1 _10 = 0.00006 

mO = 1 3.04

v1_05_n ... =n w
j3 J3-|-08-|-I

vi_05_e, -e,'
j3 'j3-h08-H

nw v1_01 = 201

6I v1 _01 = 71

nw = 4"

61 V1_02 = 72

ei V1_05 = 83

nw v1_10 = 2999

el V 1_10 = 93

bez = 192322
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X :- 1 ,100..60000 

20

17.5

8-10^

Load [N]

J4 = 1..4

gradients of lines of best fit

mean temperatures

offsets of lines of best fit
mOj4 : =

°v1 01

°v1_02

°v1_05

mOj4

2.57
5.04
11.12
13.04

mean viscosity 

Kl := m-(log(e i + 273) - Iog(eij4 H- 273

KIJ4
-10 J 0.8

54|

H] 
34
25l

mean speed

201
499
2001
2999

log (log (V 1 + 0.8

bez = 192322
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calculation of bearing factor f

mean value of calculated bearing factor fa

calculation of bearing factor f,

mean value of calculated bearing factor

according to catalogue

Onj.
mOj4 -10'

'J4

f nm = mittelwertff n~;Om Onj

= 11.6

1ru'J4

m1faj4-10 

d m -10:

f 1m := mittelwert(f 

f 1m = 0.0002

f OOI = 3 - 7 

f - = 0.0002

JJ4

9.8
10.7
12.4
13.6

Export of calculated factors

a1= 0.00012 d m = 175-10 

a1_dm = (a1 d m

PRNSCHREIBEN(a1_dmzw) = a1_dm

fO_f1 :- (f Om f 1m

f 1m = 0.0002

fOJ1 zw

PRNSCHREIBEN(fOJIzw) = fOJ1

bez = 192322
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Export of calculated operating index
n. :=i
exportl = n

exportl = erweitern(exportl ,G)

exportl = erweitern(exportl ,f)

PRNSCHREIBEN(g_fdat2) := exportl

f.

0.0062
0.0030
0.0017
0.0006
0.0105
0.0057
0.0033
0.0011
0.0197
0.0120
0.0073
0.0022
0.0214
0.0137
0.0085
0.0025

G.

186
97
50
12

441
236
120
30
1646
620
324
77

2351
698
362
81
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15.3 Procedure for evaluating the axial frictional torque

15.3.1 Fowchart illustration

Cylindrical roller 
bearing

Calculation

Input bearing data 
D; d; dM ; C0 ; K;k

Input lubricant data

Input measured data 
MR; Fr; Fa; n; vop

Calculation of
kinematic
operating

viscosity ace. to
the operating
temperature

Current radial frictional torque

Axial load dependent frictional torque
MR ,rad,curr

Axial frictional coefficient

fTa — "
a'M

Axial operating index 
Oa =k-(D2 -d2 )-n.v .dM '-i

L

Evaluation of the axial frictional coefficient against the radial operating index by 
use of the best mean error squared method resulting in the power function:

Determination of the bearing factor p 
and the bearing exponent r

Bearing factor pi is 
calculated for the 
exponent r = - 0.2
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CD CD
Bearing size 1: 
For the bearing 
exponent r = - 0.2 the 
bearing factor p 1

Bearing size 2: 
For the bearing 
exponent r = - 0.2 the 
bearing factor p1

Bearing size 3: 
For the bearing 
exponent r = - 0.2 the 
bearing factor p1

Evaluation of the bearing factor p, against the mean bearing diameter dM 
by use of the best mean error squared method according to:

Pi=Ka -dMh

The axial frictional coefficient

The axial frictional torque

M,a = K a - I -0.2 
•Fa -dM

After simplification the axial frictional torque becomes:
M R ,a =

Simplifications

:-d-° 2 = d
•F=F;

Flowchart illustrating the evaluation of the axial load dependent frictional torque
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15.3.2 Radial cylindrical roller bearing LSL 192322

Oil flow rate 5 l/min

temperature

°C

70,6

71,3

73,2

77,8

83,9
71,0

71,2
74,4

82,5
93,4

72,5

72,5

74,8

83,5

91,5
71,6

71,1

74,0

83,0

91,9

72,7

72,8

75,3

84,7

92,3
73,4

73,9

76,5

85,6

94,8

72,4

71,5

73,9

82,8

92,4

71,0

71,7

74,4

83,6

93,3

71,8

rpm

200,7
499,5

1000,7
2000,4

3000,2
204,2

503,4

1002,0
1999,8

3002,5

200,5

499,6

1002,1
2000,2

2999,8
201,0

500,6
1006,6

2000,0

2998,6

202,1

502,9

1000,8

2004,1

2998,3

208,9

500,9

1002,1

2001,2

3001,7

202,3

500,4
1001,1

2000,5

3002,7

199,8

504,3

1008,4

2001,1

2999,3

202,4

Radial 
load

kN

5,8

5,8

5,1
5,1

5,1
10,0
10,0

10,0
11,0

11,0
10,3

10,3

10,2
10,2

10,2
20,7

20,8
20,8

20,8

20,3

20,3

20,3

20,2

20,4

20,3

20,5

20,5

20,4
20,4

20,4

40,3

40,3

40,2

40,2

40,2

41,1

41,1

40,7

40,7

40,7

41,2

Axial 
load

kN

5,6

5,5
5,1

5,2

5,2
5,1

5,1

5,2

5,2

5,3
10,2

10,1
10,1

10,1

10,2

5,2

5,4
5,5

5,6

5,2
10,2

10,2
10,2

10,2

10,2

20,2

20,2

20,1

20,1

20,5
5,1

5,1
5,1

5,1

5,1

10,4

10,4

10,1

10,4

10,4

20,5

Frictional 
torque MR.™«.

Nm

4,0
6,0
8,1

9,9

11,1

3,7
5,9

8,6
12,2
14,1

5,6
7,2

9.7

12,9
15,1

4,2

6.9
9,9
13,1
15,4

6,3

8,0
10,8
13,7

16,0
13,1

11,9
13,5

15,7

17,7

3,2

6,5

10,0

14,3

17,0

6,2

8,7

11,8

14,6

17,2

^ 16,8

Operating 
viscosity

mnf/s

54,3
53,0
49,1
41,4

33,5

53,6
53,1
46,9
35,1

24,7

50,5

50,5
46,2
34,0

26,2
52,3

53,3
47,8
34,5

25,8
50,1

50,0
45,5
32,6

25,6

48,9
48,0
43,4

31,7
23,7

50,6
52,6

47,9

34,8

25,5

53.5

52,0

46,9

33,9
24,7

51,9

axial 
operating 
index O.

-

16,5

41,8

89,4
148,5

179,5

19,9
48,7

84,2
123,2

123,9
4,7

11,7

21,5
31,5

36,3
18,6

43,7
77,2
106,3

137,8
4,6
11,5

20,8

30,0

35,3
1,2

2,8
5,1

7,5

8,1
19,0

48,7

88,7

128,0
141,5
4,7

11,6
22,1

29,9

32,7

1,2

""R,rad,curr

Nm

1,7
3,2
4,8

6,9

7,9
2,1
3,8

5,7
7,8
8,1
2,0

3,7
5,7
7,4

8,2
2,5
4,8
7,2
9,3
10,0

2,4
4,6

6,9

8,9
10,0
2,4

4,4
6,7
8,7

9,4

3,0

5,8

8,8
11,4

12,2

3,1

5,8
8,7

11,2

12,0

3,1

MR,.=MR,m»as-

MR|rac) |CurT

Nm

2,30

2,73

3,28
2,98

3,18
1,60
2,09

2,84
4,44
5,97
3,64

3,45
3,97
5,42

6,89
1,75
2,15
2,65
3,79

5,36
3,92
3,43

3,89

4,84
6,01
10,66

7,43
6,81
6,94

8,26

0,25
0,76

1,18

2,85
4,76

3,11
2,86

3,05
3,40

5,20

13,76

f.=Mn.a /(Fa.dM)

-

0,00234

0,00284
0,00365
0,00330

0,00351
0,00179
0,00234
0,00314
0,00486

0,00638
0,00205
0,00194
0,00224
0,00305

0,00387
0,00192
0,00228
0,00277

0,00389

0,00591
0,00219

0,00192

0,00217
0,00271
0,00337

0,00301

0,00210
0,00193

0,00198
0,00231
0,00028

0,00086
0,00133

0,00320

0,00535
0,00171

0,00158
0,00172

0,00187

0,00285

0,00383



Appendix 291
Outer ring 

temperature

87,0

97,4
71,7

72,0

75,3

85,8

71,7

76,2

86,4

97,0

70,8

72,7
76,8

86,1

97,6

Speed

rpm
2000,6
2998,9
201,7

502,0

1002,1
2001,1

502,7
1000,1

1999,2
3001,2

201,7

501,2

1001,3

2003,2

3002,0

Radial 
load

kN
41,3

41,4
82,6

81,6
81,0

80,7
80,5

80,6

80,6

80,5

80,6

80,6

80,6

80,6

80,5

Axial 
load

kN
22,1

22,8
6,3
6,1

6,0
5,2

10,5

10,4

10,4

10,3

20,2

20,2

20,2

20,2

20,1

Frictional 
torque M R>mwa

Nm
18,2

20,4
6,7

10,0
13,3

16,5
10,4

13,4

16,7

18,9

16,5

15,5

17,1

19,6
21,0

Operating 
viscosity

mnr^/s
30,2
21,9
52,1
51,6
45,4

31,4
52,1
43,9

30,8
22,2

53,9

50,2
42,9

31,2
21,8

axial 
operating 
index O,

-
5,9

6,0
12,6

33,1

60,7
110,1

11,3

19,4

27,4

30,1
1,3

2,9

5,0
7,3
7,7

""R,n»d,cuiT

Nm
10,4

11,1

3,8

7,1
10,5

13,1
7,1
10,2

12,9
13,6

3,8

6,9
10,0
13,0
13,5

MR^=M RplnM,-
l"R,i»<l,corr

Nm
7,77

9,31
2,89

2,93

2,80

3,36
3,28

3,23
3,84
5,28

12,68
8,58
7,08

6,55
7,57

f.=MB,./(F..dM)

-

0,00201
0,00233

0,00262

0,00274
0,00267

0,00368
0,00179
0,00177

0,00212
0,00294

0,00358
0,00243

0,00200
0,00186
0,00215

LSL 192322

Oil flow rate VL = 5 l/min

Bearing factor p = 0.0098; bearing exponent r = - 0.205

ro 0 1 -——-•--

8 0.01 -
15 
§

"- 0.001-

0.0001
10 100 
Axial operating index Oa

1000
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15.4 Design of a radial cylindrical roller bearing 

15.4.1 Two stage cylindrical gear box

A two stage cylindrical gear box is used in order to illustrate the bearing design within a gear 
box, see figure 15-1.

Fig. 15-1: Two stage cylindrical gear box

For a given gear box design the life time calculations are carried out for the different bearings at 
the different shafts by use of the calculation program "BEARINX". The arrangement of the shaft 

can be observed in figure 15-2.
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Fig. 15-2: Shaft assembly of two stage cylindrical gear box

The calculations are illustrated for the intermediate shaft in order to compare the predicted 

results with measured data.
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15.4.2 Calculations according to bearing life time

Gear unit calculation according to BEARINX

INPUT

Gear box data

Operating conditions: Two stage cylindrical gear box
Required rating life and S0:

Designation

Gear set

U 
[h]
0.1

Sos

1.0

Operation portions:

Designation

Loadcase 01

Q

[%]

100.00

EG

without own weight

IcFlag

Calculate

Gear sets (general data)

Designation

Gear stage 1

Gear stage 2

I

[mm]

282.0

155.0

epsX
[°]

0.0

0.0

EpsY

n
0.0

0.0

EpsZ
[°]

0.0

0.0

Vz

outer gearing

outer gearing

a

[mm]

225.0

320.0

I

1.600

4.000

alpha_n
[°]

18.56

17.49

beta
[°]

-9.91

9.85

Input check in case of nominal tooth data:

Designation

Gear stage 01
Gear stage 02

Zi

40

32

Z2

64

128

m

[mm]

4.300

4.000

alphaO
[°]

20.00

20.00

betaO

n
-10.00

10.00

intermediate shaft system
Support data (intermediate shaft system): 

Bearings:

Designation

LSL 192322 

LS1 192320

X

[mm]

37.0 

370.0

IcAx

axial negative supported 

axial free

IcRa

radial fixed 

radial fixed

IcRo

rotation fixed 
rotation fixed
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Bearing data:
Radial cylindrical roller bearings (cage guided design):

Designation

LSL 192322

LSL 192320

i

1

1

F

[mm]

135.500

119.303

Z

13

13

s

[mm]

0.0405

0.0368

SB

[mm]

0.0405

0.0368

PsiO
[°]

0.000

0.000

dR

[mm]

38.000

34.000

IR

[mm]

58.000

55.000

leff

[mm]

55.600

52.600

lifetime

L_10
L_10

Results

Two stage cylindrical gear box - stage 1
Driving side:

Designation

Loadcase 01

Fxi

[N]

-9692.0

Fyi

[N]

-18904.9

FZ1 

[N]

-55466.7

M* 

[Nm]

4800.0

My1 

[Nm]

0.0

MZ1 

[Nm]

838.7

D! 

[rpm]

1500.0

Driven side:

Designation

Loadcase 01

Fx2

[N]

9692.0

Fy2 

[N]

18904.9

Fz2

[N]

55466.7

Mrf 

[Nm]

-7680.0

My2

[Nm]

0.0

IvU 

[Nm]

1342.0

N2 

[rpm]

-937.5

Two stage cylindrical gear box - stage 2
Driving side:

Designation

Loadcase 01

Fxi

[N]
-20837.8

Fyi 

[N]

-38385.1

Fzi 

[N]

120000.0

MX! 

[Nm]

-7680.0

My1 

[Nm]

0.0

MZ1 

[Nm]

1333.6

N! 

[rpm]

937.5

Driven side:

Designation

Loadcase 01

Fx2

[N]

20837.8

Fy2 

[N]

38385.1

Fza 

[N]

-120000.0

Mx2

[Nm]

30720.0

My2

[Nm]

0.0

M^

[Nm]

5334.5

N2 

[rpm]

234.4
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Shaft system results

Results of intermediate shaft system 
Results of loadcase 01: 
Support results:
Support loads:

Designation

LSL 192322

LSL 192320

Fx

[N]

-11145.8

0.0

Fy

[N]

-27966.6

8486.4

Fz

[N]

92176.1

83290.6

Mx

[Nm]

0.0

0.0

My

[Nm]

-314.1

300.5

Mz

[Nm]

-61.4

13.3

Support displacement:

Designation

LSL 192322 

LSL 192320

A5x 
[mm]

-0.0013

A6y

[mm]

-0.0209 

0.0069

A5Z 

[mm]

0.0692 

0.0654

Acpy

[mrad]
-0.5356 

0.5837

A<PZ 

[mrad]

-0.0265 

0.1277

Behaviour of the bearings:

Designation

LSL 192322

LSL 192320

C

[N]

790000

670000

Co

[N]

940000

800000

U

[h]

17038

15156

L

[106 rotat]

958.42

852.58

SD

7.843

7.572

kF

1.046

1.057

S0

8.337

7.931

kop

1.171

1.205

n

[rpm]

937.5

937.5

According to the life time calculations the intermediate shaft is equipped with LSL bearings, so 
that according to the frictional torque calculation and the thermal balance calculation the LSL 
192322 bearing is selected in order to compare measured data with predicted results.

Selected bearing from the life time calculation —» LSL 192322 C3 - ZSL 192322 C3

The calculations are presented in the following flowchart in order to illustrate the method of 
frictional torque prediction taking into account the heat balance and the heat flow in a bearing 
and consequently the required oil flow rate through a radial cylindrical roller bearing as well as 

the oil level is predicted.

Based on the flowchart a program has been developed in order to carry out these calculations 
automatically. The calculation procedure and the obtained results are presented on page 55ff.
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15.4.3 Flowchart illustration of bearing design
Selection of

bearing according
to life time
calculation

Bearing 
LSL 192322

Lubrication method

Grease I I Oil

Temperature equation
-0'20 ' 2 - C3 Oapp + C4 = 0«W = C1 »app° +C2

Yes

Radial fhctional torque
MR,rad = Krad ' <W(»op " C0 }> 7 Fr° 3
Axial factional torque

Arib dM Vo

Total frictional torque

n — - Fa 
Fa

Required oil flow rate

28.6

No

Yes

Oil level within the bearing

No

Approximated temperature 
and oil flow rate

app. L .app

Equation for calculation of the constants
C,= 0.105 K rad dM n 1 -7 C007 Fr03 (A'j° 7

: no no •< A/ . \-0.2

C3 =kq As +28.6 VL

Heat balance

t
Heat dissipated by oil flc

*—

)W

*

< —————«

re nCO = ———
30

Heat flow
Q-QS+QL
Qs =kq As (60R-*a)

Heat dissipated by oil flow
QL =28.6 VL (dout -<y
Temperature differences of oil

No

Yes

Listing of results I

Fig. 15-3: Flowchart illustrating the method of radial cylindrical roller bearing design
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15.4.4 Bearing data

The frictional torque calculations are carried out for the bearings shown in the table below 
based on the following bearing data and conditions:

Bearing:
Basic load ratings 
Dynamic: 
Static: 
Reference speed:

LSL 192322

C = 790000 N 

C0= 940000 N 

nRef= 2900 rpm

ZSL 192322

C = 790000 N 

C0= 940000 N 

nRef= 2700 rpm

Bearing dimensions:

Bore diameter: 
Outer diameter: 
Mean bearing diameter 
Bearing width:

Gear box conditions:

Equivalent radial load: 
Equivalent axial load: 
Rotational speed: 
Outer ring temperature: 
Gear box oil:

d =0.110m 

D = 0.240m 

dM =0.5*(D 

B = 0.080 m

Fr = 49730 N 

Fa = 10050N 

n = 937.5 rpm 

i3-OR = 80 °C 

ISO VG 220

= 0.175m

Bearing data:

Bearing seating surface 

Axial contacting surface factor

Axial contacting surface

LSL type 

ZSL type 

LSL type 

ZSL type

As =ir»B»( 

k =6.0* 106 

k =6.0«106

= 0.088 m2

Arib = k • ( D2 - d2 ) = 2.730 • 105 m 2 

Arib = k • ( D2 - d2 ) = 2.730 • 106 m2

Bearing factors according to the FTP - method: LSL 192322

Bearing type factor for radial torque LSL tvPe
ZSL type

Krad =1.74.1Q-7 

Krad =2.06«10'7
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Bearing size exponent for radial torque
Radial operating index exponent

Bearing type factor for axial torque

Bearing size exponent for axial torque
Axial operating index exponent
Bearing factor dependent on the axial flooding surface

Oil flow rate exponent

Bearing factors according to the extended Palmgren

Bearing factor

Bearing factor

Bearing factor

LSL type
ZSL type

LSL type
ZSL type

method:

LSL type
ZSL type
LSL type
ZSL type
LSL type
ZSL type

q
b

Ka

Ka

j
r

m

m

5

fo

to

fl
fl
f2
f2

= 1.5

= 0.7

= 0.122

= 0.145

= 2.4

= -0.2

= 0.107

= 0.053

= 0.38

= 3.7

= 3.8

= 0.0002

= 0.00025

= 0.0025

= 0.0025

15.4.5 Calculations according to the Palmgren method - LSL 192322

Frictional torque dependent on the speed and the viscosity:

0 =f0 -10-7 -(v op -n)%-dM 3 =3.7-10-7 .(30-938)%-175 3 -10-M,

M0 = 1.833 Nm

Frictional torque dependent on the radial load:

(15-1)

= 0.0002 -49730 -175 -10-

M, = 1 .74 Nm

(15-2)
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Frictional torque dependent on the axial load:

M2 = f2 - Fa • dM = 0.0025 -10050 • 175 • 1Q-3 (15-3) 

M2 = 4.40 Nm

The total frictional torque according to the Palmgren method becomes:

MR = M0 + M 1 + M2 = 1.833 +1.74 + 4.40 (15-4) 

MR =8.0 Nm

The bearing frictional power N R which has to be dissipated is expressed as:

N R = Q = MR -o> = MR • —•n = 8.0-Nm-98.227-- (15-5)
30 s

N R = Q = 785.8 W

and the total heat flow is accounted to:

Q = Q S +QL (15-6) 

Qs =kq -A s -AdA -0.24-103 --^--0.088-m2 -30-K (15-7)

Qs = 633.3 W 

From equation (6) the heat dissipated by the oil flow becomes:

Q L = Q - Qs = 785.8 • W - 633.3 • W (1 5-8) 

QL = 152.5 W

The required oil flow rate is now calculated as follows:

w QL __j5gjL (15-9) 
L 28.6 -A#L 28.6-20

VL = 0.27 l/min



Appendix 301

15.4.6 Calculations according to the FTP - Method - LSL 192322

Radial frictional torque

0.3

= 1.74 • 10~7 • 0.175 15 • (30 • 938 • 940000)° 7 • 49730 0.3

MR,rad =6.45 Nm

Axial frictional torque

(15-10)

MR,a =Ka -dM j .
-0.2

(15-11)

= 0.122-0.17524 -

MRa =11.14 Nm

Total frictional torque

2.73-10 5 -0.175-30-938- 1
10050'

-0.2

•10050

MR =MR>rad+ MR ,a =6.45 

MR =17.59 Nm

(15-12)

The bearing frictional power N R which has to be dissipated is expressed as:

30
- 
s

(15-13)

N R =Q = 1727.8 W

and the total heat flow is accounted to:

Q=QS +QL
w •0.088-m2 -30-K

(15-14) 

(15-15)

= 633.3 W
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From equation (15-14) the heat dissipated by the oil flow becomes:

QL =Q-QS = 1727.8-W-633.3-W 

QL = 1094.8 W

(15-16)

The required oil flow rate is now calculated as follows:

V Q L 1094.8 
L 28.6-A^L 28.6-20

VL = 1.90 l/min

(15-17)

The oil level within a radial cylindrical roller bearing becomes:

0.5 
OP _ 1.90-30 0.5

m-dM 8 0.107-(o.175-10-3 )° ;.38 (15-18)

h = 13.6 mm

15.4.7 Comparison of the results

The calculation results obtained from the different prediction methods can be observed in the 
table below, and furthermore these prediction results can be compared with real measured 
data.

MR (Nm)

Q(W)

QL (W)

VL (l/min)
h(mm)

LSL 192322

FTP- 

method
17.59

1727.8

1094.5

1.9

13.6

Palmgren - 
method

8.00

785.8

152.5

0.27

-

Measured 
data
18.05

1773.0

1139.7

2.0

14.4

ZSL 192322

FTP- 

method
20.88

2051.0

1417.7

2.5

36.3

Palmgren - 
method

8.46

831.0

197.7

0.35

-

Measured 
data
21.5

2111.9

1478.6

2.6

37.7
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The prediction of the frictional torque shows significant differences between the Palmgren 
method and the FTP - Method derived in this project. Based on the gear box conditions, such 
as temperatures, loads and the required oil flow rate the measured results can be compared 
with predictions as shown in the table.

The comparison between the predictions according to the FTP - method and the measured 
results illustrates very good agreement, so that the bearings can be designed considerably 
more accurately. Furthermore the required oil flow rate and the oil level can be predicted.
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15.4.8 Calculation program

Bearing: LSL 192322

Bearing data: 
basic static load rating: c 0 
inner ring bore diameter: d = 
outside diameter of outerring:D =
hoarinn \A/iHth- n -

of bearing design

= 940000 in [N] 
0.110 in [m] 
0.240 in [m]
C\ C\QCi tin ["rv\l

6 a :=50 °C

e in =60 °C

e app =9° °C

e out =90 °C

mean bearing 
diameter:
A rjb := (D2 -d2)-6-106 

A s = K-B-(D + d)

m

=>

=>

=> d m = 0.175 [m] k q = 0.25-103 W/K*ITIA

v L_app = 5 -° l/min

A „ = 0.088

A 1 = 4.21-10' 

Z := -2.61

,6

Conditions: K rad := 1.74-10

radial load:
axial load:
operating speenl:= 938

F r = soooo N
F a := 10000 N

mm -1

r = 0.2

m = 0.107 q := 1.50

j := 2.4 K a = 0.122

5 = 0.38 k := 6-10°

Oil: ISO VG 220

Constant^: c, = O.IOS-K rad -d mq-n 1 - 7-c 0°-7-F r°-3-A

=> C - =2.552-10°

i -Constant C2 : C 2 = o.ios-K a-d m'-A rib

-> C 2 = 71 .864

OP -n -F 14 -02

Constant C3 : c 3 = k q -A s + 28.6- v L_app

=> C 3 = 164.991
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Constant C4 : c 4 = k • A s -e a + 28.6-v L -e -t._app " in

=> C 4 = 9.68-103

0.7-z 0.2-z

° 7 ' z> e^wurzei^.e^p ' + c 2-e app— - c3.9 app + c 4 ,e app

9 op = 69.346

operating viscosity op = A r e opz

v op = 65.95

bearing frictional torque M R_rad •.= K rad -d mq- (v op . n -c 0)°'7-F r°'3 
caused by the radial load:

M R = 11.22

1 Vbearing frictional torque M R_a = K a-d mj - A rib-d m -v op.n- - -F a 
caused by the axial load: \ F a /

M R_a = 9.452

bearing frictional torque: M R = M R_rad -+- M R_a

M R = 20.672
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total heat flow: Q = M R' n'™
30

Q = 2.031 -103 [W]

heat dissipation by the lubricant:

Q L =Q-k q-A s -(e op -e a

3

i required oil flow: v L

= 1.605-103 [W]

Q L

V = 6.005

Voil level: •= L' v °P
m-

h perm = 64 - 026 [mml
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15.4.9 Calculation of the axial contacting surface

Description: The programm calculates the axial loading surface and further 
more the nominal pressure at the ribs of a cylindrical roller 
bearing under axial load

Remark: The entered values are taken from the example (SL 192315) 
from data service program G092

INPUT:

chamfer at 
outer ring r

undercut
\

chamfer at 
inner ring

outer ring rib

corner radius

inner ring rib

undercut

rolling element diameter: D w := 26-mm

corner radius: r := 0.5-mm



Appendix 308

number of rolling elements: Z : = 14

mean bearing diameter: dm := 117.22- mm

axial load: F a := 11000-N

height of inner ring rib: bh = 5. 19- mm

undercut inner ring: fh = 1 -mm

chamfer at inner ring rib: a |p •- 0.3- mm

height of outer ring rib: bh AR := 5.19-mm

undercut outer ring: fh = 1 -mm

chamfer at outer ring rib: = 0.3- mm

CALCULATION:

determination of raceway dimensions: F := dm D w

E := F+ D w

effective rib height: b wlR = bh IR- a IR

wAR bh AR a AR
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radii IR and AR:

R : =

R =

F
2 +

F
2 +

E

E

46.

50.

53.

57.

fh IR

b wlR

b wAR

fh AR

61

5

72

61

•mm

D w
Affdntivp raHinc nf rnllinn olomont- r - rw

distances of centres:
dm

calculation of intersection height: i = 0..3

rolling element:

rib: H, ••- -2

h =

24.605

21 .382

18.519

14.824

•mm H =

0.105

0.772

1.129

1.324

•mm
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functions for the segments:

rolling element:

inner ring:

A r := 71 - a

outer ring:

A r := acos rk

rib:

A _ oo/"\Cp - ClL/Uo

A

j

LCOS

= 0..1

( hi- r w^

\ r w /

2 1 / u' r w ^2'(W)• 2-r w-sin acos |
/hj- r w

\ r w

k = 2. .3

( r w- hk)~

[ (F

r =

r w

[ 1-1 V ! i - H i)

R i J
'(

r

'F
\

489.224

447.039 

389.875

303.21 1

w2 - 2 '( r w- hk)'

3 \2 1 /p 1, \^) " 2'V Ri" H 0

2<r w

2-Rj-

rt

•mm A p =

sin

sin

acos
r,

acos

0.435

9.066 

16.526

21 .739

R

•V- hK '

r w ,)

~T
R I I,I

•mm2
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15.5 Main catalogue data of the investigated radial cylindrical bearings 

15.5.1 Radial cylindrical roller bearing, series LSL 1923 - brass disc cage

Designation

LSL 19231 6

LSL 192322

LSL 192324

LSL 192326

LSL 192332

Dimensions

d 
mm
80

110

120

130

160

D 
mm
170

240

260

280

340

B 
mm
58

80

86

93

114

dM 
mm
125

175

190

205

250

Basic load ratings

C 
kN
455

800

950

1070

1600

Co 
kN

520

910

1150

1300

2020

Reference 
speed
nB 
rpm

4000

2900

2600

2400

1900

15.5.2 Radial cylindrical roller bearing, series NJ 23 - brass window cage

Designation

NJ 2308

NUP212

NJ2316

NJ 2332

Dimensions

d 
mm

40

60

80

160

D 
mm

90

110

170

340

B 
mm

33

22

58

114

dM 
mm

65

85

125

250

Basic load ratings

C
kN

112

93.5

358

1320

Co 

kN

120

102

440

1860

Reference 
speed

nB
rpm

7500

6300

3800

1800
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15.5.3 Radial cylindrical roller bearing, series ZSL 1923 - plastic spacers

Designation

ZSL 192308

ZSL 19231 6

ZSL 192322

ZSL 192324

Dimensions

d 
mm

40

80

110

120

D 
mm

90

170

240

260

B 
mm
33

58

80

86

dM 
mm
65

125

175

190

Basic load ratings

C 
kN

143

455

800

950

C0 

kN

144

520

910

1150

Reference 
speed

nB 
rpm

8000

3900

2700

2400

15.5.4 Radial cylindrical roller bearing, series SL 1923 - full complement

Designation

SL 192308

SL 19231 6

SL 192332

Dimensions

D 
mm

40

80

160

D 

mm

90

170

340

B 
mm

33

58

114

du 
mm

65

125

250

Basic load ratings

C 
kN

152

480

1700

C0 

kN

156

560

2200

Reference 
speed

nB 
rpm

3600

1900

960
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15.6 Calibration of measurement equipment 

Calibration of the load sensor

313

Name:

Reference: 

Model: Z4

Test Sample: 

Model: C2

Actual value: 

Zero point:

W. Schobel

Nominal value: 9. 81000 kN 

Manufacturer: HBM/ZR-126

Manufacturer:

9.82689 kN 

-0.00024 kN

HBM/ ZR-024

Specified value 

Lin. error:

Date: 21.07.1999

Series No.:H36114

Series No.:D30059

9.81000 kN 

0.05% Hyst.error: 0.06%

Comments:

Force sensor ZR-024 is calibrated with a load sensivity of 2.0mV/V. 
load is ± 0.2 % of the specified value.

Step Step
%

0 0,(
10 0,5
20 1,5
30 2,5
40 3,5
50 4,5
60 5, 1
70 6,(
80 7,J
90 8,J

100 9,«

cal. (incr.)

30000 0,0000;
38100 0,98345
36200 1 ,96371
34300 2,9441-
32400 3,9248,
30500 4,9058(
38600 5,8870.
36700 6,8685(
34800 7,8503!
32900 8,8325
31000 9,81 00(

cal. (incr.) c

2 0,00002
3 0,98519
2 1,96710
* 2,94921
5 3,93161
D 4,91425
5 5,89719
3 6,88038
3 7,86390
1 8,84772
D 9,82689

0,03 -

Lin. fl1 
Error /
[%] ^

01 -

-O.03 -

/"— -— ̂

y

•\
\.

V_^_^

^~-~- ———— _

~— — —— ———

;al. (deer.) cal. (d

-0,00024 -0,C
0,97753 0,8
1 ,95795 1 ,£
2,93849 2,£
3,91 922 3,£
4,90022 4,£
5,88146 5,£
6,86293 6,8
7,84471 7,£
8,82675 8,£
9,81000 9,£

The deviation of the actual value of the

ecr.) lin. (incr.)
% error

)0024 0,00
(7922 0,03
16132 0,02
I4355 0,01
I2597 0,01
I0866 0,01
19158 0,01
(7474 0,02
15822 0,02
14195 0,04
J2689 0,00

lin (deer.) (15
% error %

0,00
-0,04
-0,04
-0,05
-0,05
-0,05
-0,05
-0,04
-0,03
-0,02
0,00

/St.
error
0,00
0,06
0,06
0,06
0,06
0,06
0,06
0,06
0,06
0,06
0,00

= =-. ————— r— ———

— ——— "

^---•*~~'

^^^"

^^\
\

————— A

/
/

-*^

^

' ——————— ̂  — 4.00 6.00 a.oo

Test sample [kN]

Signature:
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Calibration of the Transducer

fe'"
IFfr
K: '

i
i.
V,

Calibration Results
INA WALZLAGER SCHAEFFLER oHG

UUT: HBMML55
MeOverstarker
Serial No: NA
Asset No. CC-058

Notes:

Result PASS
Performed on: 28.06.99 at 09:55:00
Performed by: Michael Franzius
Environment: Temp. 22,4°C Humid. 35 %

Condition F/L: FOUND-LEFT
Procedure Completed

Standards Used |
Asset Mfg Model Description Cal. Date Due Date

AO-405 Hewlett Packard HP3458A Multimeter 15-Dez-96 15-Oez-99

T»stData I
-— STD TRUE - —— ---- UNIT UNDER TEST ------- ERROR in NOTIFY 
TEST# PARAMETER VALUE READING TOLERANCE UUT ERROR (% of Tol) TUR USER

'-•
,v-
*i

1
xr

1Si
fcI1
p!
|>

K ,
S;
1::
$'•S"
1
p-
Rl
?
t>t" •pi"
l' :

(
'".:

'••'.

'

f;

,

Test Positiv
Analog Output 5.0 VDC Briickenspeisespannung
Empfindlichkeit 2.0000mV/V
Einstellung 0 Prozent vom Kalibrierwert

1 O.OOOV 0.001 lOmV
Einstellung 10 Prozent vom Kalibrierwert

2 1.000V 1.000 lOmV
Einstellung 20 Prozent vom Kalibrierwert

3 2.000V 2.001 lOmV
Einstellung 30 Prozent vom Kalibrierwert

4 3.000V 3.000 9.99mV
Einstellung 40 Prozent vom Kalibrierwert

5 4.000V 4.000 lOmV
Einstellung 50 Prozent vom Kalibrierwert

$ 5.000V 5.000 lOniV
Einstellung 60 Prozent vom Kalibrierwert

7 6.000V 6.000 10.02mV
Einstellung 70 Prozent vom Kalibrierwert

9 7.000V 7.000 lO.OlmV
Einstellung 80 Prozent vom Kalibrierwert

«» 8 . 000V 7 . 999 lOmV
\^j Einstellung 90 Prozent vom Kalibrierwert 

10 9.000V 8.999 9.99»V
Einstellung 100 Prozent vom Kalibrierwert

11 10.000V 9.999 lOmV
Test Necjativ
Analog Output 5.0 VDC Bruckenspei sespannung
Empfindlichkeit 2.0000mV/V
Einstellung 0 Prozent vom Kalibrierwert 

12 O.OOOV °- 001 10mV
Einstellung 10 Prozent vom Kalibrierwert 

13 -1.000V -0.999 lOmV
Einstellung 20 Prozent vom Kalibrierwert 

1* -2.000V -1.999 lOmV
Einstellung 30 Prozent vom Kalibrierwert 

15 -3.000V -2.999 9.99mV
Einstellung 40 Prozent vom Kalibrierwert 

W -4.000V -3.999 lOmV
Einstellung 50 Prozent vom Kalibrierwert 

17 -5.000V -4.998 lOmV
Einstellung 60 Prozent vom Kalibrierwert

-532 ,8607078uV 5

-266.973UV 3

-815.573UV 8

-205.516UV 2

-61.761UV 1

36.026UV 0

178.858uV 2

374.127uV 4

672.29uV 7

940.046UV 9

1.254021mV 13

-512.3371613UV 5

-1.0059757mV 10

-533.137uV 5

-1.351534mV 14

-1.354186mV 14

-1.54306mV 15

Pans 1 nf 1MET/CAL RunTime Report Calibration Results 
HBM ML55 Asset No. CC-058 Serial No: NA 

Calibrated on: 28.06.99 at 09:55:00
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STD TRUE W*****: ———— —— UNIT UNDER TEST ————— ERROR in NOT! 
TEST8 PARAMETER_____VALUE________READING____TOLERANCE UUT ERROR (% of Tol) TUR US)
18 -6.000V -5.998 10.02tnV -1.770187mV 18 

Einstellung 70 Prozent vom Kalibrierwert
19 -7.000V -6.998 10.OlmV -2.116914mV 21 

Einstallung 80 Prozent vom Kalibriarwert
20 -8.000V -7.998 lOmV -2.419653mV 24 

i Einstellung 90 Prozent vom Kalibrierwert
ji ?t -9.000V -8.997 9.99mV -2.820783mV 28 
• Einstellung 100 Prozent vom Kalibrierwert 
22 -10.000V -9.997 IQmV -3.307837mV __ 33

End of Test Data

MET/CAL RunTime Report: Calibration Results 
HBM MLSS Asset No. CC-058 Serial No: NA 
Calibrated on: 28 06 99 at 09:55:00
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Calibration of Data Translation Card

Calibration Results
INA WALZLAGER SCHAEFFLER oHG

UUT: Data Translation DT3001/16SE
MeOkarte
Serial No: 00477537
Asset No. RK-125

Notes: :

(Standards Used
Asset Mtg

AM-513 Ftuke

Test Data
^ STD TRUE 
TEST* PARAMETER VALUE

DC Voltage Test Kanal 00
1 0 . OOOV
2 i.ooov

: 3 2.000V
4 3.000V
5 4.000V
6 5.000V

"•/T. 6.000V
ft 7.000V

••-•i|» 8.000V
10 9.000V

"11 10. OOOV
,12 -10. OOOV

J,3 -9.000V
W -8.000V
1$ -7.000V
|iS : -6.000V
17 -5.000V

Mtl -4 . OOOV'•:•'& . : -3.000V
>0 -2.000V

<*A* -I.OOOV
•.T; DC Voltage Test Kanal 01^aa o . ooov
:.23 i.ooov

, 3J4 2.000V
i5 3.000V
3$ 4.000V

:"JJ7 5.000V 
':,£•• 6.000V
|| 7.000V
30 8.000V

>-31 9.000V
i'^tt 10. OOOV
f-il -10. ooov
^44 -9.000V 
•\i(S' -8.000V 
fli -7.000V 

37 -6.000V : -..,,^.^if :.: '. ••..!<;>/•':<. ' • i 
38 -5.000V 
39 -4.000V

Model

5500 A-SC

READING

0.000
1.001
2.002
2.998
3.999
5.000
6.001
7.002
7.998
8.999
9.995

-10.000
-8.999
-7.998
-7.002
-6.001
-5.000
-3.999
-3.003
-2.002
-1.001

0.000
1.001
2.002 
2.998
3.999
5.000 
6.001
6.997
7.998
8.999
9.995

-10.000 
-8.999 
-7.998 
-7.002 
-6.001 
-5.000 
-3.999

Result:
Performed on:
Performed by:
Environment:

Condition F/L:
'.y'; Procedure Completed:

Description

Multi-Product-Calibrator

TTWTT TTMTM^T) rPTTG rP TTI

TOLERANCE UUT ERROR (%

lOmV OV
10.0098mV 976.563uV
10.0098mV 1.953125mV
9.9835mV -1.953125mV
9.99756mV -976.562uV
lOmV ov
10.0216mV 976.563UV
10.0128mV 1.953125mV
9.99756mV -1.953125mV
9.98892mV -976.562uV
9.99512mV -4.882812mV
lOraV OV
9.98892mV 976.562uV
9.99756mV 1.953125mV
10.0128mV -1.953125mV
10.0216mV -976.563uV
lOmV OV
9.99756mV 976.562uV
9.99976mV -2.929688mV
10.0098mV -1.953125mV
10.0098mV -976.563UV

lOmV OV
10.0098niV 976.563uV
10.0098mV 1.953125mV 
9.9835mV -1.953125mV
9.99756mV -976.562uV
lOmV OV 
10.0216mV 976.563uV
10.0058mV -2.929687mV
9.99756mV -1.953125mV
9.98892mV -976.562uV
9.99512mV -4.882812mV
lOmV OV 
9.98892mV 976 . 562uV 
9.99756mV 1.953125mV 
10.0128mV -1.953125mV 
10.0216mV -976.563UV 
lOmV OV 
9.99756mV 976.562uV

PASS
16.06.99 at 15:59:00
MichMl Franziui
Temp. 22,4"C Humid 35%
FOUND-LEFT

Cal. Date Due Date

1-Feb-99 1-Feb-OO

IROR in NOTIFY 
of Tol) TUR USER

0
10
20
20
10

0
10
20
20
10
49

0
10
20
20
10

0
10
29
20
10

0
10
20 
20
10
0 

10
29
20
10
49

0 
10 
20 
20 
10 

0 
10

1

1

MET/CAL RunTIm* Report Calibration Result*
Data Translation DT3001/16SE Asset Mo. RK-125 Serial r-

Calibrated on: 16.08.99 at 15:59:00
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TEST*

E?3>jHj(

i , •' '**

43
y*4-

45
46

••• O
48
49
50
51
52
53
54
55
56
57
58
59
60
61
62
63

M
,,
oo
67
68
69
70
71
72
73
74
75
7*
77
78
79
80
81
82
Bi
84

*5;.••;«
Xii

89
90

•7V 91
;•• »

i'': 'ftl*SS'
': ••'^^
"Hii(ji '
1,5' «ai.

s35tt.
'fejEfltt
.:iSta
ISafj|S>''
%BH
iiv :

106

•-» j.i/ j. r\urj
PARAMETER VALUE

~3 . 00 OV
-2.000V
-1.000V

DC Voltage Test Kanal
0.000V
1.000V
2 . 000V
3.000V
4.000V
5.000V
6 . 000V
7.000V
8 . 000V
9.000V
10.000V

-10.000V
-9.000V
-8.000V
-7.000V
-6.000V
-5.000V
-4.000V
-3.000V
-2.000V
-1.000V

DC Voltage Test Kanal
0.000V
1.000V
2.000V
3.000V
4 . 000V
5.000V
6 . 000V
7 . 000V
8 . 000V
9.000V
10.000V

-10.000V
-9.000V
-8.000V
-7.000V
-6.000V
-5.000V
-4.000V
-3.000V
-2.000V
-1.000V

DC Voltage Test Kanal
0.000V
1 . 000V
2 . 000V
3.000V
4.000V
5.000V
6.000V
7 . 000V
8 . 000V
9 . 000V
10.000V

-10.000V
-9.000V
-8.000V
-7.000V
-6.000V
-5.000V
-4 . 000V
-3.000V
-2.000V
-1.000V

DC Voltage Test Kanal 
0.000V

- —— —— --- UIMIT UHLIEK TJSBT —— ----- KKKUK in NOT.

READING TOLERANCE UUT ERROR (% of Tol) TUR US]
-3 . 003
-2.002
-1.001

02
0.000
1.001
2.002
2.998
3.999
5.000
6.001
6.997
7.998
8.999
9.995

-10.000
-8.999
-7.998
-6.997
-6.001
-5.000
-3.999
-3.003
-2.002
-1.001

03
0.000
1.001
2.002
2.998
3.999
5.000
6.001
6.997
7.998
8.999
9.995

-10.000
-8.999
-7-998
-6.997
-6.001
-5-000
-3.999
-3.003
-2.002
-1.001

04
0.000
1.001
2.002
2.998
3.999
5.000
6.001
6.997
7.998
8.999
9.995

-10.000
-8.999
-7.998
-6.997
-6.001
-5.000
-3.999
-3.003
-2.002
-1.001

05 
0.000

9.99976raV
10.0098mV
10.0098mV

lOmV
10.0098mV
10 . 0098mV
9.9835mV
9.99756mV
lOmV
10.0216mV
10.0058mV
9.99756mV
9.98892mV
9.99512mV
lOmV
9.98892mV
9.99756mV
10.0058mV
10.0216mV
lOmV
9.99756mV
9.99976mV
10.0098mV
10.0098mV

lOmV
10.0098mV
10.0098mV
9.9835mV
9.99756mV
lOmV
10.0216mV
10.0058mV
9.99756mV
9.98892mV
9.99512mV
lOmV
9.98892mV
9.99756mV
10.0058mV
10.0216mV
lOmV
9.99756mV
9.99976mV
10.0098mV
10.0098mV

lOmV
10.0098mV
10.0098mV
9.9835mV
9.99756mV
lOmV
10.0216mV
10.0058mV
9.99756mV
9.98892mV
9.99512mV
lOmV
9.98892mV
9.99756mV
10.0058mV
10.0216mv
lOmV
9.99756mV
9.99976mV
10.0098mV
10.0098mV

lOmV

-2.929688mV
-1.95312 SmV
-976.563uV

OV
976.563UV
1.95312 SmV
-1.953125mV
-976.562UV
OV
976.563UV
-2.929687mV
-1.953125mV
-976.562uV
-4.882812mV
OV
976.562UV
1.95312 SmV
2.929687n>V
-976.563uV
OV
976.562UV
-2.929688mV
-1.953125mV
-976.563uV

OV
976.563UV
1.95312 SmV
-1.953125mV
-976.562uV
OV
976.563UV
-2.929687mV
-1.953125mV
-976.562UV
-4.882812mV
OV
976.562UV
1.95312 SmV
2.929687mV
-976.563uV
OV
976.562UV
-2.929688mV
-1.953125mV
-976.563UV

OV
976.563UV
1.95312 SmV
-1.953125mV
-976.562uV
OV
976. 563uV
-2.929687mV
-1.95312 SmV
-976.562UV
-4.882812mV
OV
976.562uV
1.95312 SmV
2.929687mV
-976.563UV
OV
976.562UV
-2.929688mV
-1.953125mV
-976.563UV

OV

MET/CAL RunTime Report: Calibration Results

29
20
10

0
10
20
20
10

0
10
29
20
10
49

0
10
20
29
10

0
10
29
20
10

0
10
20
20
10
0

10
29
20
10
49

0
10
20
29
10

0
10
29
20
10

0
10
20
20
10

0
10
29
20
10
49

0
10
20
29
10

0
10
29
20
10

0
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Appendix 318

TEST#
107
108
109
110
111
112

ii*
115
116
117
118
119
120
121
122
123
124
125
126

127
128
129
130
131
132
; •

J5J4
135
136
137
138
139
140
141
142
143
144
145
146
147

148
149
150
151
152
153
154»*S

157
158
159
160
161
162
163
164
165
166
167

'' ' '

i
172
173
174

oiu J.KUE, 
PARAMETER VALUE

1 . 00 0V
2 . 000V
3 . 000V
4.000V
5 . 000V
6.000V
7 . 000V
8.000V
9.000V
10.000V
-10.000V
-9.000V
-8.000V
-7.000V
-6.000V
-5.000V
-4.000V
-3.000V
-2.000V
-1.000V

DC Voltage Test Kanal
0.000V
1.000V
2.000V
3 . 000V
4.000V
5.000V
6.000V
7.000V
8.000V
9.000V
10.000V

-10.000V
-9.000V
-8.000V
-7.000V
-6.000V
-5.000V
-4.000V
-3.000V
-2.000V
-1.000V

DC Voltage Test Kanal
0.000V
1.000V
2.000V
3.000V
4 . 000V
5.000V
6.000V
7 . 000V
8 . 000V
9.000V
10.000V

-10.000V
-9.000V
-8.000V
-7.000V
-6.000V
-5.000V
-4.000V
-3.000V
-2.000V
-1.000V

DC Voltage Test Kanal
0 . 000V 
1 . 000V 
2 . 000V 
3 . 000V 
4 . 000V
5.000V

—— ———— unj.j. UI\UE.K XE.SI ----- — EKKUK in NOT- 
READING TOLERANCE OUT ERROR (% of Tol) TUR US)

1.001
2.002
2.998
3.999
5.000
6.001
6.997
7.998
8.999
9.995

-10.000
-8.999
-7 . 998
-6.997
-6.001
-5.000
-3.999
-3.003
-2 . 002
-1.001

06
0.000
1.001
2.002
2.998
3.999
5.000
6.001
6.997
7.998
8.999
9.995

-10.000
-8.999
-7.998
-6.997
-6.001
-5.000
-3.999
-2.998
-2 . 002
-1.001

07
0.000
1.001
2.002
2.998
3.999
5.000
6.001
6.997
7.998
8.999
9.995

-10.000
-8.999
-7.998
-6.997
-6.001
-5.000
-3.999
-2.998
-2.002
-1.001

08
0.000 
1.001 
2.002 
2.998 
3.999
5.000

10.0098mV
10 . 0098mV
9.9835mV
9.99756mV
lOreV
10.0216mV
10.0058mV
9.99756mV
9.98892mV
9.99512mV
lOmV
9.98892mV
9.99756mV
10.0058mV
10.0216mV
lOmV
9.99756mV
9.99976mV
10.0098mV
10.0098mV

lOmV
10.0098mV
10.0098raV
9.9835mV
9.99756mV
lOmV
10.0216mV
10.0058mV
9.99756mV
9.98892mV
9.99512mV
lOmV
9.98892mV
9.99756mV
10.0058mV
10.0216mV
lOmV
9.99756mV
9.9835mV
10.0098mV
10.0098mV

lOmV
10 . 0098mV
10.0098mV
9.9835mV
9.99756mV
lOmV
10.0216mV
10 . OOSSraV
9.99756roV
9.98892mV
9.99512mV
lOmV
9.98892mV
9.99756mV
10 . OOSSniV
10.0216mV
lOmV
9.99756roV
9.9835mV
10.0098mV
10.0098mV

lOmV 
10 . 0098piV 
10 . 0098wV 
9.9835mV 
9.99756piV
lOmV

976.563uV
1.953125mV
-1.953125mV
-976.562uV
0V
976.563uV
-2.929687mV
-1.953125mV
-976.562UV
-4.B82812mV
0V
976.562UV
1.953125mV
2.929687mV
-976.563uV
0V
976.562uV
-2 . 929688mV
-1.953125mV
-976.563uV

0V
976.563uV
1.953125mV
-1.953125mV
-976.562UV
0V
976.563UV
-2.929687mV
-1.953125mV
-976.562UV
-4.882812mV
0V
976.562UV
1. 95312 5mV
2.929687mV
-976.563UV
0V
976.562UV
1.953125mV
-1.953125mV
-976.563uV

0V
976.563uV
1.95312SmV
-1.953125mV
-976.562uV
0V
976.563uV
-2.929687mV
-1.953125mV
-976.562uV
-4.882812mV
0V
976.562uV
1. 95312 5mV
2.929687mV
-976.563UV
0V
976.562UV
1.953125mV
-1. 95312 5mV
-976.563uV

0V 
976.563uV 
1.953125mV 
-1.953 12 5mV 
-976.562uV
0V

10
20
20
10
0

10
29
20
10
49
0

10
20
29
10
0

10
29
20
10

0
10
20
20
10
0

10
29
20
10
49
0

10
20
29
10
0
10
20
20
10

0
10
20
20
10
0

10
29
20
10
49
0

10
20
29
10
0

10
20
20
10

0
10 
20 
20
10
0

MET/CAL RunTime Report CalHxaton Results
Data Translatkxi DT3001/16SE Asset No. RK-125 Serial t
Catibratod on: 16.08.99 at 15:59:00



Appendix 319

TEST*

*SPw
'••:3ff1

;*7?

180;iftL
183
184
185
186
187
188
189

190
191
192
193
194
195
196
197
198
199
200
. .
2rrf
203
204
205
206
207
208
209
210

211'2X2
213
Z14
215
216
217
218
219

Ml
222
t^jl
25s
226
227
228
239

'•fca.
1 232:

f
..>.^»*

•

"• 236.• .l»«Pflf

;'a»

^I
242

STD TRUE 
PARAMETER VALUE

o . 000V
7 . 000V
8 . 000V
9 . 000V
10.000V

-10.000V
-9.000V
-8.000V
-7.000V
-6.000V
-5.000V
-4.000V
-3.000V
-2 . 000V
-1.000V

DC Voltage Test Kanal
0 . 000V
1.000V
2 . 000V
3.000V
4.000V
5.000V
6.000V
7 . 000V
8 . 000V
9 . 000V
10.000V

-10.000V
-9.000V
-8.000V
-7.000V
-6.000V
-5.000V
-4.000V
-3.000V
-2.000V
-1 . 000V

DC Voltage Test Kanal
0 . 000V
1.000V
2.000V
3 . 000V
4.000V
5.000V
6 . 000V
7 . 000V
8.000V
9.000V
10.000V

-10.000V
-9.000V
-8.000V
-7.000V
-6.000V
-5.000V
-4.000V
-3.000V
-2.000V
-1.000V

DC Voltage Test Kanal
0.000V
1.000V
2.000V
3 . 000V
4 . 000V
5 . 000V
6.000V 
7 . 000V
8 . 000V 
9 . 000V 
10.000V

READING TOLERANCE UUT ERROI
6 .001
6.997
7.998
8.999
9.995

-10.000
-8.999
-7.998
-6.997
-6.001
-5.000
-3.999
-3.003
-2.002
-1.001

09
0.000
1.001
2.002
2.998
3.999
5.000
6.001
6.997
7.998
8.999
9.995

-10.000
-8.999
-7.998
-6.997
-6.001
-5.000
-3.999
-2.998
-2.002
-1.001

10
0.000
1.001
2.002
2.998
3.999
5.000
6.001
6.997
7.998
8.999
9.995

-10.000
-8.999
-7.998
-6.997
-6.001
-5.000
-3.999
-2.998
-2.002
-1.001

11
0.000
1.001
2.002
2.998
3.999
5.000
€.001 
6.997
7.998 
8.999 
9.995

10.0216mV
10.0058mV
9.99756mV
9.98892mV
9.99512mV
lOmV
9.98892mV
9.99756mV
10.0058mV
10 . 0216mV
lOmV
9.99756mV
9.99976mV
10.0098mV
10.0098mV

lOmV
10.0098mV
10.0098mV
9.9835BIV
9.99756mV
lOmV
10.0216mv
10.0058mV
9.99756mV
9.98892mV
9 . 99512mV
lOmV
9.98892mV
9.99756mV
10.0058mV
10.0216mV
lOmV
9.99756mV
9.9835mV
10.0098mV
10 . 0098mV

lOmV
10.0098mV
10.0098mV
9.9835mV
9.99756mV
lOmV
10 . 0216mV
10.0058mV
9.99756mV
9.98892nV
9.99512mV
lOmV
9.98892mV
9.99756mV
10.0058mV
10.0216mV
lOmV
9,99756mV
9.9835mV
10 . 0098roV
10.0098mV

lOmV
10 . 0098mV
10.0098mV
9.9835mV
9.99756mV
lOmV
10.0216mV 
10.0058mV
9.99756mV 
9.98892mV 
9.99512mV

976.563uV
-2.929687mV
-1.95312 SmV
-976.562UV
-4.882812mV
0V
976.562uV
1.953125mV
2.929687mV
-976.563UV
0V
976.562UV
-2.929688mV
-1.95312 SmV
-976.563UV

0V
976.563UV
1.953125mV
-1.953125mV
-976.562uV
0V
976.563uV
-2.929687mV
-1.9 53 12 SmV
-976.562UV
-4.882812mV
0V
976.562UV
1.95312 SmV
2.929687mV
-976.563UV
0V
976.562UV
1. 95312 5mV
-1.95312 SmV
-976.563uV

0V
976.563UV
1. 95312 5mV
-1.953125mV
-976.562uV
0V
976.563UV
-2.929687mV
-1.953125mV
-976.562uV
-4.882812mV
0V
976.562uV
1.953125mV
2.929687mV
-976.5S3uV
0V
976.562UV
1.953125mV
-1.95312 SmV
-976.563uV

0V
976.563uV
1.953125mV
-1. 95312 5raV
-976.562UV
0V
976.563UV 
-2.929687mV
-1.953125mV 
-976.562uV 
-4.882812mV

ERROR in NOT:
* (% of Tol) TUR US!

10
29
20
10
49

0
10
20
29
10

0
10
29
20
10

0
10
20
20
10

0
10
29
20
10
49

0
10
20
29
10

0
10
20
20
10

0
10
20
20
10

0
10
29
20
10
49

0
10
20
29
10

0
10
20
20
10

0
10
20
20
10

0
10 
29
20 
10 
49

vnc. \ /vnt. nun i m^ i v^rv* ». —-™-—• ——— • • — -----
Data TranslatkJn DT3001/16SE Asset No. RK-125 Serial ^ 
Caibratedon 16.08.99 at 16:59:00



Appendix 320

TEST#

.244
?ttp'•W&
.JW7
248

. .'-± i.a.3t9

251
252

253
254
255
256
257
258
259
260
261
262
263
264
265
266
267
268
• >
2"f€
271
272
273

274
275
276
277
278
279
280
281
282
283
284
285
286
287

289
390
t'jl
zlo
294

295
29«; i2S7.

''209
^'308
vjj3r'
3M '

W6 
307;$B«
309
310

kAPYM

STD TRUE 
PARAMETER VALUE

-9.000V
-8.000V
-7 . 000V
-6.000V
-5.000V
-4.000V
-3.000V 
-2 . 000V
-1.000V

DC Voltage Test Kanal
0.000V
1 . 000V
2 . 000V
3 . 000V
4.000V
5.000V
6 . 000V
7 . 000V
8.000V
9.000V
10.000V

-10.000V
-9.000V
-8.000V
-7.000V
-6.000V
-5.000V
-4.000V
-3.000V
-2.000V
-1.000V

DC Voltage Test Kanal
0.000V
1 . 000V
2 . 000V
3.000V
4.000V
5.000V
6 . 000V
7 . 000V
8 . 000V
9 . 000V
10.000V

-10.000V
-9.000V
-8.000V
-7.000V
-6.000V
-5.000V
-4 . 000V
-3.000V
-2 . 000V
-1.000V

DC Voltage Test Kanal
0.000V
1 . 000V
2.000V
3.000V
4.000V
5.000V
6 . 000V
7 . 000V
8.000V
9 . 000V
10.000V

-10.000V 
-9.000V 
-8.000V 
-7.000V 
-6.000V

•*AI o. ..YIM.& Djuuv*. r*Blihrttli/\n Qajlljlfa

!^?>*&Wtf&*——-—--—- UIMJ.I UIMUE.H. j.r.ir -------

-10.000
-8.999
-7.998
-6.997
-6.001
-5.000
-3.999
-3.003 
-2.002
-1.001

12
0.000
1.001
2.002
2.998
3.999
5.000
6.001
6.997
7.998
8.999
9.995

-10.000
-8.999
-7.998
-6.997
-6.001
-5.000
-3.999
-3.003
-2 . 002
-1.001

13
0.000
1.001
2.002
2.998
3.999
5.000
6.001
6.997
7.998
8.999
9.995

-10.000
-8.999
-7.998
-7.002
-6.001
-5.000
-3.999
-3.003
-2.002
-1.001

14
0.000
1.001
2.002
2.998
3.999
5.000
6.001
6.997
7.998
8.999
9.995

-10.000 
-8.999 
-7.998 
-7.002 
-6.001

lOmV
9.98892mV
9.99756mV
10.0058mV
10 . 0216mV
lOmV
9.99756mV
9.99976mV 
10 . 0098mV
10 . 0098mV

lOmV
10.0098mV
10.0098mV
9.9835mV
9.99756mV
lOmV
10.0216mV
10.0058mV
9.99756mV
9.98892mV
9.99512mV
lOmV
9.98892mV
9.99756mV
10.0058mV
10.0216mV
lOmV
9.99756mV
9.99976mV
10.0098mV
10.0098mV

lOntV
10.0098mV
10.0098mV
9.9835mV
9.99756mV
lOmV
10.0216mV
10.0058mV
9.99756mV
9.98892mV
9.99512mV
lOmV
9.98892mV
9.99756mV
10.0128mV
10.0216mV
lOmV
9.99756mV
9.99976mV
10.0098mV
10.0098mV

lOmV
10.0098mV
10.0098mV
9.9835mV
9.99756mV
lOmV
10.0216mV
10.0058mV
9.99756mV
9.98892nvV
9.99512mV
lOmV 
9.98892mV 
9.99756mV 
10.0128mV 
10.0216mV

0V
976.562UV
1.953125mV
2.929687mV
-976.563uV
0V
976.562UV
-2.929688mV 
-1.953125mV
-976.563UV

0V
976.563UV
1.953125mV
-1.953125mV
-976.562UV
0V
976.563UV
-2.929687mV
-1.953125raV
-976.562uV
-4.882812mV
0V
976.562uV
1.953125mV
2.929687mV
-976.563UV
0V
976.562uV
-2.929688mV
-1.953125mV
-976.563uV

0V
976.563UV
1.953125mV
-1.953125mV
-976.562uV
0V
976.563UV
-2.929687mV
-1.953125mV
-976.562UV
-4.882812mV
0V
976.562UV
1.953125mV
-1.953125mV
-976.563uV
0V
976.562uV
-2.929688mV
-1. 95312 5mV
-976.563UV

0V
976.563UV
1.953125mV
-1. 95312 SmV
-976.562uV
0V
976.563uV
-2.929687mV
-1.953125mV
-976.562uV
-4.882812mV
0V 
976.562UV 
1.953125mV 
-1.953125mV 
-976.563UV

ERROR in NOT:

0
10
20
29
10

0
10
29 
20
10

0
10
20
20
10

0
10
29
20
10
49

0
10
20
29
10

0
10
29
20
10

0
10
20
20
10

0
10
29
20
10
49

0
10
20
20
10

0
10
29
20
10

0
10
20
20
10

0
10
29
20
10
49

0 
10 
20 
20 
10

PageS of 6
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Appendix 321

TEST*

311
312
313
314
315

316
317
318
319
320
321
322
323
324
325
326
327
328
329
330
331
332
333
334
335
336

STD TRUE ' *^-:»» 
PARAMETER VALUE

— 5 .
-4.
-3.
-2.
-1.

0.
1.
2.
3.
4.
5.
6.
7.
8.
9.
10

-10
-9.
-8.
-7.
-6.
-5.
-4.
-3.
-2.
-1.

OOOV
ooov
ooov
ooov
ooov
DC Voltage Test Kanal
OOOV
OOOV
OOOV
OOOV
OOOV
ooov
ooov
ooov
ooov
ooov
.ooov
.ooov
ooov
ooov
ooov
ooov
ooov
ooov
ooov
ooov
ooov

-5.
-3.
-3.
-2.
-1.

15
0.
1.
2.
2.
3.
5.
6.
6.
7.
8.
9

-10
-8.
-7.
-7.
-6.
-5.
-3.
-3.
-2.
-1.

TTMTm TTVTT^T-------- uwo.4. urjur.r\ m-ai ------- 
READING TOLERANCE UUT ERROf
000
999
003
002
001

000
001
002
998
999
000
001
997
998
999
.995
.000
999
998
002
001
000
999
003
002
001

lOmV
9.99756mV
9.99976mV
10.0098mV
10.0098mV

lOmV
10.0098mV
10.0098mV
9.9835mV
9.99756mV
lOmV
10.0216mV
10.0058mV
9.99756mV
9.98892mV
9.99512mV
lOmV
9.98892mV
9.99756mV
10.0128mV
10.0216mV
lOmV
9.99756mV
9.99976mV
10.0098mV
10.0098mV

OV
976.562uV
-2.929688mV
-1.953125mV
-976.563UV

OV
976.563UV
1.953125mV
-1. 95312 5mV
-976.562uV
OV
976.563UV
-2.929687mV
-1.953125mV
-976.562UV
-4.882812mV
OV
976.562UV
1.953125mV
-1.953125mV
-976.563uV
OV
976.562uV
-2.929688mV
-1.953125mV
-976.563uV

ERROR in NOT! 
* (% of Tol) TUR US!

0
10
29
20
10

0
10
20
20
10
0

10
29
20
10
49
0

10
20
20
10
0

10
29
20
10

End of Test Data

MET/CAL RuiTitw Raport Calfcfabon R««**
Dam TranttoSon DT3001/16SE Ass«t No. RK-12S Swial ^
Ctffentodon: 16.06.99 at 15.59:00




